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ABSTRACT

COMPARATIVE STUDY OF SHELL-AND-TUBE HEAT EXCHANGERS
VERSUS GASKETED-PLATE HEAT EXCHANGERS

BINICIOGULLARI, Dilek
M.Sc., Department of Mechanical Engineering
Supervisor: Prof. Dr. Ediz Paykog
Co-Supervisor: Prof. Dr. Sadik Kakag

December 2001, 215 pages

In this thesis, firstly various types of heat exchangers are briefly described.
More detailed information is given about the design features of shell-and-tube and
gasketed-plate heat exchangers since the main objective of this thesis is the
comparative study of these two types of heat exchangers. Furthermore, basic
design methods are summarized. Then thermal and hydraulic design fundamentals
of shell-and-tube heat exchangers are described. Because of the complex flow
pattern on the shell-side due to the leakages and bypasses, the calculation of the
heat transfer coefficient and pressure drop involves complex analytical
expressions and graphics which resulted in the Bell-Delaware method. There are
two methods for thermal design of shell-and-tube heat exchangers, namely, Kern
method and Bell-Delaware method. First, thermal design fundamentals for Kern
method are given for the prediction of the heat transfer coefficient and the
pressure drop analysis on the shell-side. Then as a result of extensive literature
survey, all the necessary correlations and expressions are given and step by step
explanations are provided how to calculate heat transfer coefficient for an ideal
tube bank and the correction factors which take care of leakages and bypass

effects on the heat transfer coefficient on the shell-side. The calculation of the

it



pressure drop also involves various considerations such as the pressure drop
between baffles, through the window and the correction factors for the pressure

drop in an ideal tube bank.

The continuous search for greater economy and efficiency has led to the
development of many different types of heat exchangers, other than the popular
shell-and-tube heat exchangers. Some of these have been highly successful in a
particular field of application. One of the most successful is the gasketed-plate
heat echanger. Thermal and hydraulic analysis of this type of heat exchanger with
Chevron plates, important heat transfer and friction factor correlations are given in

terms of the geometrical characteristics and flow regimes.

Sample calculations are given for a set of specification of a process for
water/water heat exchangers to show how to make thermal and hydraulic analysis

of these two types of heat exchangers.

As a result of the sample calculations, these two types are compared with
respect to overall heat transfer coefficients, fouling factors, film coefficients,
pressure drops, pumping power requirements, overall size, space floor required

and investment costs. Conclusions are drawn from this analysis.
Keywords: Shell-and-Tube Heat Exchangers, Gasketed-Plate Heat Exchangers,

Kern Method, Bell-Delaware Method, Thermal Analysis, Hydraulic Analysis,

Heat Transfer Coefficient, Pressure Drop
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GOV]?E—BORU TIPI ISI DEGISTIRGECLERI ILE LEVHA TIPI ISI
DEGISTIRGECLERININ KARSILASTIRMALI INCELENMES]

BINICIOGULLARLI, Dilek
Yiiksek Lisans, Makina Miihendisligi Boliimii
Tez Yoneticisi: Prof. Dr. Ediz Paykog
Ortak Tez Yoneticisi: Prof. Dr. Sadik Kakag

Aralik 2001, 215 sayfa

Bu tezde, ilk olarak gesitli 151 degistirgecleri tipleri kisaca anlatiimaktadir.
Daha detayli bilgi g6vde-boru tipi 1s1 degistirgecleri ve levha tipi 1s1
degistirgegleri tasarim 6zellikleri hakkinda verilmektedir, ¢linkti bu tezin asil
amaci bu iki tip 1s1 de@istirge¢lerinin karsilagtirmali incelenmesidir. Bunun
yaninda, temel tasarim metotlar1 dzetlenmektedir. Daha sonra gévde-boru tipi 1s1
degistirgeglerinin 1s1l ve hidrolik tasarim temelleri anlatilmaktadir. Govde
tarafinda sizintilar ve yan gegitlerden dolay1 olusan karmasik akimlar sebebiyle 1s1
transferi katsayisi1 ve basing diisimii hesaplar1 Bell-Delaware metodu ile
sonug¢lanan karmasik analitik ifadeler ve grafikler igermektedir. Gévde-boru tipi
1s1 degistirgeglerinin 1sil tasarimi igin Kern metodu ve Bell-Delaware metodu
olmak tizere iki metot mevcuttur. Once gévde tarafindaki 1s1 transferi katsayisi ve
basing diistimii analizinin tahmini i¢in Kern metodunun 1sil ve hidrolik tasarim
temelleri verilmektedir. Daha sonra, kapsamli literatiir taramasi sonucunda, tiim
gerekli esiliskiler ve ifadeler veriimekte ve ideal boru demeti i¢in 1s1 transferi
katsayisi ile sizintilarin ve yan gegitlerin gévde tarafindaki is1 transferi katsayisi

tizerindeki etkilerini dikkate alan diizeltme faktorlerinin hesaplanmasi i¢in adim



adim agiklamalar ve hesaplar yapilmaktadir. Basing diiglimii hesaplar1 da ayiricilar
arasindaki, pencereler igindeki basing diigiimleri ve ideal bir boru demetindeki

basing diistimii i¢in diizeltme faktorleri gibi gesitli hususlari igermektedir.

Daha iyi bir ekonomi ve verim i¢in yapilan siirekli arastirmalar, gozde
gbvde-boru tipi 1s1 degistirgeglerinden bagka ¢ok cesitli 1s1 degistirgegleri
tiplerinin gelismesine Onciiliikk etti. Bunlarin bazilari belirli uygulama alanlarinda
bagarih oldular. En baganli olanlardan biri de gasketli levha tipi 1s1
degistirgecleridir. Gasketli levhalardan olusan bu 1s1 degistirgeci tipinin 1s1l ve
hidrolik analizi, 6nemli 1s1 transferi ve siirtiinme katsayis1 esiliskileri, geometrik

ozellikler ve akig rejimine bagli olarak verilmektedir.

Ozellikleri verilmis olan bir islem igin (su/su) 1s1l ve hidrolik analizin bu
iki tip 1s1 degistirgecleri i¢in nasil yapilacagini gosteren 6rnek hesaplamalar

verilmektedir.

Hesaplar sonucunda, bu iki tip, toplam 1s1 transferi katsayilarina, kirlilik
faktorlerine, 1s1 transferi katsayilarina, basing diistimlerine, pompalama giicii
gereksinimlerine, toplam boylarina, isgal ettikleri alan gereksinimlerine ve yatirim
maliyetlerine gore karsilagtirlmakta olup, bu analizden o6nemli sonuglar

¢ikarilmaktadir.
Anahtar Kelimeler: Gévde-Boru Tipi Is1 Degistirgegleri, Gasketli Levha Tipi Ist

Degistirgecleri, Kern Metodu, Bell-Delaware Metodu, Isil Analiz, Hidrolik

Analiz, Is1 Transferi Katsayisi, Basing Diigiimii
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CHAPTER 1

INTRODUCTION

Heat exchangers are the most commonly used equipments to transfer heat
between two or more fluids at different temperatures. In many engineering
applications it is desirable to increase the temperature of one fluid while cooling

another. This double action is economically accomplished by a heat exchanger.

Many types of heat exchangers are employed in such varied installations
as steam power plants, chemical-processing plants, building heating, air
conditioning, refrigeration systems, and mobile power plants for automotive,
marine, and aerospace vehicles. Among their uses are the cooling of one
petroleum fraction while warming another, the cooling of air or other gases with
water between stages of compression, and the preheating of combustion air
supplied to a boiler furnace using hot flue gas as the heating medium. Other uses
include the transfer of heat between primary and secondary cycles from nuclear
fuel to water in atomic power plants, the reclaiming of heat energy from the
exhaust of a gas turbine by transferring heat to the compressed air on its way to
the combustion chambers and the cooling of electronic components. The devices
are given different names when they serve a special purpose. Boilers, evaporators,

superheaters, condensers, and coolers may all be considered heat exchangers.

1.1 HEAT EXCHANGER TYPES

Heat exchangers may be classified according to the following main



criteria: [1, 38]

e Flow arrangements: parallel flows (or cocurrent flows), counter flows (or
countercurrent flows), and cross flows

e Recuperators and regenerators

e Geometry of construction: tubular heat exchangers, plate heat exchangers, and
extended surface heat exchangers

e Transfer processes: direct contact and indirect contact

e Heat transfer mechanisms: single phase and two phase
1.1.1 Flow Arrangements

Depending upon the type of flow, heat exchangers are divided into three
categories:
e parallel flow heat exchangers, also called cocurrent flow heat
exchangers
e counter flow heat exchangers, also called countercurrent heat
exchangers

e cross flow heat exchangers

In parallel flow heat exchangers, both fluids are flowing in the same

direction, as shown in Figure 1.1. [5]

Fluid 1

0
Fluid 2

e

| — —
ILI_I

Figure 1.1  Parallel flow heat exchanger

If length of the heat exchanger is plotted on the x-axis and temperature on
the y-axis, then for a parallel flow heat exchanger, the temperature profiles will be

as follows:
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Figure 1.2 Temperature distributions in a parallel flow heat exchanger [10]

If the flow of one of the fluids in the heat exchanger is reversed, then it

becomes a counter flow heat exchanger, as shown in Figure 1.3. [5]

f
Fluid 2 '_, = ~— |

e —— 3

Fluid 1

Figure 1.3 Counter flow heat exchanger

The temperature profiles will be as follows:
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Figure 1.4  Temperature distributions in a counter flow heat exchanger [10]

In single pass cross flow heat exchangers, one fluid flows through the heat
transfer matrix at right angles to the flow path of the other fluid. In multipass

cross flow units one fluid stream shuttles back and forth across the flow path of



the other fluid stream, usually giving a cross flow approximation to counter flow.

(a) ()

Figure 1.5 (a) Cross flow, both fluids unmixed; (b) Cross flow, fluid 1 mixed,
fluid 2 unmixed [5]

The most important difference between the parallel flow, the counter flow
and the cross flow lies in the relative amounts of heat transfer surface area
required to produce a given temperature rise for a given temperature difference
between the two fluid streams where they enter the heat exchanger. Figure 1.6 [6]
shows the relative area required for each type as a function of the change in
temperature of the primary fluid for a typical set of conditions. In the region in
which the fluid temperature change across the heat exchanger is a small
percentage of the difference in temperature between the two entering fluid
streams, all the units require roughly the same area. The parallel flow heat
exchanger is of interest primarily for applications in this region. Cross flow units
have a somewhat broader range of application, and are peculiarly suited to some
types of heat exchanger construction that have special advantages. The counter
flow heat exchanger requires the least area throughout the range. Furthermore, it
is the only type that can be employed in the region in which the temperature
change in one or both of the fluid streams closely approaches the temperature

difference between the entering fluid streams.
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Figure 1.6 The relative heat transfer surface area required as a function of
the ratio of the temperature rise (or drop) in the fluid stream having the greater

change in temperature to the difference in temperature between the inlet streams

1.1.2 Recuperators and Regenerators

Recuperators are direct-transfer heat exchangers in which heat transfer
occurs between two fluid streams at different temperatures in a space separated by
a thin solid wall (parting sheets or tube walls), as shown in Figure 1.7. [1] Heat
transfer occurs by convection from the hotter fluid to the separating wall surface,
by conduction through the separating wall, and by convection from the separating
wall surface to the cooler fluid. If one of the fluids is a radiating gas, thermal
radiation also plays an important role in the heat exchange between the two
media. Recuperators include, for example, air heaters, economizers, evaporators,

condensers, steam boilers, dry cooling towers, and so on.
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Figure 1.7  Recuperator

Regenerators are heat exchangers in which a hot and a cold fluid flow
through the same heating surface at certain time intervals. The surface of the
regenerator first receives heat from the hot fluid; it then releases this energy to the
cold fluid. Regenerators can be classified as rotary and fixed-matrix regenerators.
Rotary regenerators are periodic flow heat exchangers. In rotary regenerators, the
operation is continuous. To have this, the matrix moves periodically in and out of
the fixed stream of gases. Rotary regenerators are of two types: (a) a disk type in
which the matrix (heat transfer surface) is in a disk form and fluids flow axially as
in Figure 1.8a; (b) a drum type in which the matrix is in a hollow drum form and
fluids flow radially as in Figure 1.8b. [38] In a fixed-matrix regenerator, the gas

flows must be diverted to and from the fixed matrices.

AXIAL FLOW RADIAL FLOW
[ —
o COLD FLUID
Q ”~ __;
K 4 -
,._::.j HOT FLUID S, 3 7
MATRIX
@ (b)

Figure 1.8 Rotary regenerators. (a) disk type; (b) drum type

1.1.3 Geometry of Construction

The major construction types are tubular, plate and extended surface heat

exchangers.



1.1.3.1 Tubular Heat Exchangers

Tubular heat exchangers are built of circular tubes. One fluid flows inside
the tubes and the other, outside the tubes. Tubular heat exchangers can be further
classified as double-pipe heat exchangers, shell-and-tube heat exchangers and

spiral-tube type heat exchangers.
1.1.3.1.1 Double-Pipe Heat Exchangers

Two concentric pipes with one fluid in the inner pipe and the other in the
annulus between them give a simple heat exchanger construction well suited to
some applications. This heat exchanger is shown in Figures 1.1 and 1.3. This type
of construction is particularly advantageous where one or both of the fluids is at
high pressure causing the shell wall thickness and cost to be large if a
conventional shell-and-tube heat exchanger were employed. Double-pipe heat
exchangers can be arranged in various series and parallel arrangements to meet
pressure drop and mean temperature difference requirements as shown in Figures

1.9a and 1.9b. [4] Double-pipe heat exchangers are built in the form of hairpins.

Hair-pin Support Engine Ofl Inlet
‘ Sea Water Outlet

\ e ]
1 T g

{
==
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I Sea Water Inlst  Section A-A

==
E==

Return Bend Housing
Engine Ofl Outlet

(a) (b)

Figure 1.9 (a) Two hairpin sections arranged in series; (b) Two hairpin
sections in series on the shell-side and parallel on the tube-side



1.1.3.1.2  Shell-and-Tube Heat Exchangers

Shell-and-tube heat exchangers are built of round tubes mounted in
cylindrical shells with their axes parallel to that of the shell as shown in Figure
1.10. [4] Hot/cold fluid is pumped through the tubes that run the length of the
shell and cold/hot fluid on the shell-side passes over the tubes to be heated/cooled.
Baffles placed along the shell, direct the flow over the tubes, promote turbulence,
and support the tubes in horizontal units. Shell-and-tube heat exchangers are
employed as heaters or coolers for a variety of applications that include oil coolers
in power plants and process heat exchangers in the petroleum-refining and

chemical industries.

thda S L &

Figure 1.10 A two-pass tube, baffled single-pass shell, shell-and-tube heat
exchanger

The universal popularity of shell-and-tube heat exchangers is based on the

wide range of applicability, namely,

e Any temperature and pressure from vacuum to high (material limits)

e Applications include single-phase, condensation and boiling

e Size from very small to limits of transportation

e Pressure drop can be adjusted within an extremely wide range on the shell-
side through the shell type and baffle design

e Very rugged, but also heavy and bulky (large volume/area)



1.1.3.1.3 Spiral Tube Heat Exchangers

Spiral-tube heat exchangers consist of spirally wound coils fitted in a shell.
The heat transfer coefficient is higher in a spiral tube than that in a straight tube.
In addition, considerable amount of surface can be accommodated in a given
space by spiralling. These heat exchangers are suitable for high thermal expansion

applications and for clean fluids, because cleaning them is almost impossible.

1.1.3.2 Plate Heat Exchangers

Plate heat exchangers play an important role in many industrial
applications. They perform all kinds of duties from crude oil cooling to air
conditioning. They are built of thin plates forming flow channels. The fluid
streams are separated by plates that are either smooth or between which are
sandwiched corrugated fins. They can further be classified as gasketed-plate heat

exchangers, spiral plate heat exchangers and lamella heat exchangers.

1.1.3.2.1 Gasketed-Plate Heat Exchangers

A gasketed-plate heat exchanger consists of a series of thin plates with
corrugation or wavy surface that separates the fluids as shown in Figure 1.11. [50]
The plates are provided with corner parts so arranged that the two media between
which heat is to be exchanged flow through alternate interplate spaces.
Appropriate design and gasketing permit a stack of plates to be held together by
compression bolts joining end plates. Gaskets prevent leakage to the outside and
direct the fluids in the plates as desired. The flow pattern is generally chosen so
that the media flow countercurrent to each other. Details of this type of heat

exchanger are given in Chapter 2.
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Figure 1.11 A gasketed-plate heat exchanger
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1.1.3.2.2 Spiral Plate Heat Exchangers

Spiral plate heat exchangers are constructed of two long metal strips rolled
around a metal split centre forming two concentric spiral passages, one for each
fluid. They are extremely compact due to their wrapped cylindrical arrangement
and require minimum installation space and servicing area. However, they are
relatively expensive due to their specialized fabrication. Sizes range from 0.5 to
500 m? of heat transfer surface in one single spiral body. The operating pressure
(up to 15 bar) and operating temperature (up to S00°C) are limited. The entire heat
transfer surface is normally accessible for inspection or manual cleaning simply
by removing the covers. The single-flow path eliminates bypassing and reduces
fouling. Enhanced turbulence and shear due to the curved passages flush away

deposits as they form. [38, 1, 4]

1.1.3.2.3 Lamella Heat Exchangers

The lamella type of heat exchanger consists of a set of parallel, welded,

thin plate channels or lamellae (flat tubes or rectangular channels) placed
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longitudinally in a shell. These flattened tubes, called lamellae (lamellas), are
made up of two strips of plates, profiled and spot or seam welded together in a
continuous operation. The forming of the strips gives the space inside the
lamellas and bosses on the outside acting as spacers for the flow sections outside
the lamellas on the shell-side. The lamellas are welded together at both ends with
steel bars in between, depending on the space required between lamellas. Both
ends of the lamella bundle are joined by peripheral welds to the channel cover,

which at the outer ends is welded to the inlet and outlet nozzle. [50]

The surfaces inside the lamellae are suitable for chemical cleaning.
Therefore, fouling fluids should flow through the shell-side. The shell-side flow is
typically a single pass around the plates and flows longitudinally in the spaces
between channels. There are no shell-side baffles, and therefore lamella heat
exchangers can be arranged for true countercurrent flow. Because of the high
turbulence, uniformly distributed flow, and smooth surfaces, the lamellas do not
foul easily. The plate bundle can be easily removed for inspection and cleaning.
This design is capable of pressure up to 35 bar, and temperature of 200°C for
teflon gaskets and 500°C for asbestos gaskets. This exchanger is used in paper

industry, chemical process industry and also for other applications. [38, 4]

1.1.3.3 Extended Surface Heat Exchangers

Extended surface heat exchangers are devices having fins or appendages
on the primary heat transfer surface (tubular or plate) with the object of increasing
heat transfer area. Fins are widely used in gas-to-gas and gas-to-liquid heat
exchangers whenever the heat transfer coefficient on one or both sides is low and
there is a need for having a compact heat exchanger. The two most common types

of extended surface heat exchangers are

e Plate-fin heat exchangers

e Tube-fin heat exchangers
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1.1.3.3.1 Plate-Fin Heat Exchangers

The plate-fin heat exchangers are primarily used for gas-to-gas
applications. The fluid streams are separated by flat plates between which are

sandwiched corrugated fins as shown in Figure 1.12. [5]

They can be arranged into a variety of configurations with respect to the
fluid streams. They are very compact units having a heat transfer area per unit

volume of around 2000 m*m?3.

Figure 1.12  Basic construction of a plate-fin heat exchanger

The corrugated sheets that are sandwiched between the plates serve both to
give extra heat transfer area and to give structural support to the flat plates. There
are many different forms of corrugated sheets used in these exchangers, but the
most common types are plain fin, plain-perforated fin, serrated fin and
herringbone or wavy fin as shown in Figure 1.13. [5] By the use of fins,
discontinuous in the flow direction, the boundary layers can be completely
disrupted; if the surface is wavy in the flow direction, the boundary layers are
either thinned or interrupted, which results in higher heat transfer coefficients and

higher pressure drop.

The flow channels in plate-fin heat exchangers are small, which means
that the mass velocity also has to be small (10 to 300 kg/(m?2.s)) to avoid excessive
pressure drops. This may make the channel prone to fouling; which, when

combined with the fact that they cannot be mechanically cleaned, means that
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plate-fin exchangers are restricted to clean fluids.
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Figure 1.13  Fin types in plate-fin heat exchangers. (a) plain; (b)
perforated; (c) serrated; (d) herringbone

1.1.3.3.2 Tube-Fin Heat Exchangers

Tube-fin heat exchangers are used as gas-to-liquid heat exchangers. The
heat transfer coefficients on the gas side are generally much lower than those on
the liquid side, and fins are required on that side. A tube-fin heat exchanger
consists of an array of tubes, with fins fixed on the outside. The fins on the
outside of the tubes may be normal on individual tubes, transverse or helical, or
longitudinal (axial). Longitudinal fins are commonly used in double-pipe or in
shell-and-tube heat exchangers with no baffles. In tube-fin exchangers, tubes of
round, rectangular, or elliptical shapes are generally used. Fins are attached to the
tubes by soldering, brazing, welding, extrusion or mechanical fit. Two tube-fin
exchangers which are flattened tube-fin and round tube-fin are shown in Figures

1.14a and 1.14b [5], respectively.

Tube-fin heat exchangers are commonly used in heating and ventilating,

refrigeration, and air-conditioning systems.
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Figure 1.14  (a) Flattened tube-fin heat exchanger; (b) Round tube-fin heat

exchanger

1.1.4 Transfer Processes

According to transfer processes, heat exchangers are classified as direct

contact type and indirect contact type.

In direct contact type heat exchangers, heat is transferred between the cold
and hot fluids through a direct contact between these fluids. There is no wall
between hot and cold streams, and the heat transfer occurs through the interface
between two streams as illustrated in Figure 1.15a. [1] In direct contact-type heat
exchangers the streams are two immiscible liquids, a gas-liquid pair, or a solid
particle-fluid combination. Cooling towers, spray and tray condensers are good

examples of such heat exchangers.

Figure 1.15  (a) Direct contact heat transfer; (b) Transmural heat transfer
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In an indirect contact type heat exchanger, the heat energy is exchanged
between hot and cold fluids through a heat transfer surface, that is a wall
separating the fluids as shown in Figure 1.15b. [1] The cold and hot fluids flow
simultaneously while heat is transferred through a separating wall. In indirect
contact type heat exchangers, the fluids do not mix. Indirect contact (or direct
transfer) type heat exchangers are also called recuperators. Tubular (double-pipe,
shell-and-tube), plate, and extended surface heat exchangers are examples of

recuperators.

1.1.5 Heat Transfer Mechanisms

Heat exchangers can also be classified according to the heat transfer
mechanisms as:
e Single-phase convection on both sides
e Single-phase convection on one side, two-phase convection on other side

e Two-phase convection on both sides

The principles of these types are shown in Figure 1.16a, 1.16b, and 1.16c.
[1] Single-phase convection occurs on both sides in heat exchangers like
economizers and air heaters in boilers, compressor intercoolers, automotive
radiators, regenerators, oil coolers, etc. Condensers, boilers, and steam generators
used in pressurized water reactors, power plants, evaporators, and radiators used
in air-conditioning and space heating include the mechanisms of condensation,
boiling, and radiation on one of the surfaces of the heat exchanger. Two-phase
heat transfer could also occur on each side of the heat exchanger such as

condensing on one side and boiling on the other side of the heat transfer surface.

Figure 1.16  (a) Single phase; (b) Evaporation; (c) Condensation
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CHAPTER 2

DESIGN FEATURES OF SHELL-AND-TUBE AND GASKETED-PLATE
HEAT EXCHANGERS

2.1 SHELL-AND-TUBE HEAT EXCHANGERS

Shell-and-tube heat exchangers are the most versatile type of heat
exchangers. They are used in process industries, in conventional and nuclear
power stations as condensers, in steam generators in pressurized water reactor
power plants, in feed water heaters, and in some air-conditioning and refrigeration
systems. They are also proposed for many alternative energy applications

including ocean, thermal and geothermal.

Shell-and-tube heat exchangers are built of round tubes mounted in a
cylindrical shell with the tubes parallel to the shell. One fluid flows inside the
tubes, while the other fluid flows across and along the axis of the exchanger. The
major components of this exchanger are tubes (tube bundle), shell, front-end head,
rear-end head, baffles, and tube sheets. Typical parts and connections are shown
in Figure 2.1. [36]

The specific mechanical features of an exchanger have an impact on the
thermal performance because changes in mechanical design will affect the fluid
flow in the exchanger and consequently the heat transfer. Many possible
mechanical arrangements exist. In order to rationalize what could otherwise be an

extremely confused situation, the Tubular Exchanger Manufacturers’ Association
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(TEMA) has classified heat exchanger types and arrangements. Wherever

possible, TEMA definitions will be used because they are universally accepted.

OI0IO0IDIORVIOI DIV ) 1 [ k) 2 ) &

Constructional parts and connections. (1) Stationary head — channel; (2) stationary head — bonnet; (3) stationary
head flange — channel or bonnet; (4) channel cover; (5) stationary head nozzle; (6) stationary tube sheet; (7)
tubes; (8) shell; (9) shell cover; (10) shell flange — front head end; (11) shell flange — rear head end; (12) shell
nozzle; (13) shell cover flange; (14) expansion joint; (15) floating tube sheet; (16) floating head cover; (17) floating
head backing device; (18) floating head backing device; (19) split shear ring; (20) slip-on backing flange; (21)
floating head cover — external; (22) floating tube sheet skirt; (23) packing box; (24) packing; (25) packing gland;
(26) lantern ring; (27) tie rods and spacers; (28) transverse baffle or support plates; (29) impingement plate; (30)
longitudinal baffle; (31) pass partition; (32) vent connection; (33) drain connection; (34) instrument connection;
(35) support saddle; (36) lifting lug; (37) support bracket; (38) weir; (39) liquid level connection

Figure 2.1 Constructional parts and connections of shell-and-tube heat
exchanger

2.1.1 Construction

2.1.1.1 Shell Types

Various front and rear head types and shell types have been standardized

by TEMA. They are identified by an alphabetic character as shown in Figure 2.2.
[36]

The simplest shell type has entry and exit nozzles at the opposite ‘corners’
of opposite ‘ends’ of a single-shell pass exchanger. It is generally referred to as
TEMA E type. The tubes may have a single or multiple passes and are supported
by transverse baffles. Methods for design are usually based on the E-type shell,
but can be modified to take into account other shell arrangements by allowing for

the respective changes in velocity.
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Figure 2.2 Standard shell types, and front-end and rear-end head types
(TEMA Standards)

Other shell types recognized by TEMA are described in the following list:
[1]

1. The TEMA F shell has two shell passes because it has a longitudinal
baffle. This arrangement is used in applications where two shells in a
series would otherwise be required, because close temperature approach
(i.e., the outlet temperature of the hot stream is required to be close to the
inlet temperature of the cold stream) and/or low shell-side flow rate
precludes use of an E shell. Pressure drop is approximately eight times that

for an E shell, but this is usually acceptable in the above-mentioned
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specific applications. Potential leakage through the gap between the
longitudinal baffle and the shell may restrict the range of application.
TEMA G is the so-called split flow type, with longitudinal baffle. The
pressure drop is about the same as in an E shell, but the thermal
effectiveness is superior. Its main use is for reboilers, but occasionally it is
used for streams where there is no change of phase.

The double split flow TEMA H shell is similar to the G shell, but with two
outlet nozzles and two horizontal baffles.

TEMA ] is the so-called divided flow type, with one inlet and two outlet
nozzles (thus dividing the flow in half). This results in a pressure drop of
approximately one eighth that of the E type. The main use is for low-
pressure applications such as gas coolers and condensers.

The TEMA K shell is a kettle reboiler with the tube bundle in the bottom
of the shell covering about 60% of the shell diameter. The liquid covers
the tube bundle and the vapor occupies the upper space without tubes. This
shell is used when a portion of a stream needs to be vaporized, typically to
a distillation column. The feed liquid enters the shell at the nozzle near the
tube sheet, the nearly dry vapor exits out the top nozzle, and nonvaporized
liquid overflows the end weir (the vertical baffle acts as a weir) and exits
through the right-hand nozzle. The tube bundle is commonly a U-tube
configuration.

The TEMA X shell has the shell-side flow in pure cross-flow, without
baffles. The result is extremely low pressure drop. It is used for gases and

condensing vapor at low pressures.

2.1.1.2 Tube Bundle Types

The tube bundle layout is an important feature of the thermohydraulic

design of the bundle. The detailed design has to take into account the pressures of

the fluids in the shell and within the tubes that will influence potential leaks of

process fluid between tube bundle and shell. Such leakage may not be tolerable in

some applications where high purity or uncontaminated products are required.
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The mechanical design of the tube bundle involves careful consideration

of thermal expansion of the bundle, and its accommodation within the shell.

The alternatives are broadly categorized: [1]

1. Fixed tube sheet: The shell is welded to the tube sheets and there is no
access to the outside of the tube bundle for cleaning. The fixed tube sheet
type is therefore limited to applications where the shell-side fluid is
nonfouling; any fouling fluids must be routed through the tubes. After
removing the head covers, or complete heads, at each end, access to the
tube ends is obtained and the inside of the tubes may be cleaned by
mechanical means. It is not possible to replace the tube bundle without
cutting the shell, but by using special tube cutters, it is possible to
withdraw individual tubes and replace them with new ones. The shell
barrel and tube sheets should be made of metals that can be welded readily
to one another, such as steel-steel, but not steel-aluminum or steel-brass.
The fixed tube sheet exchanger has the important advantage of having no
internal joints, thus eliminating a potential source of leakage of one fluid
into the other. In addition, the absence of an internal joint means that
peripheral tubes can be placed close to the inside of the shell and more
tubes can be accommodated in a given shell diameter for the fixed tube
sheet type than for any other type. This low-cost option has only limited
thermal expansion, which can be somewhat increased by expansion

bellows. A fixed tube sheet configuration is shown in Figure 2.3. [6]

Figure 2.3 A two-pass tube, baffled single-pass shell, shell-and-tube
heat exchanger designed for mechanical cleaning of the inside of the tubes
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2. Floating head: Several designs have been developed that permit the tube
sheet to float, that is to move with thermal expansion. The bundle can be
removed with minimum disassembly that is important for heavy fouling
units. A classic type of pull-through floating head design is shown in
Figure 2.4. [5]

b, — | [ I W
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Figure 2.4 A heat exchanger designed with a floating head to accommodate
differential thermal expansion between the tubes and the shell

3. U-tube bundle: The design variation that allows independent expansion of
tubes and shell is the U-tube configuration. Therefore, thermal expansion
is unlimited. The U-tube is the least expensive construction because only
one tube sheet is needed. The tube-side cannot be cleaned by mechanical
means because of the U-bend shape. Only an even number of tube passes
can be accommodated. Individual tubes cannot be replaced except in the
outer row. In common with the fixed tube sheet type, the U-tube type has
no internal joints and peripheral tubes can be placed close to the inside of
the shell. However, the number of tubes accommodated within a given
shell diameter is slightly less than that for the fixed tube sheet type,
because there is a practical limit to the bend radius of the innermost U’s.

The U-tube or hairpin type is shown in Figure 2.5. [§8]
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Figure 2.5 U-tube heat exchanger

2.1.1.3 Tube Diameter

Thermohydraulic considerations favor small tube diameter because greater
heat transfer surface density within a given shell is also possible with small
diameter tubes. Tube cleaning practices limit tube diameters to a minimum of
approximately 20 mm outer diameter (OD). Reducing the tube diameter in design
leads to shorter tubes, but when cleaning becomes necessary, more operations per
tube sheet, e.g., drilling, are required. Furthermore small diameter tubes enhance

the opportunity for tube vibrations to occur. [1]

2.1.1.4 Tube Length

In general, the longer the tube, the lower the cost of the exchanger for a
given surface area. This is due to the resulting smaller shell diameter, thinner tube
sheets and flanges, fewer pieces to handle, and fewer holes to drill. There are, of
course, several limits to this general rule, best expressed that the shell-diameter-
to-tube-length ratio should be within limits of about 1/5 to 1/15. Maximum tube
length is sometimes dictated by architectural layouts and ultimately by
transportation to about 30000 mm. Larger tube lengths are also favored where the
total flow rate on the tube-side is relatively low and there is a need to maintain a
reasonable velocity by having fewer, longer tubes. The most common tube length
range is 3600 to 9000 mm for removal bundles, with a bundle weight limitation of
20 tons and 3600 to 15000 mm for the fixed tubesheet type. Exchangers up to
22000 mm long have been made to meet the demands of increased process plant

capacities. [1, 8]
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The number of tubes per tube-side pass is fixed (to give the required
velocity). The total length of tubes per tube-side pass is determined by the heat
transfer required. The design then involves attempting to fit the tubes into a

suitable shell to achieve the desired shell-side velocity.

However, long tube lengths with relatively few tubes may give rise to
difficulties in shell-side design. For instance, it may be difficult to arrange

sufficient baffles to give adequate support to the tubes.

2.1.1.5 Tube Layout and Pitch

Tube layout is characterized by the included angle between tubes. The
principal tube arrays employed in shell-and-tube heat exchangers are triangular,
rotated triangular, square, and rotated square. Figure 2.6 [8] shows these four
basic tube pitch orientations. The triangular arrangement leads to a robust tube
sheet, whereas the square array simplifies some maintenance operations (e.g.,
cleaning on the shell-side). The reason for this is that in triangular pitch the
vertical and horizontal distance between adjacent tubes is generally greater than
for the equivalent square pitch design. According to TEMA, tube pitch is usually
chosen so that the pitch ratio (tube pitch divided by the tube outer diameter) is
between 1.25 and 1.5. TEMA specifies also that for external fouling services there
should be a minimum gap of 6.35 mm (% in) between adjacent tubes to assist
external cleaning by mechanical means. When the tubes are too close, the tube

sheet becomes structurally weak.

For a given pitch ratio, about 15% more tubes can be accommodated
within a given shell diameter using 30° or 60° pitch compared with 45° or 90°
pitch. In addition, heat transfer considerations must be taken into account when
selecting tube pitch angle. For single-phase fluids outside the tubes, typical pitch

angles are as follows: [8]
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Turbulent flow

Laminar flow

Clean 30°
Fouling 90°

30°
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triangutar pitch

Triangular pitch (30°)

Square pitch {80°)

Rotated square pitch
(45°}

Figure 2.6 Tube pitch arrangements

2.1.1.6 Baffle Design

2.1.1.6.1 Baffle Types

Baffles may be classified as transverse and longitudinal types. The
transverse baffles may be classified as plate baffles and rod (or bar) baffles. The
plate baffles are used to support the tubes adequately at invertals to prevent
sagging and vibration, to direct the fluid in the tube bundle approximately at right
angles to the tubes, and to increase the turbulence of the shell-side fluid. Shown in

Figure 2.7 [10] are single and multi-segmental, disk and doughnut, and orifice

baffles.

The single and double segmental baffles are most frequently used. The
opening in the baffles through which the shell-side fluid flows from one baffle
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space to the next is termed the baffle window, and the amount cut away is termed
the baffle cut. Baffle cut is usually defined as the window opening segment height
expressed as a percentage of the shell diameter. Optimum baffle spacing is
somewhere between 0.4 and 0.6 of the shell diameter and the usual range of baffle
cuts is 15 to 40% for segmental and 20 to 30% for double segmental baffles. The
triple and no-tubes-in-window segmental baffles are used for low pressure drop
applications. In no-tubes-in-window segmental baffle design, there are no tubes in
the baffle windows and therefore all tubes pass through all baffles. Therefore, no-
tubes-in-window construction eliminates the tubes that are otherwise supported
only by every second baffle, thus minimizing tube vibration. Compared with
conventional designs, no-tubes-in-window designs have larger shell diameters to
contain the same number of tubes. The disk and doughnut and orifice baffles are
rarely used. Disk-and-doughnut baffles are composed of alternating outer rings
and inner disks, which direct the flow radially across the tube field. The potential
bundle-to-shell bypass stream is thus eliminated. Another type of plate baffle is
the orifice baffle in which shell-side fluid flows through the clearance between

tube outer diameter and baffle hole diameter.

The rod (or bar) baffles are used to support the tubes and to increase the
turbulence of the shell-side fluid. Rod baffles are formed by a grid of rod or strip
supports. The flow in a rod baffled heat exchanger is parallel to the tubes, and
flow-induced vibrations are virtually eliminated by the baffle support of the tubes.
[10]

The purpose of longitudinal baffles is to control the flow direction of the
shell fluid such that an overall arrangement of the two fluid streams is achieved.
Although most exchangers have a single shell-side pass, two shell passes can be
provided by installing a flat metal plate, about 6 to 13 mm thick, running axially
along the shell at the diameter to divide the tube bundle into two semicircular
portions. The plate is in contact with the stationary tube sheet, but does not extend
the full tube length because space is required at the rear end to enable the shell-
side fluid to cross over the bundle from the first pass into the second pass. The

plate is termed a longitudinal baffle, and an exchanger having two shell-side and
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two tube-side passes provides the thermal advantage of countercurrent flow. The

TEMA shell-type designation is F. [1, 8, 10]
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Figure 2.7 Plate baffle types
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2.1.1.6.2 Thickness

TEMA specifies minimum baffle thickness, which is related to diameter
and unsupported tube length. Typical examples are as follows: [8]

Baffle thickness, mm, for unsupported tube length, mm

Shell ID, mm Less than 610 Greater than 1524
Less than 355 3.2 9.5
Greater than 1550 95 19.1

2.1.1.6.3 Maximum Pitch

TEMA specifies the following maximum unsupported tube length
(MUTL) for carbon, low-alloy, stainless steel, and nickel alloys: [8]

Tube OD MUTL
15.88 mm (3% in) 1321 mm (52 in)
19.05 mm (% in) 1524 mm (60 in)
25.40 mm (1 in) 1880 mm (74 in)

31.75 mm (1% in) 2235 mm (88 in)

For aluminum and alloys, copper and alloys, and titanium, the MUTL is

reduced to 0.865 of the above values.

In the case of segmental and double segmental baffles, with 19.05 mm OD
tubes, for example, adjacent baffles must not be spaced more than 762 mm apart;
if triple segmental baffles are used adjacent baffles must not be spaced more than
508 mm apart. The maximum permissible tube length for a completely unbaffled
exchanger, having 19.05 mm OD tubes, for example, would be 1524 mm.
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2.1.1.6.4 Clearances

For construction purposes there must always be a clearance between the
tubes and the holes in the baffles, and also between the outside of the baffles and
the inside of the shell.

If the maximum unsupported tube length is 914 mm (36 in) or less, or the
tube outside diameter is greater than 31.75 mm (1% in), TEMA specifies that the
baffle hole should be drilled 0.794 mm (1/32 in) greater than the tube outside
diameter. This diametral clearance is halved if the maximum unsupported length

is greater than 914 mm (36 in) for tubes 31.75 mm (1% in) and smaller.

The diametral clearance between shell inside diameter and baffle diameter
depends on the shell diameter, typical values specified by TEMA being 4.45 mm
(0.175 in) for diameters between 610 and 991 mm (24 and 39 in) and 11.12 mm
(0.438 in) for diameters between 2159 and 2540 mm (85 and 100 in). Where
baffle/shell clearance has little effect on shell-side heat transfer coefficient or

temperature difference, up to twice the specified clearance may be used. [8]

2.1.1.6.5 Impingement Plates

To protect the tubes below the shell-side inlet nozzle from damage
resulting from solid particles or liquid droplets entrained in the shell-side fluid, an

impingement plate may be required. TEMA specifies impingement protection

when p v? exceeds the following values: [8]

Fluid pv’(p inkg/m? v in m/s)
Noncorrosive, nonabrasive single phase 2230
Other liquids, including liquids at boiling point 744
Corrosive vapors and gases, liquid-vapor 0

mixtures
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The impingement plate is usually about 6 mm thick, flat or curved, with

dimensions slightly greater than the nozzle bore d . If fitted inside the shell, it is
usual to position the plate edge at a distance of about d/4 below the intersection

of the nozzle wall and shell to provide an annular escape area roughly equal to
that of the nozzle area. Internally fitted impingement plates mean that the shell

cannot be completely filled with tubes.

At the outlet nozzle it is usual to position the closest row of the tubes at a

distance of about d/6 below the nozzle in order to provide adequate escape area.

2.1.1.6.6 Tie Rods, Spacers, and Sealing Devices

The tube bundle is held together and the baffles are located in their correct
positions by a number of tie rods and spacers. The tie rods are circular metal rods
screwed into the stationary tube sheet and extending the length of the bundle up to
the last baffle, where they are screwed by lock nuts. Between every baffle all tie
rods have spacers fitted over them, each spacer being tube or pipe, having an
inside diameter slightly greater than the tie rod diameter, and a length equal to the

required baffle spacing.

The tie rods and spacers may also be used as sealing devices to assist in
blocking off undesirable shell-side leakage paths due to pass partition lanes or
gaps between the bundle and shell. Dummy tubes (which do not pass through the
tube sheets), round bars, and flat longitudinal strips, inserted into slots in the
periphery of the baffles, may also be used as sealing devices. Depending on
nozzle/shell diameter ratio, the largest bundle/shell gap is often that created by an
internally fitted impingement plate. If this creates a leakage path around the
bundle, it must be sealed with longitudinal strips or other devices, but these must
not be fitted in the inlet baffle space because this would reduce the escape area

around the impingement plate considerably.

Typical details are shown in Figure 2.8. [8]
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Figure 2.8 Typical tube layouts (continued)

2.1.1.7 Tubes, Tube-Side Passes and Flow Arrangements

Each traverse of the tube-side fluid from one end of the exchanger to the
other is termed a pass. By changing the number of tube-side passes, the thermal
designer is able to change the fluid velocity inside the tubes, and depending on the
process conditions, only one tube-side pass, or as many as 16, may be required,
although 8 passes is more common upper limit. The heads are fitted with flat
metal plates, known as partition plates, which divide the head into separate
compartments. The thickness of pass partition plates depends on head diameter
but is usually 9 to 16 mm for carbon and low-alloy steels and 6 to 13 mm for the

more expensive alloys.

Typical pass arrangements are shown in Figure 2.9. [8]
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Figure 2.9 Typical tube-pass layouts

Multiple pass heat exchangers are constructed for many reasons. The first
reason is that they make running piping to and from the heat exchanger much
easier. Secondly, the multiple pass heat exchanger is more compact and efficient.
It is able to remove more heat at a given rate of flow. Moreover, a large number of
tube passes are used to increase tube-side fluid velocity and the heat transfer
coefficient (within the available pressure drop), and to minimize fouling. Most
heat exchangers in a power plant are multiple pass shell-and-tube heat exchangers.
Single flow heat exchangers are used in situations where size is not a problem and

low temperatures are desired for the fluid exiting the heat exchanger.

Tube metal is usually low carbon steel, low alloy steel, stainless steel,
copper, inconel, aluminum (in the form of alloys), or titanium. Other materials can
also be selected for specific applications. The wall thickness of heat exchanger
tubes is standardized in terms of the Birmingham wire gauge (BWG) of the tube.
Tables A.1 and A.2 give data on heat exchanger tubes. [36]

32



The tubes either may be bare or have low fins on the outside. Low fin
tubes are used when the fluid on the outside of the tubes has a substantially lower

heat transfer coefficient than the fluid on the inside of the tubes.

There can be two directions of flow on the shell-side of the heat
exchanger. In parallel flow, the liquid on the shell-side flows in the same direction
as the tube-side. In counter flow the liquid or vapor on the shell-side flows in

opposite direction as the tube-side and thus maximizes the transfer of heat.

2.1.1.8 Outer Tube Limit

The outer tube limit (OTL) is the diameter of the largest circle, drawn
about the tube sheet center, beyond which no tube may encroach. For a given shell
inside diameter, the OTL for floating head types is dependent on pressure and
whether the tubes are expanded or welded to the tube sheets. Welded tube ends
provide a slightly smaller OTL than expanded tube ends. The OTL for fixed tube
sheet and U-tube exchangers is independent of both pressure and tube end

attachment for a given shell inside diameter.

In addition to the above factors, each fabricator has individualized
clearances and construction details, so that the OTL data listed in Table A.3 [8]

are typical only.

2.1.1.9 Tube Count

Tube count is the number of tubes that can be accommodated within a
given shell inside diameter, for a given tube outside diameter and pitch. Tube

counts are given in Table A.4. [4]

2.1.2  Allocation of Streams

A decision must be made as to which fluid will flow through the tubes and
which one through the shell. In general, the following considerations apply: [4]
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e The high-pressure fluid flows through the tubes. Because of their small
diameter, normal thickness tubes are available to withstand higher
pressures and only the tube-side channels and other connections need
to be designed to withstand high pressure.

e The more seriously fouling fluid flows through the tube, because the
tube-side is easier to clean, especially if mechanical cleaning is
required.

e The stream with the lower heat transfer coefficient flows on the shell-
side, because it is easy to design outside finned tubes. In general, it is
better to put the stream with lower mass flow rate on the shell-side.
Turbulent flow is obtained at lower Reynolds number on the shell-side.

e The corrosive fluid must flow through the tubes; otherwise both the
shell and tubes will be corroded. Special alloys are used to resist
corrosion, and it is much less expensive to provide special alloy tubes

than to provide both special tubes and special alloy shell.

2.1.3 Features of Shell-and-Tube Heat Exchangers

Features of the shell-and-tube heat exchangers can be summarized as

follows:

(a) Shell-and-tube heat exchangers offer great flexibility to meet almost any
service requirement.

(b) They can be designed for high pressures relative to the environment and high
pressure differences between the fluid streams.

(c) Shell-and-tube heat exchangers provide relatively large ratios of heat transfer
area to volume and weight.

(d) They can be easily cleaned.

(e) Reliable design methods and shop facilities are available for their successful

design and construction.
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2.2 GASKETED-PLATE HEAT EXCHANGERS

The gasketed-plate heat exchangers (plate and frame) were introduced in
the 1930s, mainly for the food industries because of the ease of cleaning; and their
design reached maturity in 1960s with the development of more effective plate
geometries, assemblies, and improved gasket materials. The range of possible
applications has widened considerably and at present, under specific and
appropriate conditions, this heat exchanger overlaps and successfully competes in
areas historically considered to be the domain of tubular heat exchangers. They

are capable of meeting an extremely wide range of duties in many industries.

The basic plate consists of a thin, rectangular, metal sheet into which a
corrugated pattern has been formed. One side of each plate has a full peripheral
gasket. The complete unit comprises a number of such plates, mounted in a frame,
and clamped together, face to face, by a bolting system. The space between
adjacent plates forms a flow channel and the system is arranged so that the hot
and cold fluids flow through alternate flow channels, parallel to the long side.
Openings (ports) in the four comers of each plate direct the two fluids into their

flow channels.

Figure 2.10 [4] shows an exploded view of a typical unit.
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Figure 2.10  Gasketed-plate heat exchanger
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It is surprising to learn that patents exist from the late 1870s, and that a
German patent was published in 1890 relating to ‘improvements in plate heat
exchangers’. The concept was not fully exploited until Dr. Richard Seligman
introduced the first commercially successful design in 1923. The original plates
were cast gunmetal, but in the early 1930s plates pressed from thin stainless steel
sheet were produced. The operating conditions of the early gasketed-plate heat
exchangers were limited by the plate seals to a pressure of about 2 bar and a

temperature of about 60 °C.

Although the basic design remains almost unchanged, continual
developments over the past sixty years have increased the operating pressures and
temperatures to 30 bar and 180 °C, respectively, together with larger plate and unit

sizes, in a variety of metals. [7, 11]

2.2.1 Construction

2.2.1.1 Plate Metals and Sizes

Any metal which is sufficiently ductile to be formed into a pressing may
be used in a gasketed-plate heat exchanger but the most common metals are listed
in Table 2.1. [11] Stainless steel (type 316) is the most widely used metal, but
other plate metals available as standard are titanium, titanium-palladium alloy,
Incoloy 825 and Hastelloy C-276. Heat transfer coefficients in gasketed-plate heat
exchangers may be extremely high and therefore the resistance of the plate may

be significant.

The corrugations in an individual plate are precision-pressed in the cold
state in a single operation. Cut-outs for ports, guide bars, etc., are normally made
in separate operations following pressing. The largest single plate is of the order
of 4.3 m high x 1.1 m wide. The effective surface area for a single plate lies in the
range 0.01 — 3.6 m>. A single unit may contain up to 700 plates, the largest unit
providing an effective surface area of 2500 m2 In order to avoid poor distribution

of the fluid across the plate width, the minimum (length / width) ratio is of the
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order of 1.8.

Plate thicknesses range between 0.5 and 1.2 mm (approx. 0.02 — 0.05 in)
and they are spaced with nominal gaps of 2 — 5 mm (0.08 — 0.2 in), yielding

equivalent diameters for the flow channels of 4 — 10 mm (0.15 — 0.4 in).

Table 2.1 Approximate thermal conductivity for various plate materials at
100°C (W/m.K)

Copper 389 Monel 400™ 26

Aluminium 208 Titanium 20

Aluminium Brass 100 Stainless steel (316) 17

Nickel 200 66 Inconel 600™ 16

90/10 Cupro-nickel 52 Incoloy 825™ 12

70/30 Cupro-nickel 35 Hastelloy C-276™ 11

2.2.1.2 Plate Corrugation Types

A wide range of corrugation types are available and the pattern and the
geometry are proprietary. The most widely used corrugation types are the
intermating or ‘washboard’, and the chevron or ‘herringbone’. Figure 2.11 [7]

shows both types.

(a)

Every intersection of the lines is
a contact point
"~

Chevron angle

Figure 2.11 Contact points of adjacent plates (a) intermating type (b)
chevron type
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Corrugations increase the effective surface area of the plate and promote
turbulence. In the washboard type, turbulence is promoted by a continuously
changing flow direction and velocity of the fluid. In the herringbone type adjacent
plates are assembled such that the flow channel imparts a swirling motion to the
fluid; the corrugated pattern has an angle B that is referred to as Chevron angle as
shown in Figure 2.12. [4] To enable such thin plates to withstand differential
pressures up to at least 10 bar, and in special cases up to 25 bar, the corrugations

are essential for strengthening and mutual support of the plates.

H

v Daveloped Dimension
Protracted Dimension
8 L L
- %Z
b |P
P

Corrugation PitchP,
(b)

L.
(a)

Figure 2.12  (a) Main dimensions of a Chevron plate; (b) developed
and projected dimensions of a Chevron plate and cross section normal
to the direction of troughs

In the washboard type, the transverse corrugations may be deeper than the
plate spacing and align with those on the adjacent plate. The plate spacing is
maintained by dimples which are pressed into the crests and troughs and contact
one another on adjacent plates. The washboard type has less contact points, and a
greater corrugation depth, than the herringbone type. As a result, it operates at

lower pressures but requires heavier plate.

In the herringbone type, the corrugations are pressed to the same depth as

38



the plate spacing. The chevron angle is reversed on adjacent plates so that when
the plates are clamped together the corrugations cross one another to provide
numerous contact points as shown in Figure 2.12. The herringbone type therefore
has greater strength than the washboard type and enables it to withstand greater
pressures with smaller plate thicknesses. Its corrugations are also less deep, which
assists the pressing operation, and as a result the herringbone type is ideally suited

for plate production in expensive metals. It is the most common type in use today.

[9]

The contact arrangement of the plates is also shown in Figure 2.11.

2.2.1.3 Gaskets

The periphery of each plate is grooved to house a moulded gasket, which
may have a peaked profile. Some gaskets are cemented in, but snap-on gaskets are
available which do not require cement. The gasket is designed to compress
roughly 25% of its original thickness in order to provide a tight joint without local
distortion of the thin plate. The integrity of the complete unit depends greatly on
gasket performance, particularly as there may be up to 700 gaskets to keep leak-
tight. The gasket material, the gasket shape, the groove geometry and groove

support have been the subject of continuous investigation.

Typical gasket materials together with their maximum operating

temperatures and applications are given in Table 2.2. [11]

Figure 2.13 [11] shows a typical gasket arrangement from which it will be
seen that there is a double seal between liquid streams so that intermixing cannot
occur. The interspace between seals is vented to the atmosphere through suitable
vents moulded into the gasket. Leakage from either stream occurs only to the

atmosphere.
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Table 2.2 Typical gasket materials, operating temperatures and applications

Gasket material Approximate maximum Application

operating temperature (°C)

Acrylonitrile-butadiene 135 Fatty materials
(medium nitrile rubber)
[sobutylene-isoprene 150 Aldehydes, ketones,
(resin cured butyl rubber) some esters
Ethylene-propylene 150 High-temperature
rubber (EPDM) resistance for a wide
range of chemicals
Fluorocarbon rubber base 175 Mineral, vegetable
(Viton)™ and animal oils, fuels
Compressed asbestos 260 Organic solvents
fibre such as chlorinated
hydrocarbons

2nd liquid transfer st liquid
port to adjacent passage outlet
{flow port)
Vents moulded
into gasket <‘
1st liquid flow
across plate
Space vented
to atmosphera \ “SURARR G Walahidsl taor—
Double gas} A
separating two fluids
1st liquid
inlet
(flow port}

2nd liquid transfer
port to adjacent passage

Figure 2.13  Gasket arrangement
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2.2.1.4 Frame

Figure 2.10 shows that the frame consists of a fixed head or fixed frame at
one end, and a movable head or pressure plate at the other. The vertical sides of
both the fixed frame and pressure plates are notched at intervals to engage tie
bolts which join the two heads together. The pack of plates are compressed
together as the tie bolts are tightened at the movable head end. A horizontal
carrier bar at the top of the frame, and a horizontal guide bar at the bottom, are
attached to the fixed head plate at one end and an end support column at the other.
Every heat transfer plate is notched at the centre of its top and bottom edges so
that it may be suspended from the top carrier bar and be guided by the bottom
guide bar. Every plate is free to slide along both bars. The movable head plate is

similarly notched and free to slide along both bars.

The frame is normally constructed in carbon steel and painted to suit its
operating environment. Where stringent cleanliness requirements apply, such as in
pharmaceutical or antibiotic production, and the dairy, food and drinks industries,
the frame may be supplied in polished stainless steel. The units are normally

floor-mounted but small units may be wall-mounted.

2.2.1.5 Ports

The fluids enter the unit via ports (nozzles) located in one or both end
plates (Fig. 2.13). If both inlet and outlet ports for both fluids are located in the
fixed-head end, then the unit may be opened up without disturbing the external
piping. This applies to single-pass arrangements, but with multi-pass
arrangements the ports must always be located on both heads. This means that the
unit cannot be opened up without disturbing the external piping at the movable-
head end.

Ports may be arranged to provide diagonal flow, in which the fluid enters
and leaves at opposite corners, or vertical flow, in which the fluid enters and

leaves on the same side. If diagonal flow is used, two different plate designs are
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required, one being a mirror image of the other, which involves additional
expense. Vertical flow avoids this because the inversion of alternate plates
reverses the flow and ports, and provides the required flow arrangement. Vertical

flow is therefore most widely used as it is less costly and provides standardisation.

The port entrance area is the weakest part of the plate because, unlike the
peripheral gasket, the gasket in an adjacent plate is not supported by a
corresponding one. Plate-to-plate contact is achieved by the provision of

additional corrugations.

The port internal surfaces are usually in the same metal as the plates to
avoid galvanic effects, but are sometimes rubber-lined. The largest port diameter
is nominally 450 mm (18 in). The largest flow rate is 1 — 1.5 m?®/s of aqueous fluid

depending on the available pressure loss. [7, 11]

2.2.1.6 Tie Bolts

The tie bolts are usually of 1% chrome — 0.5% molybdenum low-alloy
steel similar to that used for the stud bolts of most shell-and-tube exchangers. The
pack of large units may be compressed by hydraulic, pneumatic or electric pack-

tightening mechanisms. [7]

2.2.2 Inspection and Maintenance

A feature of the gasketed-plate exchanger is the ease with which the pack
is opened and closed. Once open, all plates may be inspected on both sides. Any
plate may be removed by detaching first from the guide bar at the bottom, and
then from the carrier bar at the top. Replacement of the same, or a new plate is
simply the reverse procedure. If necessary, the duty of the unit may be altered
rapidly by adding or removing heat transfer plates, adding connector plates, or by

altering pass arrangements.

The gaskets are designed to withstand several opening and closing
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operations. However, gasket replacement has been eased by the introduction of
gaskets attached by tabs projecting through holes in the plate periphery, instead of
being glued. When renewal is required it may be necessary to return the complete

plate(s) to the makers for re-gasketing, particularly with glued-on gaskets.

Although maintenance is a rapid, simple operation, the heat transfer plates

must be handled with care at all times.

2.2.3 Flow Arrangements

2.2.3.1 Passes

Each traverse of either fluid from top to bottom of the pack, or vice-versa,
is termed a pass. Usually, all passes have the same number of flow channels in

each pass, but this is not always the case. Single or multi-pass flow is possible.

2.2.3.2 Number of Plates

It will be noted that in the outermost channels heat is transferred through
one plate only. The end plates are not heat transfer plates so that the effective
number of heat transfer plates in a pack is the total of plates less two. If the
number of plates in the pack is large, the effect of the end plates in design is
negligible.

2.2.3.3 Looped Flow (1/1 Arrangement)

A single pass by both fluids provides countercurrent or cocurrent flow and
two arrangements, termed loop flow, are possible as shown in Figure 2.14. [27] In
the Z arrangement, two ports will be on both fixed-head and movable head plates,
which means that the external piping must be disturbed at the movable-head plate
before the pack can be opened. In the U arrangement, all four ports will be on the
fixed-head plate, with the advantage that the pack can be opened without

disturbing any external piping. The U is therefore the preferred arrangement, but
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consideration must be given to the flow distribution between channels comprising

one pass.

[ S N S S

1 ! ! | !

: | . j [

] f ' } ]

O S O

1 i 1 1 !

1 H 11 ¢ Wl (Z,

| t ' ' 1

] 1 4 ' N

] [] I ] H

' [} ] i i

] ] [} § )
-_*—-L---_L—-.---'-----J-—q---l
PR S S A

N R

t N ! 1 !

‘ ' ! : !

‘{l I 1 N

A A O O A

A

] t [} ]

! [} i ] I

' 1] ] ] ]

| ] 1 1 ]
citmeredeehoctindodecdabodend

Figure 2.14  Countercurrent single-pass flow — Z and U arrangements

2.2.3.4 Two-Pass/Two-Pass Flow (2/2 Arrangement)

Multi-pass arrangements consist of passes connected in series and Figure
2.15 [27] shows an arrangement in which both fluids flow through two passes in
series, with the same number of flow channels in all passes. The system is in strict
countercurrent flow, except for the end effects and the centre plate. At this plate,

where both fluids change directions, cocurrent flow prevails.
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Figure 2.15  Schematic arrangement of a two-pass/two-pass flow system
(2 x 5/2 x 5 configuration)
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Such a flow arrangement would be considered for services involving a

large temperature range and small temperature difference between fluids.

2.2.3.5 Two-Pass/One-Pass Flow (2/1 Arrangement)

Figure 2.16 [27] shows an arrangement in which one fluid flows in a
single pass, while the other fluid flows in two passes in series. In this arrangement
one half of the unit is in countercurrent flow and the other half is in cocurrent

flow.
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Figure 2.16  Schematic arrangement of a two-pass/one-pass flow system
(2 x4/1 x 8 configuration)

Such a flow arrangement would be considered when one of the fluids has a

much greater flow rate, or a lower permissible pressure loss, than the other.

2.2.3.6 Flow distribution

Obtaining uniform flow distribution between parallel flow channels is
often a problem in the design of heat transfer equipment, and must be considered
carefully in the design of gasketed-plate heat exchangers. According to Usher [9]
and Wilkinson [27], the preferred U arrangement of the looped flow system gives
a less uniform flow distribution than the Z arrangement. Edwards [30] examined
flow distribution in greater detail and concluded that neither provides uniform

distribution, but the U arrangement provides a flatter distribution.

2.2.4 Features of Gasketed-Plate Heat Exchangers

It should be emphasised that consideration of the gasketed-plate heat
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exchangers can only be made when (1) the design pressure is less than 30 bar, (2)
the design temperature is less than 180°C (260°C for compressed asbestos fibre
gaskets, but at lower design pressures), (3) vacuum is not high and (4) volumes of

gases and vapors, with or without phase change at low pressure are moderate.

The features of gasketed-plate heat exchangers may be summarised as
follows: [11, 12, 30]

(a) Low initial cost, due to its basic design, which combines high thermal
efficiency with relatively straightforward mass-production.

(b) High heat transfer coefficients of both fluids are achieved. This is due to the
turbulence created by the corrugated plates, the small equivalent diameter of
the flow channel, and the absence of leakage streams. Countercurrent flow is
readily achieved.

Turbulence inside a tube begins to develop at a Reynolds number of 2100,
whereas turbulence may be induced in a plate unit at Reynolds numbers of 10-
400, depending on the flow channel geometry.

(c) Coupled with high film heat transfer coefficients, plate units exhibit low
fouling characteristics in many services. This is due to high turbulence, low
residence times, and non-stagnant regions in the flow channels.

(d) More than two fluids may be processed in a single unit.

(e) Corrosion-resistant metals are required only for the heat transfer plates and
ports. Stainless steel (type 316) and titanium, with their excellent corrosion-
resistant properties, are standard plate materials.

(f) Gasketed-plate heat exchangers are very compact, with respect to volume,
weight and liquid hold-up. Despite their compactness, 2500 m? of surface is
available in a single unit.

(g) Plate units are extremely flexible and have a variety of plate designs to suit
different applications. They may be altered rapidly to suit other services by
adding or removing plates, or modifying pass arrangements.

(h) Only the plate edges are exposed to the atmosphere. The heat losses are
negligible and no insulation is required.

(i) Inter-mixing of the two fluids cannot occur under gasket failure.
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() Plate units withstand thermal shocks and are vibration-free.

(k) The low fouling characteristics of the plate unit means that less opening-up is
required for cleaning. When opening-up is required, however, the operation is
rapid and straightforward, and there is full accessibility to both sides of the
plates for inspection and cleaning. Any plate may be removed without
removing other than the adjacent plate. Individual plates may be replaced

readily.

2.2.5 Application

Although used primarily for liquid-liquid services, Gray [49] describes the
range of conditions under which gasketed-plate heat exchangers perform well in
boiling and condensing applications. Single-phase gases may be handled,
provided the absolute pressure is above about 0.5 — 1.0 bar, depending on the

molecular weight, and that the volume is not too great.

Gasketed-plate heat exchangers find wide industrial application today, but
their largest single application has been that of central cooling in large
petrochemical, metallurgical and power plants. In central cooling, a closed circuit
of high-quality water, which is used to cool a process, is passed through gasketed-
plate heat exchangers, in which heat is removed from the closed circuit water by
water of a lower quality, such as sea or polluted river water. Its low weight and
size, together with the corrosion-resistant plates, makes it ideal for off-shore, and
on-ship applications. In the latter case the plate unit has the ability to withstand
the loads imposed by wave action. [11, 28]
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CHAPTER 3

BASIC DESIGN METHODS OF HEAT EXCHANGERS

3.1 ARRANGEMENT OF FLOW PATH IN HEAT EXCHANGERS

A recuperator type heat exchanger is classified according to the flow
direction of the hot and cold fluid streams and the number of passes made by each
fluid as it passes through the heat exchanger. Therefore heat exchangers may have
the following patterns of flow: (1) parallel flow with two fluids flowing in the
same direction (Figure 1.1), (2) counter flow with two fluids flowing parallel to
one another but in opposite directions (Figure 1.3), (3) cross flow with two fluids
crossing each other (Figures 1.5a and b) and (4) mixed flow where both fluids are
simultaneously in parallel flow, in counter flow (Figures 3.1a and b) [5] and in
multipass cross flow (Figure 3.1c). Applications include various shell-and-tube

heat exchangers. [38]

Shell-Side Fluid
Shell-Side Fluid
——
|
. —)

————L CCQ——
€ ~-Tube-Side | € ~—Tube-Side

—1 | Fluid "__——_ Fluid

(a) (b)
Shell-Side Fiuid
I
Sttt L —-Tube-Side Fluid

Ll{l

(c)
Figure 3.1 Multipass and multipass cross flow arrangements
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3.2  BASIC EQUATIONS IN DESIGN

The term heat exchanger, although applicable to all four categories listed
previously, will be used in this chapter to designate a recuperator in which heat
transfer occurs between two fluid streams that do not mix or physically contact
each other. Basic heat transfer equations will be outlined for the thermal analysis
(sizing and rating calculations) of such heat exchangers. Although complete
design of a heat exchanger requires structural and economical considerations in
addition to these basic equations, the purpose of the thermal analysis will be to
determine the heat transfer surface area of the heat exchanger (sizing problem).
Performance calculations of a heat exchanger (rating problem) are carried out
when the heat exchanger is available, but it is necessary to find the amount of heat

transferred, pressure losses, and outlet temperatures of both fluids.

The temperature profiles in usual fluid-to-fluid heat transfer processes,
depending on the flow path arrangement, are shown in Figure 3.2 [5], in which the
heat transfer surface area 4 is plotted along the x axis and the temperatures of the

fluids are plotted along the y axis.

TA Tlr

Tcl Tc] Tﬂ

y
v

0 Surface L 0 Surface L
Area, A Area, A

© @

Figure 3.2 Fluid temperature variation in parallel flow, counter flow,
evaporator and condenser heat exchangers. (a) counter flow, (b) parallel
flow, (c) cold fluid evaporating at.constant temperature, (d) hot fluid
condensing at constant temperature
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From the first law of thermodynamics for an open system, under steady-
state conditions, with negligible potential and kinetic energy changes, the change

of enthalpy of one of the fluid streams is (Figure 3.3) [5]

8 Q = rindi (3.1)

where 1 is the rate of mass flow, i is the specific enthalpy, and 8 Q is the heat

transfer rate to the fluid concerned associated with the infinitesimal state change.

Integration of Eq. (3.1) gives (Figure 3.3)

Q =i (i, ) (3.2)

Myt

-LLM

===

—_——

—F .
Mgl €—|i, +diceL18Q!e i, < Mg by
=

sy iy 2
Ih—>| _ :—91,3 I,
’_ILJ_I-FII T 771777

My,ky

Figure 3.3 Overall energy balance for the hot and cold fluids of a two-fluid
heat exchanger

where i, and i, represent the inlet and outlet enthalpies of the fluid stream. Eq.

(3.2) holds for all processes of Figure 3.2. If there is negligible heat transfer
between the exchanger and its surrounding (adiabatic process), integration of Eq.

(3.1) for hot and cold fluids gives

O =m, (i, ~iy,) (3.3)

and

Q=m, (i ~1,) (3:4)
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The subscripts 4 and c¢ refer to the hot and cold fluids, where 1 and 2 designate
the fluid inlet and outlet conditions. If the fluids do not undergo a phase change

and have constant specific heats with di =c,dT, then Eqns. (1.3) and (1.4) can

be written as

Q=(mcp )i Ty —T12) (3.5)

and

Q=(7i’lCP )0(72:2_];1) (36)

As can be seen from Figure 3.2, the temperature difference between the
hot and cold fluids (AT =7, —T,) varies with position in the heat exchanger.
Therefore, in the analysis of heat exchangers, it is convenient to establish an
appropriate mean value of the temperature difference between the hot and cold
fluids such that the total heat transfer rate Q between the fluids can be determined

from the following equation:
Q=UAAT, 3.7

where A4 1is the total heat transfer area and U is the average overall heat transfer

coefficient based on that area. AT, is a function of 7,,, T,,, T,, and T,.

cl >

Therefore a specific form of AT, must be obtained.

Eqgns. (3.5) to (3.7) are the basic equations for the thermal analysis of a
heat exchanger under steady-state conditions. If Q, the total heat transfer rate, is
known from Eq. (3.5) or (3.6), then Eq. (3.7) is used to calculate the heat transfer
surface area 4. Therefore it is clear that the problem of calculating the heat
transfer area comes down to determining the overall mean temperature difference

AT,.

m

51



3.3 OVERALL HEAT TRANSFER COEFFICIENT

Heat exchanger walls are usually made of a single material, although the
wall may sometimes be bimetallic. Most heat exchanger surfaces tend to acquire
an additional heat transfer resistance that increases with time. This may either be a
very thin surface oxidation layer or it may be a thick crust deposit. This effect can
be taken into consideration by introducing an additional thermal resistance,

termed the fouling resistance R, .

The overall heat transfer coefficient for a single smooth and clean plain

wall can be written as

1 1 (3.8)

where R, is the total thermal resistance to heat flow across the surface between
the inside and outside flow, ¢ is the thickness of the wall, and 4, and 4, are heat

transfer coefficients for inside and outside flow, respectively.

For the unfinned and clean tubular heat exchanger, the overall heat transfer

coefficient is given by

3.9
U, 4,=U4 = ! G-9)

1
Rt

For the heat exchanger of which the wall is fouled by deposit formation on

both the inside and outside surfaces, the total thermal resistance R, can be

expressed as
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11 11 R, R, 1
, == = = +Rw+——+——-+——
Ud U, A, UA h4 4 A nd (3.10)

L 1] [ o" "o

The calculation of an overall heat transfer coefficient depends upon

whether it is based on the hot or cold side surface area, since U,=U, if 4, #4;.

The wall resistance R, is obtained from the following equations:

L (for a plane wall) (3.11a)
R kA
* " ] In(r, /r.)
— (for a tube wall) (3.11b)
2nkL

The expressions for the overall heat transfer coefficients of the finned heat

exchangers are available in the literature.

In heat exchanger applications, the overall heat transfer coefficient is
usually based on the outer area. Therefore, the overall heat transfer coefficient
based on the outside surface area of the wall for the unfinned, tubular heat

exchangers is given by

1 (3.12)

34 THE LMTD METHOD FOR HEAT EXCHANGER ANALYSIS

In the heat transfer analysis of heat exchangers, the total heat transfer rate
Q through the heat exchanger is the quantity of primary interest. Consider a

simple counter flow or parallel flow heat exchanger (Figures 3.2a and b). The
form of AT, in Eq. (3.7) may be determined by applying an energy balance to a
differential area element dA4 in the hot and cold fluids. The temperature of the hot
fluid will drop by dT, and the temperature of the cold fluid will drop by d7, over
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the element d4 for counter flow, but it will increase by dT, for parallel flow if

the hot fluid direction is taken positive. As a result, from the differential forms of

Eqns. (3.5) and (3.6), the energy balance yields
8 Q =—(c,),dT, = t(mc,).dT, (3.13a)
or
8 Q=-C,dT, =+C,dT, (3.13b)

where C, and C,are the hot and cold fluid heat capacity rates, respectively, and
the + refers to parallel flow. The rate of heat transfer & Q from the hot to the cold

fluid across the heat transfer area d4 may also be expressed as
30 =U(T,-T,)dA (3.14)

From Eqns. (3.13) for counter flow, the following expression is obtained:

cun—in=dn—dn=agﬂl-l-

(3.15)
Ct: Ch)

Substituting the value of 8Q from Eq. (3.14) into Eq. (3.15), one can obtain

dn-1)_f1_1),, (3.16)
(T,-T.)

By integrating Eq. (3.16) with constant values of U, C,, and C, over the entire

length of the heat exchanger, the following equations are obtained:

_ (3.17a)
mLeTa _pt 1
or L,-T, \C. G

(4
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G

[4

[ 11 (3.17b)
T,~T,=T,-T,)exp UA(F____J

It is seen that the temperature distribution along the heat exchanger is exponential.

Hence, in a counter flow heat exchanger the temperature difference (T, ~T.)

decreases in the direction of flow if C, < C,, but increases if C, > C, (Figure

3.4). [5]

Ce<Cy, Co=Crpyy, Cy < C.,Cp=Cppy
Ta T
Th T,
T ThZ—DTd
€2 Th2 Tc2
%——-
Tcl
Tcl N
0 Surface L 0 Surface L
Area, A Area, A
(@) ®)

Figure 3.4 Temperature variation for a counter flow heat exchanger

The expressions for C, and C, can be obtained from Eqns. (3.5) and (3.6) and

substituted into Eq. (3.17a). After solving for 0 and rearranging, one can obtain

O=UA Ty —T) =T = Ty) (3.182)
In T, _Tch
T, ~T,
or
0= U AL=AT, (3.18b)
In(AT; /AT,)

where AT, is the temperature difference between the two fluids at one end of the

heat exchanger and A7, is the one at the other end of the heat exchanger.
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By comparing Eq. (3.18b) with Eq. (3.7), the average temperature
difference between the hot and cold fluids, is given by

_ AT, -AT, (3.19)
" In(AT,/AT,)

which is called the LOG-MEAN TEMPERATURE DIFFERENCE (LMTD).
Therefore, the total heat transfer rate for all single-pass flow arrangements can be

calculated from
Q=AUAT, (3.20)
The quantity A7, is indeterminate for the case of counter flow when
(T —Tp) = (T, —Ty) and AT, = AT, (3.21)
By using L’Hospital’s rule, it can be shown that AT,, = AT, = AT, and hence

Q=UAT,-T,)  with (T, -T,)= AT, = AT, (3.22)

Eq. (3.18D) is also applicable for a parallel flow arrangement. However, note that
for a parallel flow heat exchanger, the endpoint temperature differences must be

defined as AT, =(7,,—-T,,)) and AT,=(T,-T,).

LMTD represents the maximum temperature potential for heat transfer that
can only be obtained in a counter flow heat exchanger. Therefore, the surface area

required to obtain a prescribed heat transfer rate Q is smaller for a counter flow
arrangement than that for a parallel flow arrangement, assuming that U is the

same for both cases. Also note that 7,, can exceed 7,, for counter flow but not

for parallel flow.
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3.4.1 Multipass and Cross Flow Heat Exchangers

The LMTD explained in section 3.4 is not applicable for cross flow and
multipass heat exchangers. The integration of Eq. (3.14) for these flow

arrangements results in a form of an integrated mean temperature difference AT,

such that
Q=AUAT, (3.23)

where AT, is the true (or effective) mean temperature difference and it is a

complex function of 7,,, 7,,, T, and T,,. Generally this function AT, can be

determined analytically in terms of the following quantities: [36]

- (Thz - Tcl) - (Thl _Tcz) (3.24)
" (T, ~ 1)/ (T~ T0)]

P= T'CZ —ia —_ AT;‘ (3'25)
Tm _Tcl ATmax
and
o Ce _Tu=Ta (3.26)
Ch Tcz _Tcl

where AT, . is the log-mean temperature difference for a counter flow

arrangement with the same fluid inlet and outlet temperatures. P is a measure of
the ratio of the heat actually transferred to the cold fluid to the heat which would
be transferred if the same fluid were to be raised to the hot fluid inlet temperature;
therefore P is the temperature effectiveness of the heat exchanger on the cold

fluid side. R is the ratio of the n’1cp value of the cold fluid to that of the hot fluid

and it is called the heat capacity rate ratio.
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Eq. (3.20) can also be used in the design of multipass and cross flow heat

exchangers with a LMTD correction factor F :

Q =UAFAT,, (3.27)

F is a nondimensional term which depends on the temperature effectiveness P,

the heat capacity rate ratio R, and the flow arrangement.

F can also be expressed analytically for the two-pass shell-and-tube heat

exchanger as: [1]

@ - T, + (@, — T W7, ~ T,)/(G, - T,,)]

2 2
ln{nl"'Thz T, ]:’2"'\/(1"111"];2)2"'(]12“];1)2}[(];ﬂ__ 62)_(];2_T1)]
T+ Ty =Ty~ Ty =Ty T, ) + (T, ~T,,)

F =

(3.28)

After some algebraic manipulation, Eq. (3.28) can be expressed in terms of
R and P as:

F= R +1m[(1-P)/(1- PR)] 6
(R—Dinfp— PR+ 1-VE 1o - PR+ 1)+ VR 1]

For heat exchangers with four, six, eight, and higher numbers of tube-side
passes, the value of F differs only slightly from that given by Eq. (3.29), and this

equation is commonly used for all even numbers of tube-side passes.

The correction factors are also available in chart form as prepared by
Bowman et al. [43] for practical use for all common multipass shell-and-tube and
cross flow heat exchangers. As an example, Figure 3.5 shows the correction factor
F for one shell pass and two tube passes shell-and-tube heat exchanger. Other
charts are given in Appendix B. If the fluid is not well mixed along the path
length, the fluid temperature may not be uniform in the exchanger, in a multipass

or a cross flow arrangement. In cross flow, if there are channels in the flow path to
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prevent mixing, the exit temperatures will not be uniform. The same thing occurs
in the shell-and-tube multipass exchanger. A series of baffles may be required if
mixing of the shell fluid is to be obtained. Charts for the correction factor F are

presented for both mixed and unmixed fluids in Figures B.3 and B.4. [43]
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Figure 3.5 LMTD correction factor F for a shell-and-tube heat exchanger —
one shell pass and two or multiple of two tube passes

The correction factor F is less than 1 for cross flow and multipass
arrangements and it is 1 for a counter flow heat exchanger; so it represents the
degree of departure of the true mean temperature difference from the LMTD for a
counter flow arrangement. Note that a value of F close to 1 does not mean a
highly efficient heat exchanger; it means a close approach to the counter flow

behavior.
3.5 THE &£-NTU METHOD FOR HEAT EXCHANGER ANALYSIS
The method of the number of transfer units (NTU) based on the concept of

a heat exchanger effectiveness may be used when the inlet or outlet temperatures

of the fluid streams are not known instead of a trial-and-error procedure of the
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LMTD method. The € - NTU method is based on the fact that the inlet or exit
temperature differences of a heat exchanger are a function of U4/C, and C,/C, .

The heat exchanger heat transfer equations may be written in
dimensionless form resulting in some dimensionless groups. [43] Firstly, the heat

capacity rate ratio can be expressed as follows:

-C (3.30)

where C,;, and C_,, are the smaller and larger of the two magnitudes C, and C,,

max
respectively, and C*<1. The second non-dimensional term is the heat exchanger

heat transfer effectiveness which is defined as follows:

O rrax (3.31)
Exchanger heat transfer effectiveness is the ratio of the actual heat transfer rate in
a heat exchanger to the thermodynamically limited maximum possible heat
transfer rate if an infinite heat transfer area were available in a counter flow heat

exchanger.

The actual heat transfer is obtained either by the energy given off by the
hot fluid or the energy received by the cold fluid, from Eqns. (3.5) and (3.6):

Qz(mcp)h(];ll_EIZ):(mcp)c(z:?Z_]:rl) (3.32)
If C, > C,, then (T, - T,,) < (I, - T,,)
If C, < C,, then (T, - T,,) > (T, - T.))

The above equations are valid for the parallel flow and counter flow
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arrangements. Therefore the fluid that might undergo the maximum temperature
difference, which is the difference between the inlet temperatures of hot and cold
fluids, is the fluid having the minimum heat capacity rate C_; . Therefore the

maximum heat transfer is expressed as

O = (mc,) (T, -T,) if C,<C, (3.332)
or

O = (mc,), (T, -T,)) if C,<C, (3.33b)
Therefore, heat exchanger effectiveness can be written as

_G(Tu=Ty) _ C(T,-T,) (3.34)
Cmin (Th1_Tcl) Cmin(z;n“nx)

The above equation is valid for all heat exchanger flow arrangements. The value

of € ranges between 0 and 1.

The actual heat transfer rate Q from Eq. (3.31) is

o =8(mcp)min (T, -T,) (3.35)

The third nondimensional term is the heat transfer area number (Number
of Transfer Units). This number shows the dimensionless heat transfer size of the
heat exchanger.

AU 1 (3.36)

NTU = = j UdA
C

min min A

Consider a single pass heat exchanger, assuming C, > C,, so that

C,=C,, and C, =C,,, . By using Eq. (3.36), Eq. (3.17b) may be written as
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ol 3.37)
T, - T, = (T, —T.;) exp _NTU(il'EmLJ

max

where the + is for counter flow and the — is for parallel flow. With Eqns. (3.5),

(3.6), and (3.34), T,, and T,, in Eq. (3.37) can be eliminated and the following

expression for € for counter flow is obtained:

1-exp[-NTU(1-C,,, /C... ]
1—(Cpin / Coran) €Xp[= NTU(1 - C,s. /Crna )] (3.38)

IfC,<C, (C,=C,,, C, =C,..), the result will be the same.

A similar analysis may be applied for parallel flow to obtain the following

expression:
. 1—exp[- NTU(1 +(C, ;. /Cou )] (3.39)
1+ (Crin / Crax)
For (C,;,/C...)=1, Eq. (3.38) is indeterminate, but by applying

L’Hospital’s rule to Eq. (3.38), the following result is obtained: for
(Cmin /C

max

) =1 for counter flow

‘= NTU (3.40)
1+ NTU
and for parallel flow, Eq. (3.39) gives
41
8__:l(l__e—ZNTU) (3 )

For (C,, /C..) =0 for parallel flow or counter flow, Egs. (3.38) and
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(3.39) become
g =1—g NV (3.42)
Note that € is a function of NTU, C*, and the flow arrangement.
Similar expressions have been developed for heat exchangers having other
flow arrangements, such as cross flow, multipass, and so forth. The results are

summarized in Table 3.1. [44] € - NTU relations are also graphically given in
Appendix C. [45]
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3.6 THE P-NTU, METHOD

This method is a variation of the € - NTU method. The €- NTU relations
are different depending upon whether the tube fluid is the C,,, or C fluid in
shell-and-tube heat exchangers. P is defined as the temperature effectiveness of
the heat exchanger on one fluid side, regardless of whether it is the hot side or the
cold side, in order to avoid possible confusion about which is the C_,,. NTU is
based on that side’s heat capacity rate and R is the ratio of that side’s heat
capacity rate to that of the other side. That side is chosen arbitrarily as the cold
fluid side. If instead of hot and cold fluids, the shell-side and the tube-side fluids
are to be distinguished, the results may also be presented based on the tube-side.
The definitions of P, R, and NTU are given by Egs. (3.25), (3.26), and (3.36),

respectively, where C . =C.,.

Comparing Eqns. (3.26) and (3.34), temperature effectiveness P and

exchanger effectiveness ¢ are related to each other by

P = Cmin
C

[d

3 for C,=C,_, (3.43)
€ =
g-C" for C, =C_,

NTU, isrelated to NTU based on C;, as

C

C

c . [NTU for C, =C,, (3.44)
NTU, = NTU -2 = * ‘
' NTU-C* for C,=C,

Similar to the exchanger effectiveness € , the temperature effectiveness P

is dependent on NTU,, R, and flow arrangement. Note that the results are also
valid for P, NTU,, and R all based on the tube-side fluid variables or shell-side

fluid variables; they can also be based on the hot fluid variables.

The origin of the P—NTU, method is related to shell-and-tube heat
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exchangers. The P— NTU_ results are generally presented on a semi-log paper, as

shown for example in Figure 3.6 [46], in order to obtain more accurate graphical

values of P or NTU,.

The total heat transfer rate from the hot fluid to the cold fluid in the heat

exchanger in the P — NTU_ method is expressed as

Q=PC(T,,~-T.,) (3.45)

The P—-NTU, relationships can be derived directly for any flow
arrangement or can be obtained from the £ -NTU relationship given in Table 3.1,
by replacing C”, €, and NTU by R, P, and NTU_, respectively, using Eqgns.
(3.31), (3.43), and (3.44).
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Figure 3.6 The temperature effectiveness P as a function of NTU,
and R for a 1-2 shell-and-tube heat exchanger with shell fluid mixed

o
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3.7 THE w-PMETHOD

A trial-and-error method is needed for the solution of the rating problem
by the LMTD method and for the solution of the sizing problem (for multipass
shell-and-tube heat exchangers) by the €- NTU method. This method is v - P

method that combines all the variables of the LMTD and €- NTU methods and
eliminates their limitations for hand calculations. In this method, a new term y
which is the ratio of the true mean temperature difference to the inlet temperature

difference of the two fluids, is introduced. [46]

AT (3.46)

v is related to € and NTU by the following expressions:

& P (3.47)
NTU NTU,

v

Recall that the log-mean temperature difference factor is defined as

AT (3.48)

m

AI}m,cf

where AT, is the true mean temperature difference. An actual heat exchanger of

any flow arrangement of interest is compared with a reference counter flow heat
exchanger having the same terminal temperatures in order to evaluate F.

Therefore, Eq. (3.48) can be also expressed as

_NTU_,

~ NTU

[

(3.49)

where NTU, is the actual number of transfer units for a given heat exchanger.
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The P—NTU, relationship can be written for counter flow from Table 3.1 as

_ 1-exp[~NTU,(1-R)] (3.50)
" 1-Rexp|-NTU,(1-R)]

and

" lRln(ll_ijj for R#1
NTU, , =41~ - 3.51)
P for R=1
1-P
Eqns. (3.47), (3.49), and (3.51) can be combined to relate y to F as
FP(1-R) (3.52)

¥ T ma-rPY(-P)]

Therefore, y depends on P, R, and flow arrangement. In the y — P method, the

rate of heat transfer can be calculated as
Q=Udy (T,,-T,) (3.53)

Since y represents the dimensionless term A7),, there is no need to calculate
AT, . There are y - P charts with R as a parameter. As an example, the y - P

chart for a one shell pass—two tube passes shell-and-tube heat exchanger is shown
in Figure 3.7. [46]

Table 3.2 [5] shows the working equations for the LMTD, € - NTU,
P—-NTU_, and y - P methods.
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Figure 3.7
mixed

y — P chart for a 1-2 shell-and-tube heat exchanger, shell fluid

Table 3.2 Working equations for the LMTD, € - NTU, P~ NTU_, and

y - P methods

LMTD

€ -NTU

Q = UAFAT,,,

Q = eClin Tp1 — Te1)

LMID = AT, - = AL - ATy _ Gl ~Tha) _ Sy -74)
m,c
tn(aT; /AT, ) Conins Tt 1) Conin Ty = Z21)
ATy =Ty = Tepo ATy = Tjp — Ty c* - Smin _ (mcp)min
Crnax (m p)max
T2 ~Ta T ~Tha
P= C R= BRZ [ ,UdA
Thl _Tcl TCZ _Tcl Cmin ‘min 4
F =¢(P,R, flow arrangement) £=¢ (NTU,C", flow arrangement)
P -NTU, v-P
Q=PCc(Tp - Tyy) 0 =uvay(r, -1,,)
UA Cli AT,
NTU, = — = NTU 22 v=o ”;
Ce Ce n e

P =¢ (NTU_,R, flow arrangement)

v =¢ (P, R, flow arrangement)
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CHAPTER 4

DESIGN FUNDAMENTALS OF SHELL-AND-TUBE HEAT
EXCHANGERS

4.1 INTRODUCTION

The thermal design of heat exchangers is directed to calculate an adequate
surface area to handle the thermal duty for the given specifications whereas the
hydraulic analysis determines the pressure drop of the fluids flowing in the
system, and consequently the pumping power or fan work input necessary to

maintain the flow.

The most common problems in heat exchanger design are rating and
sizing. The rating problem is evaluating the thermo-hydraulic performance of a
fully specified exchanger. The rating program determines the heat transfer rate
and the fluid outlet temperatures for prescribed fluid flow rates, inlet
temperatures, and the pressure drop for an existing heat exchanger; therefore the
heat transfer surface area and the flow passage dimensions are available. The
rating program is shown schematically in Figure 4.1. [2] The sizing problem,
however, is concerned with the determination of the dimensions of the heat
exchanger. In the sizing problem, an appropriate heat exchanger type is selected
and the size to meet the specified hot and cold fluid inlet and outlet temperatures,

flow rates, and pressure drop requirements, is determined.
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Figure 4.1 The rating program

There are some criteria for a successful heat exchanger design. These

principles are given below. [2]

The process requirements which are accomplishing the thermal change on the
streams within the allowable pressure drops, and retaining the capability to do
this in the presence of fouling until the next scheduled maintenance period
must be fulfilled.

The heat exchanger must withstand the service conditions of the plant
environment.

The exchanger must be maintainable. In other words, a configuration that
permits cleaning and replacement of any component that is especially
vulnerable to corrosion, erosion, vibration, or aging, must be chosen.

The designer should consider the advantages of a multishell arrangement with
flexible piping and valving provided to allow one unit to be taken out of
service for maintenance without disturbing the rest of the plant.

The heat exchanger should cost as little as possible provided that the above
criteria are satisfied.

Limitations on the heat exchanger length, diameter, weight, and/or tube
specifications due to site requirements, lifting and servicing capabilities must

be all taken into consideration in the design.

There are some terms used in heat exchanger specification problems and

their solutions, which are often confused. These are ‘rating’, ‘design’, and

‘selection’. ‘Rating’ is the computational process in which the inlet flow rates and
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temperatures, the fluid properties, and the heat exchanger parameters are taken as
input and the outlet temperatures and thermal duty (if the exchanger length is
specified) or the required length of the heat exchanger are calculated as output. In
either case, the pressure drop of each stream will also be calculated. ‘Design’ is
the process of determining all essential constructional dimensions of an exchanger
that must perform a given heat duty and respect limitations on shell-side and tube-
side pressure drop. A number of other criteria are also specified, such as minimum
or maximum flow velocities, ease of cleaning and maintenance, erosion, size
and/or weight limitations, tube vibration, and thermal expansion. Each design
problem has a number of potential solutions, but only one will have the best
combination of characteristics and cost. ‘Selection’ means choosing a heat
exchanger from among a number of units already existing. Typically, these are
standard wunits listed in catalogs of various manufacturers. Sufficient
manufacturer’s data usually exist to allow one to select comfortably oversized

exchanger with respect to both area and pressure drop.

For the present chapter, Kern and Bell-Delaware methods will be
presented by performing Thermal Analysis and Hydraulic Analysis separately for
the tube-side and for the shell-side. The rationale behind these choices is that the
Kern method offers the simplest route and the Bell-Delaware method offers the

most widely accepted method.

4.2 KERN METHOD

The first attempts to provide methods for calculating shell-side pressure
drop and heat transfer coefficient were those in which correlations were
developed based on experimental data for typical heat exchangers. One of these
methods is the well-known Kern method, which was an attempt to correlate data
for standard exchangers by a simple equation analogous to equations for flow in
tubes. However, this method is restricted to a fixed baffle cut (25%) and cannot
adequately account for baffle-to-shell and tube-to-baffle leakages. However,
although the Kern equation is not particularly accurate, it does allow a very simple

and rapid calculation of shell-side coefficients and pressure drop to be carried out
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and has been successfully used since its inception. [1]

Since Delaware method is a rating analysis, first Kern method is used to

estimate the size of the heat exchanger for a given specification.

4.2.1 Thermal Analysis for Tube-Side

4.2.1.1 Number of Tubes

The flow rate inside the tube (7,) is a function of the density of the fluid
(p,), the velocity of the fluid (#, ), cross-sectional flow area of the tube (4,), and

the number of tubes ( N,). [4]

m, = pu, AN, (4.1)

By using Eq. (4.1) and replacing A4 by md’/4, number of tubes can be

calculated as

4.2)

I3

4m
N, = 2
pumnd,;

where d, is the tube inside diameter.

4.2.1.2 Tube-Side Reynolds Number

The criterion of distinguishing between laminar and turbulent flow is the
observed mixing action. Experiments have shown that laminar flow exists when

the Reynolds number (Re) is less than 2000. [4]

. 4.3
Re, = L2t (4.3)

K,
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where p, is the viscosity of the tube-side fluid, u, is fluid velocity inside the

tubes, and p, is the density of fluid in the tubes.

4.2.1.3 Tube-Side Nusselt Number

Nusselt number is a function of Reynolds number (Re) and Prandtl
number (Pr). However, there are equations developed according to the type of

flow. For turbulent flow, the following equation developed by Petukhov-Kirillov
can be used. [47]

(f/2)Re, Pr, 44
u, =
1.07 +12.7(f /2)"*@r*-1)

where f is the friction factor which can be calculated from

f =(1.58InRe,—3.28) (4.5)

Eq. (4.4) predicts the results in the range 10* <Re, <5x10° and 0.5 < Pr, <200

with 5 to 6% error, and in the range 0.5 < Pr, < 2000 with 10% error.

For laminar flow, the Sieder and Tate correlation can be used. [48]
173 (4.6)
Nu, = 1.86(56{5&)

where Re, is the Reynolds number for the tube-side, Pr, is the Prandtl number for

the tube-side fluid, d, is the tube inside diameter, and L is the tube length. Eq.

(4.6) is applicable for 0.48 < Pr, <16700 and (Re,Pr,d,/L)" > 2.
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4.2.1.4 Tube-Side Heat Transfer Coefficient

The heat transfer coefficient for the tube-side is expressed as follows:

k (4.7)

where Nu, is the Nusselt number for the tube-side fluid which is found by using
Eqgs. (4.4) and (4.6), k, is the thermal conductivity of the tube-side fluid, and d; is

the tube inside diameter.
4.2.2 Thermal Analysis for Shell-Side
4.2.2.1 Shell Diameter

The number of tubes is calculated by taking the shell circle and dividing it
by the projected area of the tube layout. That is [5]

, (4.8)
N, = (cTP) ™
44

1

where 4, is the projected area of the tube layout expressed as area corresponding
to one tube (Eq. 4.9), D, is the shell inside diameter, and CTP is the tube count

calculation constant that accounts for the incomplete coverage of the shell
diameter by the tubes, due to necessary clearances between the shell and the outer
tube circle and tube omissions due to tube pass lanes for multitude pass design

[5]. The CTP values for different tube passes are given below: [5]

one-tube pass — CTP =0.93
two-tube pass - CTP =0.90
three-tube pass — CTP =0.85
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4, is expressed as
4, =(CL)B’ (4.9)
where P, is the tube pitch and CL is the tube layout constant.

for 90° and 45° - CL=1.0
for 30° and 60° — CL =0.87

Combining Eq. (4.8) with Eq. (4.9), one gets

2
- (CIP)D, (4.10)
4(CL)(PR)*(d,)’
where PR is the tube pitch ratio given by
P, (4.11)

PR=-L
do

In Eq. (4.11), d, is the tube outside diameter. The shell inside diameter D, from

Eq. (4.10) can be written as [5]

2, 2 (4.12)
D, = 0637 [CL | 4,(PR)d,
CTP L

where 4, is the outside heat transfer surface area based on the outside diameter of

the tube and can be calculated by the following formula

A,=nd N,L (4.13)
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4.2.2.2 Shell Equivalent Diameter

The equivalent diameter is calculated along (instead of across) the long
axes of the shell and therefore is taken as four times the net flow area as layout on

the tube sheet (for any pitch layout) divided by the wetted perimeter. [1]

D = 4 x free - flow area (4.14)
°  wetted perimeter
4 do e B 2 r—

Flow O \ _IT Flow C-lT’T
-k : i

Figure 4.2 Square and triangular pitch-tube layouts

As shown in Figure 4.2 [5], for the square pitch, the perimeter is the
circumference of a circle and the area is a square of pitch size (B’ ) minus the area

of a circle. Therefore, for a square pitch (as if flow is parallel to the axis of the

heat exchanger): [1]

2
4z - e
D - 4 (4.15)

and for the triangular pitch: [1]

(4.16)
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where d, is the tube outside diameter.

The number of tubes at the centerline of the shell is calculated by

D (4.17)

where N, is the number of tubes and P, is the tube pitch and the flow area

associated with each tube between baffles is (C - B) ; hence

4 Dicg (4.18)

s
T

where 4; is the bundle cross flow area, D, is the inner diameter of the shell, C is

the clearance between adjacent tubes, and B is the baffle spacing. As shown in

Figure 4.2, the tube clearance (C) is expressed as

C=P -2r,=P.—d, (4.19)

Then the shell-side mass flow rate is found with

i (4.20)

where 71, is the flow rate of the shell-side fluid.

4.2.2.3 Shell-Side Reynolds Number

Reynolds number for the shell-side is based on the tube diameter and the

velocity on the cross flow area at the diameter of the shell:
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; 4.21
Re :(ﬂ}_‘D_e ( )
A )y,

where D, is the equivalent diameter on the shell-side, 71, is the flow rate of the

shell-side fluid, p, is the viscosity of the shell-side fluid, and 4, is the cross flow

area at the shell diameter.
4.2.2.4 Shell-Side Heat Transfer Coefficient

The heat transfer coefficient for the shell-side in the Kern Method can be

estimated from [1]

, 036k, (4.22)

° D

e

0.55 1/3
Re,™ Pr,

for 2x10° <Re, 6D 5100
m

where £, is the thermal conductivity of the shell-side fluid, Re, is the Reynolds
number for the shell-side, Pr, is the Prandtl number for the shell-side fluid, and

D, is the equivalent diameter on the shell-side.

4.2.2.5 Overall Heat Transfer Coefficient for the Heat Exchanger

The overall heat transfer coefficient for clean surface (U,) is given by

1_1 14, r(/5) (4.23)
U, h, hd, k

o

where 7, is the shell-side heat transfer coefficient, 4, is the tube-side heat transfer
coefficient, 7, is the tube outer radius, 7 is the tube inner radius, and & is the

thermal conductivity of the tube material.
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Considering the total fouling resistance R, given in Table D.1 [36], the

heat transfer coefficient for fouled surface (U,) can be calculated from the
following expression:

(4.24)

+R,

Q|._.

1
Uf

4

4.2.2.6 Outlet Temperature Calculation and Length of the Heat Exchanger

The amount of heat exchange between two fluids as they flow through a
one shell-pass, two tube-passes shell-and-tube heat exchanger due to temperature
variation is given in Egs. (3.5), (3.6), and (3.7). By equating Egs. (3.5) and (3.6),
the outlet temperature for the fluid flowing through the tube is

- (rc,)y (T = Tjp) (4.25)

T - +T,

c2

cl

The log-mean temperature difference LMTD can be calculated by using Eq.
(3.25). Since the total heat transfer rate is also known, the surface area of the heat

exchanger for the fouled condition is

4 = Q (4.26a)
7 U (F)(LMID)

and for the clean condition

o 0 (4.26b)
“" U.(F)(LMTD)

where the LMTD is always for the counter flow,
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(Tu—T,)- T, - T,) (4.27)
m[(];ﬂ - Tcz )/(Th2 - Tcl )]

LMTD =

The over surface design (OS) can be calculated from [1]

4 U (4.28)

0S=-L
4 U,

The corresponding total resistance will be from Eq. (4.24)

1 1 (4.29)

The length of the heat exchanger is calculated by

4,

4.30
L (4.30)
Nmd,

where N, is the total number of the tubes, d, is the tube outer diameter, and L is

the length of the heat exchanger.
4.2.2.7 Shell Diameter

Shell diameter can be recalculated from Eq. (4.12) as [5]

1/2
[CL [ 4,(PR)*d,
D, =0.637

where CL and CTP values for different tube passes and tube layouts are given in

section 4.2.2.1.
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4.2.3 Hydraulic Analysis for Tube-Side

The pressure drop encountered by the fluid making N, passes through the

heat exchanger is a multiple of the kinetic energy of the flow. Therefore, the tube-
side pressure drop is calculated by [4, 6]

(4.32)

LN 2
Apt =(4f; —-d—pL+4NpJ"pt2&

i

where L is the tube length, N, is the number of passes, p, is the density of the

fluid flowing inside the tubes, and f, is the friction factor calculated from Eq.

2
(4.5). The second term in Eq. (4.32) which is 4N, —p—’zbi‘— is the additional pressure

drop introduced by the change of direction in the passes. The tube fluid
experiences sudden expansions and contractions during a return that is accounted

for allowing four velocity heads per pass.
4.2.4 Hydraulic Analysis for Shell-Side

The shell-side fluid experiences a pressure drop as it passes through the
exchanger, over the tubes, and around the baffles. If the shell fluid nozzles (inlet
and outlet ports) are on the same side of the heat exchanger, then the shell-side
fluid makes an even number of the tube bundle crossings, but if they are on
opposite sides, then it makes an odd number of the bundle crossings. The number
of bundle crossings therefore influences the pressure drop. Based on experiment,

the pressure drop experienced by the shell-side fluid is calculated by [1,6]

_ LG W, +DD, (4.33)

A
? 20.D.0,

s

where ¢, = (u,/n, )", N, is the number of baffles, (N, +1) is the number of
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times the shell fluid passes the tube bundle, D, is the shell equivalent diameter
determined from Eqgs. (4.14) and (4.15), p, is the density of the shell-side fluid,

and D, is the shell inner diameter. The friction factor, f,, for the shell is

calculated from [1, 6]

f. =exp(0.576-0.191nRe,) (4.34)

where

400<Res=§s—&slx106
18

Note that p, is the viscosity of the shell-side fluid at bulk temperature, and p,, is

the viscosity of the tube-side fluid at wall temperature. The wall temperature can

be calculated as follows:

y L (T+T, Li+T
y g 2 2

4.3 BELL-DELAWARE METHOD
4.3.1 Historical Development of the Delaware Method

The Department of Chemical Engineering at the University of Delaware
started in 1947, a comprehensive research program on shell-side design of shell-
and-tube heat exchangers. This project is called Delaware Project and it finished
in 1963. In 1947, the project started under ASME sponsorship using funds from
the Tubular Exchanger Manufacturers Association, the American Petroleum
Institute, Standard Oil Development Co., Andale Company, Downingtown Iron
Works, Davis Engineering Co., E.I. du Pont de Nemours and Company, and York
Corporation. The principal investigators were Professors Olaf Bergelin and Allan

Colburn of the University of Delaware. [2]
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In 1947, the experimental program started with measurements of heat
transfer and pressure drop during flow across ideal tube banks and hence the
various design features characteristic of shell-and-tube heat exchangers were
introduced in commercial use. Then several baffle cut and spacing configurations
were studied inside a cylindrical shell with no baffle leakage first. But baffle
leakages between baffles and the shell and between the tubes and baffles were
added afterwards. Finally, the bypass flow around the bundle between the outer
tube limit and the shell inner diameter was investigated. The first report was
published in 1950 and the second report, in 1958. In 1960, a preliminary design
method for E shell heat exchangers was issued. In 1963, the final report was
published. [2]

4.3.2 Simplified Mechanisms of Shell-Side Flow

As can be seen from Figure 4.3 [6], five different streams are identified on
the shell-side. Stream B is the main cross flow stream flowing through one

window across the cross flow section and out through the opposite window.

However, there are four other streams because of the mechanical
clearances required in a shell-and-tube heat exchanger. One of them is the A
stream that leaks through the clearance between the tubes and the baffle, from one
baffle compartment to the next. There is also the C stream which is the bundle
bypass stream and which flows around the tube bundle between the outermost
tubes in the bundle and the inside of the shell. The E stream flows through the
clearance between the baffles and the inside diameter of the shell. Finally, the F
stream flows through any channels within the tube bundle caused by the provision
of pass dividers in the exchanger header. Therefore, it exists only in multiple

tubepass configurations.
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Figure 4.3 Diagram indicating leaking paths for flow bypassing the tube
matrix, both through the baffle clearances between the tube matrix and shell

Figure 4.3 is an idealized representation of course because the streams
defined above are not exactly as they are shown in the figure. They form and mix
and interact with one another and a more complete analysis is needed for the
shell-side flow but this analysis cannot be carried out exactly because of a lack of

knowledge of the turbulent flow structures on the shell-side.

All the streams other than B affect the performance of the essential B
stream. The first effect of the various streams is that they reduce the B stream and
therefore the local heat transfer coefficient. Secondly, they change the shell-side
temperature profile. The Delaware method lumps these two effects together into a

single correction.

Bell (1963) [1] developed therefore Delaware method in which correction

factors were introduced for the following elements:

(a) Leakage through the gaps between the tubes and the baffles and the baffles
and the shell, respectively.

(b) Effect of the baffle configuration (i.e., a recognition of the fact that only a
fraction of the tubes are in pure cross flow).

(c) Bypassing of the flow around the gap between the tube bundle and the
shell.

(d) Effect of adverse temperature gradient on heat transfer in laminar flow.

85



Delaware method is a rating analysis. In a rating problem, the process
specifications which are the flow rates, outlet temperatures (if length is to be
found), inlet temperatures, physical properties, fouling characteristics, and
geometrical parameters of the heat exchanger which are the shell inside diameter,
the outer tube limit, the tube diameter, the tube layout, the baffle spacing and the
baffle cut are all given and the length (if not given) and the duty (if length is

given) and pressure drops for both cases are calculated. [37]

4.3.3 Basic Input Data

To rate the heat exchanger, the input data should be fully specified. [3]
The basic set of input data is required for shell-side rating calculations. It includes
data for the design of the overall exchanger, including tube-side flow and some
values (such as leakage and bypass clearances) that are not readily available and
usually must be estimated. Basic data required for tube-side calculations are also
included, as they must form an entity of the entire shell-and-tube heat exchanger
rating process. Moreover, tube-side data enter directly into shell-side flow
calculations in several aspects, for example, tube wall temperature, tube count,

etc.

The TEMA Standards [36] are used wherever applicable, but metric (DIN)

standards are introduced wherever possible.

The following list shows all the basic input data with the comments.

1) D, (mm), shell inside diameter: The shell inside diameter value found

before in Kern method (or other methods) is used as the input data in the
Bell-Delaware method or Tables E.1-E.3 [3] show suggested dimensional
series for inch-based U.S. practice and for metric as per DIN 28008 and

other industrial standards.

2) d, (mm), tube outside diameter: Tables E.4 and E.5 [3] show the
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3)

4)

5)

6)

recommended tube dimensions in inch standard and in metric standard,

respectively.

There are some criteria to be used while selecting the tube diameter. Small
tube diameters are generally preferred because of better heat transfer
effectiveness, but cleaning considerations limit the selection of tube
diameter. Moreover, the ratio of the tube outside diameter to shell inside
diameter must be maintained within reasonable limits. Smaller diameter
tubes within larger shells would not be economically justifiable. In the
same way, relatively large tube diameters in small shells cause the
correlational parameter effects to be faulty. Therefore the approximate

ratio of minimum D, to d, should generally be about 15. [3]

L, (mm), tube wall thickness: Tube wall thickness is determined

according to temperature, pressure, material strength, and possible

corrosion allowance from standard practice. Tube wall thickness is used in

the determination of inside tube diameter d; and in tube wall resistance

calculations.

d; (mm), tube inside diameter: Tables E.4 and E.5 show the nominal

values of tube inside diameters. Tube inside diameter is calculated as

d,=d,-2(L,) (4.35)

k (W/m.K), tube wall material thermal conductivity: The thermal
conductivity of the tube wall material is used in the determination of the
tube wall heat transfer resistance. The value of tube wall material thermal
conductivity is dependent on temperature and can be found from material

properties tables.

P, (mm), tube layout pitch: The tube layout pitch is used in the

determination of the cross flow area. The smaller the value, the more tubes
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7

can be located in a given shell. However, one should pay attention to the
minimum necessary distance between adjacent tube holes in the tube-
sheet, which is required for proper tube-to-tubesheet joint. Shell-side
pressure drop can be adjusted by the tube layout pitch variation. If
mechanical cleaning is required on the shell-side, the gap between
adjacent tubes should be kept to about % in or 6.3 mm. Tube layout pitch
ratio P, /d, which is the ratio of tube pitch to tube diameter should be kept

approximately 1.25 as a minimum and 1.5 as a maximum. U.S. practices
of tube pitch dimension for specific tube diameters are shown in Table
E.6. [3]

0, (deg), tube layout characteristic angle: The tube layout is defined by

the characteristic angle and the corresponding definition of the tube pitch.

The tube pitch values for different 6,, values are given in Table 4.1. [3]

Table 4.1 Tube layout geometry basic parameters

Cross flow —e Op P, P

0.5E 0.866 £
’ E

0.707B  0.707E
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8)

The 30° 45° and 90° layouts are given but 60° layout is not considered
because it produces lower effectiveness in pressure drop to heat transfer
conversion for single-phase flow applications and therefore is not
generally recommended. The 30° staggered layout has the highest tube
density. Therefore, the largest heat transfer surface within a given shell
can be obtained by 30° layout. This layout has also a high effectiveness of
pressure drop to heat transfer conversion. Therefore, it should be primarily
considered while choosing the appropriate tube layout. However, it causes
the highest pressure drop for a given tube pitch. The 45° staggered layout
has also a high effectiveness of pressure drop to heat transfer conversion.
However, when comparing with 30° layout, it is not more advantageous
because it permits only about 85% of tubes within a given shell. An
important advantage of 45° layout is that the pressure drop for a given
pitch is less than for a 30° layout. Another advantage of 45° layout is the
possibility of shell-side cleaning from outside by mechanical means, if
sufficient clearance between tubes is allowed (approximately 7 mm). The
90° in-line layout should not be used in laminar shell-side flow, but it has
also a high effectiveness of pressure drop to heat transfer conversion in
turbulent flow. The cleaning convenience of shell-side from outside is the
same as for 45° layout. The 90° layout should be considered as an
alternative to the 30° or 45° staggered layout, especially if low pressure
drop is desired. [37, 3]

L,,L,,L,, , tube length definitions: Figure 4.4 [3] shows the tube length
definitions.
Baffle Tangent to
:‘Zb”hei Outer Tabe Row \
- BN Outer Tube
\ Bend Radius
1/
—d L(‘_I%I=Lm~Lu* ’Lts Lu 0.3 Doy
Ly Ly
Lln

Figure 4.4 Tube length definitions
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L,, is the nominal tube length for all bundle types except U tubes. For U

tube bundles, the tube length varies between the outer and inner rows. The
length should be from the tube sheet to the tangent of the outer tube bend.
The last baffle should be located at that position. L, is the length of

summation of all baffle spacings, that is the length between the insides of

the tubesheets, except U tubes. For U tubes, L, is the distance between the
inside of the tube sheet and the last baffle. To determine L, the tubesheet

thickness should be known. If the tubesheet thickness is not available, it

can be estimated as [3]
L, =0.1D, (4.36)

with limit L, > 25 mm. The next more accurate estimation of L, is [3]

(4.37)
1, =0.5D, |5
(o)

s

where P is the shell-side operating pressure and o, is the allowable

strength of tubesheet material at operating temperature. L, is then

calculated as

‘Lti = Lto - 2Lts (4'38)

for all bundle types except U tubes, and

L,=L

1] to

-L

s

(4.39)

for U tube bundles. Finally, L, is the effective tube length for heat

transfer area calculations. L, is determined as [3]

(4.40)



9)

for all bundle types except U tubes, and

L,=1,+03D,, (4.41)

for U tube bundles. [3] For U tube bundles, the tubular area in the U bend
beyond the last baffle is estimated as an additional tube length of 0.3D,,,

where D, is defined in further items. For tube-side pressure drop

calculations, the total nominal flow length of the tubes L, is required. L,

is determined as [3]

L,=L, (4.42)
for all tube bundle types except U tubes, and
L,=L,+L, (4.43)

for U tube bundles. [3] Note that these values are multiplied by the number

of tube passes N, to determine the effective flow length in the tubes.

B, (%), segmental baffle cut as percent of D, : The baffle cut height

L, , (mm) is related to B, as shown in Figure 4.5 [3] as

L, . (4.44)
B, —[—D—]aom %)

s

assuming that the segmental baffle is centered within the shell inside

diameter D, . The small difference between the shell and baffle diameter is
called the clearance L, and it is important for leakage corrections. For

design purposes and/or for checking on specified values, a chart showing

the recommended values, in the form of B, versus the ratio of the central

baffle spacing B (which will further be explained) and the inside shell
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diameter D, is given in Figure 4.6. [3]

Inside Shell Diameter, D!

Figure 4.5 Segmental baffle cut height L, , related
to baffle cut B, (%)

N\ \\\\\\\\\\ \\\\\\\\\\

0 01 02 03 04 05 06 07 08 09 1.0
=p- B /D,

Figure 4.6 Recommended segmental baffle cut values B, as a
function of B/D, ratio. SBC, segmental baffle cuts in no-phase-
change flow; CV, baffle cuts applicable to condensing vapors

10) B (mm), central baffle spacing: As can be seen from Figure 4.7 [3], the

term ‘central’ in central baffle spacing is to state a uniform baffle spacing
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over the baffled length of the tube bundle because sometimes, the baffle

spacing changes due to the inlet and outlet regions. The minimum
acceptable baffle spacing B_, 1s required for reasons of good flow

distribution to get a steady flow pattern of the cross flow and baffle

window flow. Minimum baffle spacing according to firmly established
rules is equal to 20% of the shell diameter D,, but not less than
approximately 50 mm. The maximum acceptable baffle spacing B,,, is

limited by some requirements.

Region of Central
Baffle Spacing, B 1 B, "1

B, B *A—-ln f—

f¢—— B, —~ Ha—-B,—~
Figure 4.7 Schematic sketch of baffle distribution. Maximum
unsupported tube span L, . in the B region (A) and in the

inlet/outlet region (B and B,).

One of these requirements is that for getting good flow distribution, which
in connection with the baffle window dimensioning, the maximum baffle

spacing should not exceed the shell diameter D, . So, B,,, =D, . Another
requirement for the restriction of B, is the sufficient support for the

tubes to prevent sagging and possible tube vibration. This dimension is

defined by TEMA as the ‘maximum unsupported span’, L The

‘b, max *
TEMA recommended values of L, .. for plain tubes are a function of the

tube diameter and two tube material groups: group A, steel and steel
alloys; group B, aluminum and copper alloys. TEMA R type specifies tube
diameters between % in (~ 19 mm) and 2 in (= 51 mm). TEMA C type
uses the same values as the TEMA R, but extends the tube diameter to %
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in (= 6 mm). The values are represented by the following equations: [3]

Material group A:
Ly e =52d,+532 (mm) ford,=19-51mm  (4.45a)
L, o =68d, +228 (mm) ford, =6-19mm  (4.45b)
Material group B:
Ly o = 46d, +436 (mm) ford, =19-51mm  (4.45c)
Ly e = 60d, +177 (mm) ford, =6-19mm  (4.45d)

Note that for the central baffle spacing, maximum unsupported

length is in the baffle window and B,, =0.5L, . . However, the longest

unsupported span can occur in the inlet or outlet baffle spacing and

through the adjoining baffle window, as shown in Figure 4.7.

Note that certain shell types such as E, J, and F shell can be used
with odd or even number of baffles and hence baffle spacings. For E shell,
odd or even number of baffles can be used but nozzle orientation is then
determined. However, for J shell, only even number of baffles can be used.
In the same way, in F shell, only even number of baffles for standard cross

flow orientation is used.

B,, B, (mm), inlet and outlet baffle spacing: In the cases where large

inlet and outlet nozzles must be used and the baffle spacing adjoining the

nozzles must be enlarged, the additional data entries of B; and B, are

necessary. In these cases the longest unsupported tube span is in the baffle

window adjoining the enlarged baffle space. This value must not exceed
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the TEMA limitation L, ... . [3]

N,, total number of tubes in shell, or number of holes in tubesheet for
U tube bundles: The number of tubes in a tube bundle, N,, is a function
of shell diameter D,, tube bundle type, which in turn affects the value of
the ‘tube bundle-to-shell bypass clearance’ L,,, and determines the value
of D,,, the circle diameter through the centers of the outer tube rows, tube
diameter d,, tube pitch P, tube layout pattern angle 6,,, and number of
tube passes N, . For heat exchangers specified by drawings or otherwise,
N, will be known. In most cases it is still important to know if tubes were

omitted for impingement plates (Figure 4.8) [3] or bypass partition (Figure
4.9). [3]

Figure 4.8 Schematic arrangement of shell-side
impingement protection

Because of the many parameters affecting N,, tabular information based

on actual layouts and often referred to as ‘tube count’ is always limited.

Especially for design cases where D,, N,, and other variables may

change while doing the calculations, an estimation procedure is important.

A simple but reasonably accurate correlation is suggested below. [3]
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For a single tube pass, N, = 1:

0.78 D> (4.46)

ctl

CL(P,)’

N, =(N), =

where D, is the diameter of the circle through the centers of the tube

located within the outermost tubes, P, is tube layout pitch, and CL is tube

layout constant and CL=0.87 for 30° and 60° layouts or CL=1.0 for 45°
and 90° layouts.

.

7’4
/
ENT
L =
N olo 7
S GO/
- Loy, i

Z oy l L, (by pass lane;

(Inside Shell Diameter)

Figure 4.9 Basic baffle geometry relations

If tubes have to be omitted to accommodate impingement plates

(Figure 4.8) or for reasons of shell fluid distribution, a correction factor

based on subtracting from the area of the D, circle in Eq. (4.46),

0.78D>

ctl »

the area that is not occupied by the tubes, has to be applied.
Hence, [3]



Nt =(Nt)1(1 _\ljc) (4473)

where y, is the correction factor calculated by the same principles as the

baffle cut area shown in Figure 4.9 and Eqns. (4.62) and (4.64).

Substituting the values corresponding to this situation, one gets [2, 3]

. (4.47b)
8, =2cos™ D 1,5 (deg)
” 100
i 4.47
s, = 078D, Zer Sln%) (4.47¢)
360 2n

where S, is the area of the cutoff from the D, circle and B is the cut in
percent of D_ between the inside shell diameter D, and the cut line,

similar to B, in Figure 4.9. Then

* 4.47d
B =%ﬂ1oo %) @479

s

where L, , is the baffle cut height. The correction factor v, is then

v = O sind,, (4.47¢)

360 2n

Eq. (4.47a) is valid only for cut out on one side of the shell. If the tube
field on both sides of the shell is cut in the same way (such as for no-

tubes-in-window designs), 2y, should be used instead of y_, in Eq.
(4.472).

For N, >1 (multipass arrangement), a correction factor y, must

be used to account for the decrease of tube count due to tube pass
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partitions.

N, =(N)(1-v,) (4.48)

The accuracy of Eq. (4.48) is approximately 10% on small shell diameters
(D, <400 mm) and 5% for larger shell diameters. [3]

N, , number of tube passes: Pass partitions in a heat exchanger should be

located as much as possible perpendicularly to the cross flow stream, to
avoid bypass flow. If pass partitions are in the flow direction, tie rods are
placed into the tube pass partitions to block the flow. For shell-side

calculations, N, is used only for estimation of tube count, as tubes are

omitted on account of the pass partitions. In overall rating problems, this

item is used for determination of tube-side flow velocity and for the AT,
correction factor. The maximum value of N, for a given shell diameter
D, should be observed, because otherwise too many tubes would have to
be omitted from the tube field. The table showing the values of N,

,max

according to different D, values, is given below. [3]

D, (mm) 200 400-800 800-1200 >1200
N 2 4-6 6-8 8-10

p,max

14)

If small tube diameters are used, large N, numbers can be used. It should

be noted that the minimum number of tubes per tube pass is approximately
8. The accuracy of the Bell-Delaware method will decrease if the above

rules are violated.

N,,, number of sealing strips (pairs) in one baffle crossing: If L,,,

which is the tube bundle-to-shell bypass clearance becomes large, such as

in pull-through bundles, the bypass stream will reach considerable
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magnitude, resulting in decreased heat transfer coefficient. To avoid this
effect, ‘sealing strips’ which are usually sheet metal strips attached to the
baffles, are allocated. These strips force the flow back into the tube
bundle, as shown in Figure 4.10. [3] As a general rule, sealing strips
should be considered if the tube bundle-to-shell diameter clearance, L,,,
exceeds approximately a value of 30 mm. So, all pull-through floating

head designs require sealing strips whereas fixed tubesheet and U tube
designs do not.

Penetration
Area

Sealing Strip

Figure 4.10  Typical flow pattern in bypass stream
with sealing strip (N =1)

£

15) CB (code), tube bundle construction types: The Bell-Delaware method

will handle the following tube bundle types (TEMA Standards): [3, 36]

a) U-tube bundles, code UT: UT is the least expensive construction
because it needs only one tubesheet and is the best for tube
expansion requirements. Only an even number of tube passes is
possible. In U-tube bundles, mechanical tube-side cleaning is very
difficult because of the U bend shape. The tube bundle is
removable and shell-side cleaning is possible. Replacement of
defective tubes cannot be made.

b) Fixed tube sheet, code FX: FX 1is the next least expensive

construction, because it needs two tubesheets. However, it is
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d)

limited by tube expansion requirements (expansion bellows). Only
chemical cleaning of shell-side is possible. Replacement of
defective tubes is easy.

Split-ring floating-head bundle, code SRFH: SRFH is used for
applications where U-tube construction is not desirable but thermal
expansion is required. Shell-side cleaning by mechanical means is
required rarely (since complete disassembly of the rear head is
necessary). More tubes per shell diameter can be accommodated
than with the PTFH type; there is also much less bypass area.
Replacement of defective tubes is easy.

Packed floating-head bundle, code PFH: PFH is similar to SRFH
except that tubesheet packing may cause problems.

Pull-through floating-head bundle, code PTFH: PTFH is used
when it is necessary to clean the shell-side frequently. PTFH is the
easiest type for pulling the bundle for shell-side cleaning.

L, (mm), diametral clearance between tube outside diameter d, and

baffle hole: L, is required for determination of tube-to-baffle hole

leakage stream, which is a correlational parameter of the Bell-Delaware

method. TEMA Standards specify recommended clearances in the baffle

tube hole as a function of tube diameter d, and L,

as shown in Figure

,max ?

4.11. [3] Instead of TEMA Standards given in Figure 4.11, DIN Standard

28182 recommendations given below can also be used. [3]

d, .. +0.7-d,)
dgmx ~0 -d, <1000 mm
L, (mm) =< > for L, .
d +0.4-d
oomax ° >1000 mm
dyn =0 —d, |

where d, . is the maximum tube outside diameter including tolerances,
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and d, is the nominal tube outside diameter.

=
=)
o
"

E ' ' All meax '
- ,ﬁ\
0.8 L
5|1, L <900 mm A !
@ > ]
% 0.6 (36in.) Drilled Holes -:
i
g L > 900 mm !
6 0.4 b, max \ }
E 0.2 <
2 N——
A Extruded Holes
0 P i 1 L L ke L
0 5 10 15 20 25 30 35 40 45 50

Tube Outside Diameter Dt , mm

Figure 4.11  Diametral tube-to-baffle hole clearance L, as a function of tube

diameter D, and the maximum unsupported tube length L,

TEMA

max *

Standards and for extruded baffle holes for small-diameter shells (D, < 350 mm)

17)

To use the above procedure, it is required to know d, which is

very difficult to find, which depends on type of tubing material, process of
manufacturing, and so on. Therefore, using Figure 4.11 is much more
simpler. Figure 4.11 shows the clearance values for drilled baffle holes
and for extruded baffle holes. Extruded holes are used for small shell and

small diameter tubes.

L, (mm), inside shell-to-baffle clearance (diametral): L, is the

clearance between the shell inside diameter and the baffle outside
diameter. It provides a passage for the shell-to-baffle leakage stream,
affecting seriously the heat transfer effectiveness. To determine the
leakage area, the average diametral clearance between the shell and the
baffle has to be established. The value of D, (mm) is a nominal
dimension, subject to manufacturing tolerances and out-of-roundness

tolerances. The baffle outside diameter will also be subject to

manufacturing tolerances. Therefore, TEMA specifies only the average

2. YOKSEXOERETIM mx_gpya
o " pOXUBIANTASY O WEFKEE]



18)

clearance L, as a function of the shell diameter D, . The TEMA step

values are approximated with a straight line, and curve-fitted as [36]

L, =1.6+0.004D, (mm) (4.49)

An additional clearance of 1.5 mm is added to Eq. (4.49) because of the
out-of-roundness tolerances, which are not clearly defined by TEMA. This
additional clearance results in leakage areas with a greater safety factor for
heat transfer but lower safety factor for pressure drop. TEMA average

curve with 1.5 mm additive safety is curve-fitted as [36]

L, =3.1+0.004D, (mm) (4.50)

L,, (mm), inside shell diameter-to-tube bundle bypass clearance
(diametral): L,, is two times the distance between the inside shell wall

and the circle circumscribed to the outermost tubes of the tube field, D,,,-

as shown in Figure 4.9. It determines the flow area for bundle bypass

stream and the corresponding correction factors. The value of L,, depends

mainly on the tube bundle type used. U-tube and fixed tubesheet
constructions require minimum clearances whereas split-ring and packed
floating-head constructions require much larger clearances, to
accommodate the rear head. Pull-through floating-head designs must
accommodate bolts for the rear head and require still much larger

clearances.

To calculate the bypass area, the tube bundle circumscribed circle,

D _,, is defined as [3]

otl >

=D -L, (4.51a)

or
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20)

21)

(4.51b)

The diameter of the circle through the centers of the tube located within

the outermost tubes, D ,, is also required to calculate other tube field

related parameters:

Dctl = Ds _(Lbb + da) = Dotl - da (4.52)

R;,, (m’K/W), shell-side fouling resistance (referred to tube outside

surface): Since the fouling resistance values affect the performance of the

heat exchanger, a careful consideration should be given to assigning a
value to this item. It is recommended to perform also the calculations for a
clean heat exchanger to see the effect of the fouling resistance assigned. If
substantial fouling resistance is specified, the resulting fouling layer
thickness may affect the tubular cross flow area and the tube-to-baffle hole
clearances. Fouling resistance values for a variety of fluids are given in

TEMA Standards in Table D.1. [36]

R;;, (m’K/W), tube-side fouling resistance (referred to tube inside

surface): The comments given in item 19 are also valid for tube-side
fouling resistance, R i However, even more careful consideration should
be given to tube-side fouling resistance because it is a strong function of
flow velocity. If tube-side fouling exists on externally low-finned tubes,
this resistance will be multiplied by the ratio of outside to inside tube
surface which is approximately 3, if the overall heat transfer coefficient is

based on the outside tube surface area. [3]

AP, 1nax 3 AP may » Maximum permissible pressure drops for shell-side

and tube-side, respectively: The best utilization of the allowed Ap given

in the design problem will result in the least expensive and most efficient

heat exchanger.
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22) Vi (m/s), maximum allowable tube-side flow velocity: In design

problems, the maximum permissible tube-side flow velocity is specified
sometimes instead of and/or in addition to the maximum permissible
pressure drop. This is due to the erosion effects related to tube material

used and the nature of the tube-side fluid (clean or with abrasive particles

present). A very rough estimation of v, . for clean fluids is 3 m/s for

carbon steel or Cu-Ni alloys, 5 m/s for alloyed steels, and 6 m/s for
titanium tubes. The presence of abrasive particles will require the lowering

of these limits, especially in U tubes. [3]

23) Vi, (m/s), minimum allowable tube-side flow velocity: The rate of

fouling for most fluids is strongly dependent on the flow velocity.
Therefore, a minimum tube-side velocity is required to prevent flow
velocity-sensitive fouling. Consequently, the heat exchanger designer has
to respect this limitation and eliminate design configurations that appear
otherwise acceptable but that do not meet this restriction. For liquids in

turbulent flow, v should not be below about 1.0 m/s and preferably

¢t,min

more; for cooling water, v, .. should be 1.0 m/s, but a generally accepted

n
value in design is v, 2 m/s considering the overall cost optimizations

between pumping power cost and cost of fouling. [3]

The other input data used in the Bell-Delaware method such as shell-side

inlet temperature, T, tube-side 1inlet

5,02

shell-side oulet temperature, T,

5,02

temperature, 7,,, tube-side outlet temperature, T,,, shell-side fluid mass flow

t,0 2
rate, m1,, tube-side fluid mass flow rate, 7, density at shell-side fluid mean
temperature, p,, density at tube-side fluid mean temperature, p,, thermal
conductivity at shell-side fluid mean temperature, k,, thermal conductivity at

tube-side fluid mean temperature, k,, specific heat at shell-side fluid mean

temperature, (c,),, specific heat at tube-side fluid mean temperature, (c,),,

104



dynamic viscosity at shell-side fluid mean temperature, p., and, dynamic

viscosity at tube-side fluid mean temperature, p,, are all self-explanatory. [2, 3]

4.3.4 Calculations of Bell-Delaware Method

1) Cross flow area S at the shell centerline with one baffle spacing B

This is the minimum cross flow area in the shell-side flow direction
(perpendicular to the baffle cut). This area has two components. One of them is
the bypass channel between the tube bundle and shell inside diameter, L,,. The
other component is the minimum cross-sectional area within the tube field. As can
be seen from Table 4.1, for 30° and 90° layouts, the minimum free cross flow gap

is simply (P,-d,) for each tube pitch P, and for the 45° staggered layout, the

minimum cross flow gap within the layout pattern is the sum of the two gaps in

the triangle sides ( .- d, ). Therefore, [2, 3]

4.53
Dctl ( )

S, = BI:Lbb + (7 - do):|

T.eff

where B is the central baffle spacing, L,, is the bypass channel diametral gap,
and P, , is a new term which normalizes the calculational procedures. [3] Note

that

By=5 for 30° and 90° layouts

By =0.707F for 45° staggered layout

As a result, the 45° layout will have 1.41 times larger cross flow area (based on
tube pitch P,) than either the 90° or the 30° layout, but the number of tube rows

crossed will be 1.41 and 1.22 larger than in the 90° and 30° layouts, respectively.
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T,

t,av

2) Average temperatures, T

s,av 2

The physical properties in calculations of Bell-Delaware method are

evaluated at the arithmetic mean temperatures of the shell and tube-side fluids:

_ (4.54a)

s,av

(7,+7.,)

T,

tav

@.+1.,) (4.540)

3) Shell-Side Reynolds number, Re,

The maximum shell-side cross flow mass velocity, G, is defined as [2, 3,

4]

" (4.55)

where s, is the shell-side flow rate, and S, is the cross flow area determined
from Eq. (4.53). The shell-side Reynolds number Re, is then calculated from [2,
3, 4]

_4.G (4.56)

where d, is the tube outside diameter, u, is the dynamic viscosity at average

bulk temperature, and G, is the shell-side mass velocity defined by Eq. (4.55).
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4) Shell-Side Prandtl Number, Pr,
Shell-side Prandt] number can be calculated from

4.57
Pr, = __cp;“s *>7)

§

where c, ; is the shell-side fluid specific heat, p, is the shell-side fluid dynamic

8

viscosity, and k, is the shell-side fluid thermal conductivity. The physical

properties ¢, ., U, ,and k, are all taken at the average shell fluid temperature.

5) Mean temperature difference, AT

The effective mean temperature difference is discussed in detail in Section

3.4. From basic definitions,

AT, = AT, (F) (4.58)

where F is the correction factor calculated for any particular flow configuration
as determined in Section 3.4., and A7}, is the log-mean temperature difference for
counter flow given by Eq. (3.19) where A7, and AT, are the terminal temperature
differences of the hot and cold streams as explained in Section 3.4.

6) Total heat transfer surface of the exchanger, A

0

The heat transfer effective tubular area, pertaining to the effective tube
length L

ta ?

is expressed as [3, 4]

A =nd LN, (4.59)

o"ta
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7) Segmental baffle window calculations

Figure 4.9 illustrates the basic baffle geometry relations. The centri-angle

of the baffle cut intersection with the inside shell wall, 6, can be calculated from

[3]

» B, (4.60)
0, =2cos [l - Z(EEJ:I (deg)

The angle intersecting the diameter D,,, that is, the circle through the centers of

the outermost tubes, is expressed as [3]

0, = 2005—1{11)):” l:l —2( f)”oﬂ} (deg) (4.61)

If window baffles where the area between D, and D,, is blocked, the centri-angle

referred to D, is needed: [3]

L) D, B, (4.62)
0,; =2cos { D, [1 - 2( ] 00)]} (deg)

8) Baffle window flow areas

The gross window flow area, that is, without tubes in the window, S,_, is

wg ?

[2,3]

i 4.63

360 2n

The results of Eq. (4.63) are also plotted in graphical form [3] as a function of D, ,

with B, as a parameter.
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Assuming that the tube field is uniform (neglecting the tube pass lanes)

within the diameter D,,, the fraction of number of tubes in one baffle window,

F, is expressed as [3]

6, sinf, (4.64)

— e

7360 2n

where 0, is defined by Eq. (4.61). The fraction of number of tubes in pure cross

flow between the baffle cut tips, F, is expressed as

F.=1-2(F,) (4.65)

The segmental baffle window area occupied by the tubes, S,, , is calculated as [3]

S, = N,F, (Zdz) = N’W(%d‘fj (4.66)

where N,, is the number of tubes in the window and is expressed as

N =NF (4.67)

w tw

Therefore, the net cross flow area through one baffle window, S, that is the gross

flow area §,,, Eq. (4.63), minus the area occupied by the tubes, §,,, Eq. (4.66),
is

S, =8, =S, (4.68)
9) Equivalent hydraulic diameter of a segmental baffle window, D

The equivalent hydraulic diameter of a segmental baffle window, D,, is
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required only for pressure drop calculations in laminar flow. It is four times the

window cross flow area §, divided by the periphery length in contact with the

flow. This is given by the following equation: [3]

48

w

b - (4.69)
"~ md N, +7D,0, /360

10)  Number of effective tube rows in cross flow, N, . and N,

The number of tubes in cross flow is required for the calculation of heat
transfer coefficient and pressure drop, and the corresponding correction factors. It
i1s a function of the tube layout and tube pitch. The number of effective rows

crossed in one cross flow section, that is, between the baffle tips, is [1, 2, 3]

N =D [1-2( B, j] (4.70)
c P 100

p

where f; is obtained from Table 4.1. The determination of the number of

effective tube rows crossed in the baffle window, N,

few 2

is not straightforward and

is subject to some interpretation of the window flow pattern. Highest flow
velocity exists just below the baffle tips and then decreases rapidly. This was
demonstrated by numerous visual experiments. So, the effective distance of baffle
window flow penetration, which could be considered cross flow, must be
determined from experimental data. From the Delaware and other data, the

effective distance of penetration, L,,, was determined as 0.4 of the tubular field

in the baffle window, which is the distance between the baffle cut and D, . [3]

1, =04 p B |- L= Da 4.71)
w 100 2
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This distance is crossed twice within each window, and therefore the effective

number of tube rows crossed, N, , is

tew ?

N = 08 D B\ D,-D, (4.72)
o po U100 2

P

where P, is the effective tube row distance in the flow direction and is given in

Table 4.1. [3]

11)  Number of baffles, N,

In the calculation of the total number of cross passes and window

turnarounds, the number of baffles N, is needed. If N, has to be calculated, the

summation of all baffle spacings L, and the baffle spacing B are used: [2, 3]

N, = Ly 4.73)
B

12)  Bundle-to-shell bypass area parameters, S, and F,

sbp

The prime area where the flow can bypass the desirable path through the
tube field is the flow area between the shell wall and the tube bundle. The flow in
the bypass area has a lower resistance than that through the bundle and therefore
decreases the efficiency of heat transfer while decreasing the pressure drop. In
addition to the shell-to-bundle bypass area, there can be additional bypass flow in

tube partition pass lanes. Accordingly, the bypass area within one baffle, S,, can

be expressed as follows: [2, 3]
s, =B|(D,-D,,)+L,] (4.74)

where L, expresses the effect of the tube lane partition bypass width (between

tube walls) as shown in Figure 4.9. L, is taken as zero for all standard
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calculations or as half of the real dimension of the tube lane partition L,. For

estimation purposes assume that L, =d,, .

For the calculations of the correction factors J, and R, , the fraction of the

bypass area S, to the overall cross flow area S, , is needed: [2, 3]

S, (4.75)

13)  Shell-to-baffle leakage area, S,

The shell-to-baffle leakage area S, is required for calculation of the
correction factors for baffle leakage effects J, and R, . The shell-to-baffle leakage

area within the circle segment occupied by the baffle is calculated (with

acceptable approximation) as [2, 3]

o o528
2 A 360 (4.76)

=0.00436D,L,,(360-6,,)

where L, is the diametral leakage clearance between the shell diameter D, and

the baffle diameter D, .
14)  Tube-to-baffle hole leakage area for one baffle, S,

The tube-to-baffle hole leakage area for one baffle, S, , is needed for
calculation of the correction factors J, and R,. The diametral clearance L, is a

data input item with recommended values shown in Figure 4.11. The total tube-to-

baffle leakage area within one baffle is then [2, 3]
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4.77)

s, -{2lany -l £)

where F,, is related to F,, the fraction of tubes in the baffle between baffle tips,

as calculated in Eq. (4.65). The expression in braces in this equation represents the

leakage area for one tube (Stb )1 . Therefore, Eq. (4.77) can be rewritten as

Sp = (Stb)l (Nt)(l_Fw) (4.78)

15)  Segmental baffle window correction factor J_

The correction factor J, is used to express the effects of the baffle
window flow on the heat transfer factor j, which is based on cross flow.

Postulating a number of logical assumptions on how the window flow is related to
the cross flow at shell centerline, the Delaware workers developed this correction
factor. The method is very simple and reasonable for the range of recommended

baffle cuts and baffle spacing values. J_ reaches the value of 1.0 for baffle cuts
around 25 to 30%, and even larger than 1.0 for smaller baffle cuts because j; is

obtained at the largest cross flow section at the center row, while much higher
flow velocities will exist below the baffle cut edge, especially as the baffle cut
decreases. This is compensated by the fact that fewer tubes exist in this region. [2,
3, 40]

The factor J, is a function of the baffle cut B, and of the diameter D,

since both values determine the number of tubes in the baffle window. The
correlating parameter is the fraction of tubes in cross flow (between baffle tips),

given as F, in Eq. (4.65). J, is expressed as [3]

J,=0.55+0.72F, (4.79)
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16) Correction factors for baffle leakage effects for heat transfer, J 1» and

pressure drop, R,

The pressure difference between two adjoining baffle compartments forces
part of the flow to penetrate in the gap between (a) the shell and the baffle edge
circumference (b) the tube and the baffle tube holes. This decreases the effective
cross flow stream and consequently both the actual shell-side heat transfer
coefficient and the shell-side pressure drop. The leakage streams can reach
considerable magnitudes (up to 40%) and are, therefore, most important factors in
the correlations. From the two leakage streams considered, the shell-to-baffle
stream is most detrimental to heat transfer because it does not exchange heat with
any tubes. However, since the tube-to-baffle stream passes over the tube surface
within the gap, it is only partially effective. But note that the tube hole clearances
may become plugged up by fouling deposits in some cases, and consequently this
stream may decrease with time. This will increase the cross flow stream but also
the other bypass streams, with the usual effect of a relatively small change of heat

transfer but usually increased pressure drop. [3, 39, 40]

One of the correlational parameters used in the calculation of J, and R,

is [2, 3]

= Sy + 8 (4.80)

S m
which is the ratio of both leakage areas to the cross flow area. In Eq. (4.80), S, is
the shell-to-baffle leakage area calculated by Eq. (4.76), S, is the tube-to-baffle
hole leakage area calculated by Eq. (4.78), and S, is the cross flow area at the

bundle centerline determined by Eq. (4.53). The other parameter is the ratio of the
shell-to-baffle leakage area to the sum of both leakage areas and is expressed as

follows: [2, 3]

S, (4.81)
’ Ssb +Stb
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The most severe correction is for the parameter », =1, which corresponds
to the case of all leakage taking place in the shell-to-baffle area. The least severe
correction is for the case of all leakage in the tube baffle holes, r, =0. A well-
designed exchanger should have values of J, not less than about 0.6, preferably

0.7-0.9, because otherwise too great penalty on heat transfer efficiency will exist.

For computer applications, the correction factors are curve-fitted as

follows:
J, =0.44(1~7,)+[1-0.44(1 -7, )|exp(-2.27,,) (4.82a)

R, =exp{-1.33(1+7 ), )’} (4.82b)

where p=|[- 0.15(1+r,)+ 0.8]. These correction factors are also shown in

graphical forms as a function of 7, for various values of 7, . [2, 3, 39, 40]

17) Correction factors for bundle bypass effects for heat transfer, J, , and

pressure drop, R,

The flow resistance in the shell-to-bundle bypass is substantially lower
than through the tube field. Consequently, part of the flow will seek this path, in
proportion to the ratio of the resistances of the bypass area to the tube field cross
flow area. Since this stream touches the tubes on one side, it is only partially
effective for heat transfer. For fixed-tube sheet and U-tube bundles, the bypass
area is usually not too large. However, for pull-through bundles, the bypass

channel must be blocked by sealing strips.

One of the parameters used in the calculation of J, and R, is F,,,, which

is the ratio of bypass to cross flow area given in Eq. (4.75). If sealing strips are

used, N

K}

.» which is the number of sealing strips (pairs) in one baffle, and, N,

fec ?

which is the number of tube rows crossed between baffle tips in one baffle
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section, given in Eq. (4.70), must also be known and hence 7, which is given as

[3]
tee (4.83)
must be determined.

For computer applications, the correction factors are curve-fitted as

follows: [2, 3]

—exp {-C,F, (1-327, )} (4.84)

with the limit of J, =1, at r, > %, and C,, =1.35 for laminar flow, Re, <100,

C,, =1.25 for turbulent and transition flow, Re, >100, and

—exp{— G, F, sbp( SS )} (4.85)

with the limit of R, =1, at r, = %, and C,, = 4.5 for laminar flow, Re <100,

C,, = 3.7 for turbulent and transition flow, Re, >100. [2, 3]

The correction factors for heat transfer J, and for pressure drop R, are

also shown in graphical forms. [2, 3, 39, 40]

18)  Heat transfer correction factor for adverse temperature gradient in

laminar flow, J

r

The Delaware data for Re, <~ 20 exhibited a large decrease of heat

transfer. Above Re > 20, momentum change or inertial effects begin to disturb
the laminar layer buildup and the effect decreases, until at approximately

Re =100, it disappears. [2]
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Since the ideal tube bank j, curves are based on 10 tube rows, the

corresponding factor J, for Re, <20 can be expressed as [3]

10)"  1.51 (4.86)
1= =(2)

[q

where N, is the total number of tube rows crossed in the entire heat exchanger:

N.=(N_+N_)N,+1) (4.87)

¢4

Between Re, <20 and Re, =100, the heat transfer correction factor J, can be

expressed as [3]

(4.88)

=0+ B o), -

where (J,), is calculated from Eq. (4.86) with the limits: [2, 3]

J, =1 for Re, > 100
J, =(J.), forRe, <20 ; J, >0.4

r

The correction factor J, is also shown in graphical form. [2, 3, 39, 40]

19) Heat transfer correction for unequal baffle spacing at inlet and/or

outlet, J,

Refer to Figure 4.7 which shows a schematic sketch of an exchanger

where the inlet and outlet baffle spacing B, and B, are enlarged in comparison to
the regular central spacing B. Assume that the heat transfer coefficient 7%, is

calculated on the basis of the central spacing B and that 4, is proportional to
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n
max ?

Voa » Where v is the cross flow velocity based on B. Here n is approximately

a constant, assumed to be 0.6 for turbulent flow and 1/3 for laminar flow.
Assuming that the leakage and bypass flow ratios are not greatly changed by the
difference between B and B; or B, (which should be the case for well-designed

exchangers where the case of B, too much greater than B is not acceptable),

then [3]
1Y (4.89)
el

The mean shell-side heat transfer coefficient % , which takes into account the
different coefficients in the inlet and outlet spacing (%, )i and (A, )o , coupled to the

respective heat transfer areas (4, )l. and (4, )0 is written as [3]

hd, = (0)(4,), + 4, - (4,),~ (4,), ]+ (&), (4,), (4.90)

The correction factor J, can now be defined as a multiplier to the %, value by

dividing Eq. (4.90) by the product of %4, . [3]

’ h; A h; A

4 o o H o

J =l;z—s,.= (=), {(A,,),}+ 4, —(A,,j,. -(4,), (), {(Ao)o} 4.91)

Introducing the following relationships [3]

n 4.92
o ~(3) -6 -
" 4.9
w(5) @ -

where L, and L; are dimensionless length ratios, it is noted that
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A"_(AO)i_(Aa)a - Nb__l
4, L+(N,-1)+L, (4.94)
Then Eq. (4.91) becomes [2, 3]
» Yi-n) » X1-n)
J = v, -)+() ™"+ () (4.95)
(N, -1)+L +L,

J, =10 for B;=B,=B or L'=L; =L, =1.0. J, is also shown in graphical
form [2, 3, 39, 40] as a function of number of baffles N, for various values of L*

which is written as

B _B (4.96)
B B,

If L is larger than 2, it would be considered poor design, especially if combined

with low N,. In such cases an annular distributor or other measures should be

used.

For laminar flow, the correction factor J, is about halfway between 1 and

J, computed for turbulent conditions. [3]

20)  Pressure drop correction for unequal baffle spacing at inlet and/or

outlet, R,

From equations of pressure drop, [3]

12" (4.97)
Ap,,; = (Ej

where Ap,; is the pressure drop in cross flow between baffle tips, based on ideal
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tube bank, 7 is the slope of the friction factor curve, assuming that n =1 for

laminar flow, (Re, <100), and » =~ 0.2 for turbulent flow. Because of the specific

way pressure drop is treated in this method as shown in Figures 4.12, 4.13 and

4.14 [2, 3, 4], a simple geometric analogy gives [3]

2-1 2-n 4.98
e
B, B,

—

N\
\ X
N
N

7

Figure 4.12 Region of cross flow between baffle tips in
the central baffle spacing

T

Figure 4.13  Flow region considered for window flow

N

NN
NN

Figure 4.14  Flow region for the end baffle spacings
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This development assumes that the flow regime (exponent n) is the same
throughout the exchanger. The correction factor R, has the following
characteristics: [3]
(a ForB=B =B,R =2.
(b)  For the reasonably extreme case B, =B, =2B, R =1.0 for
laminar flow and R, = 0.57 for turbulent flow.
(c) For a typical U tube, B, =B and B, =2B, R, =1.5 for laminar

flow, and R, =1.3 for turbulent flow.

4.3.5 Calculation of Shell-Side Heat Transfer Coefficient and Pressure
Drop

1) Shell-side heat transfer coefficient, h,

Using the correction factors for nonidealities of baffled flow, the actual

shell-side heat transfer coefficient /4, is expressed as [2, 3, 4, 40]

b, =n(J JJ,J.J.) (4.99)

where 7, is the heat transfer coefficient for pure cross flow in ideal tube bank, J,
is the segmental baffle window correction factor, Eq. (4.79), J, is the baffle
leakage correction factor, Eq. (4.82), J, is the bypass correction factor, tube
bundle to shell, Eq. (4.84), J, is the unequal inlet/outlet baffle spacing correction
factor, applicable only if such differences exist, Eq. (4.95), and J, is the laminar
heat transfer correction factor, applicable for Re, <100, Eq. (4.88). These

correction factors may be particularly important for U-tube bundles, where larger
outlet baffle spacing will always exist unless special provisions are made, such as
if the outlet nozzle is located so that the U-bend area is ineffective, which is the

safe procedure. Otherwise, it is assumed that B, =1.2D, for calculation of J,
because of the large bypass areas, which have not been accounted for in the
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calculation of 4,. To see the overall effectiveness of the baffled exchanger as
compared to 1deal tube bank, it is considered useful to calculate J,,, Eq. (4.99), as

the product of all the correction factors. In general, J,, should never be less than

tot

0.4, and preferably > 0.5 for a good design.

The ideal tube bank-based coefficient 4, in Eq. (4.99) is calculated from
[3]

AL R (4.100)
i i\"pJs AS (ch'us [

where (cp )s is the specific heat for the shell-side fluid, 7z, is the flow rate of the
shell-side fluid, 4, is the cross flow area at the centerline of the shell for one
cross flow between two baffles given by Eq. (4.18), k. is the thermal conductivity
for shell-side fluid, p, is the viscosity of the shell-side fluid, p,,, is the viscosity

of the shell-side fluid at the wall layer, and j; is the Colburn j-factor for an ideal
tube bank.

J; and f; are also given in graphical forms for ideal tube bank as a
function of shell-side Reynolds number, Re, = d 1, /1, A, ; tube layout; and pitch
size. [3, 4] A, is given by Eq. (4.18), that is, the Reynolds number is based on the

outside tube diameter and on the minimum cross-section flow area at the shell
diameter. Friction coefficients for ideal tube banks are also given on the same

graphs for the pressure drop calculations.

For computer applications, the ideal values of j; and f; are curve-fitted as

follows: [3]

1.33 a . (4.101)
. =a Re )*
oo 3 e
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where
a,
a=
1+0.14(Re, )

and

1.33 b (4.102)

Re,)”

. =h
f; 1 PT/do

where

b= b,
1+0.14(Re, )*

a, a,, 4, a,, b, b,, b, and b, are correlation coefficients listed in Table 4.2.

[3, 4]

Table 4.2 Correlation coefficients for j; and f;

Layout  Reynolds

Angle Number a, a, a, a, b, b, by b,
30° 10%-10¢ 0321 -0.388 1450 0519 0.372 -0.123 7.00 0.500
10-10° 0.321 -0.388 0.486 -0.152
10°-102 0.593 -0.477 4.570 -0.476
107-10 1360  -0.657 45.100 -0.973
<10 1400  -0.667 48.000 -1.000
45° 10°-10¢ 0370 -0.39% 1.930 0.500 0.303 -0.126 6.59 0.520
10¢-10° 0370 -0.3% 0.333 -0.136
105102 0730  -0.500 3.500 -0476
102-10 0498 0656 26.200 0913
<10 1550 -0.667 32.00 -1.000
90° 10%-10¢ 0370 -0.395 1.187 0.370 0.391 -0.148 6.30 0.378
10*-10° 0.107 ~0.266 0.0815  +0.022
103-102 0408  -0.460 6.0900 -0.602
1010 0900 -0.631 321000 -0.963
<10 0970 -0.667 35.0000 -1.000

2) Shell-side pressure drop, Ap,

For a shell-and-tube type heat exchanger with bypass and leakage streams,

the total nozzle-to-nozzle pressure drop is calculated as the sum of the following
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three components:

1. By considering the pressure drop in the interior cross flow section (baffle tip
to baffle tip), the combined pressure drop of all the interior cross flow section
is [2, 3, 4]

Ap, = Ap, (N, -1)R,R, (4.103)

where N, is the number of baffles, R, is the leakage correction factor (A and
E streams) from Eq. (4.82b), R, is the bypass correction factor from Eq.
(4.85). Typically, R, =0.5 to 0.8, depending on the construction type and
number of sealing strips, and R, = 0.4 to 0.5. The section of the exchanger
covered by this pressure drop component is shown in Figure 4.12. Ap,; in Eq.

(4.103) is the pressure drop in an equivalent ideal tube bank in one baffle

compartment of central baffle spacing and it is calculated from [3]

tee

2 Gl (4.104)
Ap,; = 4fi Gs (hJ N,
2p,\ K,

8

where f; is the friction coefficient given by Eq. (4.102), G, is the mass

velocity of the shell-side fluid, p, is the shell-side fluid density, u, is the

shell-side fluid viscosity, p,,, is the viscosity of shell-side fluid evaluated at

wall surface temperature, and N, is the number of tube rows crossed in one

tee

cross flow section, that is, between the baffle tips.

2. The pressure drop in the window is affected by leakage but not bypass. The

combined pressure drop Ap,, in all the windows crossed, which equals N, , is

shown in Figure 4.13. The Delaware method offers two different correlations

for Ap,,, one for turbulent flow and one for laminar flow, based for simplicity

on the shell-side cross flow Re, . Both correlations employ for mass velocity
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calculations, the geometric mean of the cross flow area S, given by Eq.

(4.53) and the window net area S, given by Eq. (4.68). [3]

i, (4.105)

where 71 is the mass flow rate of the shell-side fluid, and 7z, is the shell-side

flow mass velocity through segmental baffle window. The baffle window Ap,,

is defined as follows:

For turbulent flow, Re, =100, Ap,, is [3, 4]

Ap, = N,,{(z +0.6 N’“”)(zm_j) (10 )] R (4.106)

The factor 2 accounts for velocity heads due to the window turnaround, and 0.6
accounts for the cross flow frictional effects over N, which is the number of
tube rows crossed in the window, given by Eq. (4.72).

For laminar flow, Re, <100, Ap,, is [3, 4]

ps ’P—da (Dw

APW=Nb{26(mW)(C”)S LN,M + 3)2}{2(10‘3)@}}&

(4.107)

where D, is the hydraulic diameter of the baffle window defined in Eq.

(4.69). The first term in brackets accounts for the cross flow and longitudinal
friction, respectively; the second term in brackets represents two velocity
heads for the turnaround in the window. It should be noted that only the
leakage correction factor R, is applied to the baffle window Ap, , whereas the

bypass correction factor R, is considered not applicable. Comparing the

results of Egs. (4.106) and (4.107) at the break point of Re, =100, it is found
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that the values are not equal, because they are based on different principles. In

such cases, the larger value should be taken as a safety factor. [2, 3]

. The pressure drop in the entrance and exit sections which is shown in Figure
4.14 is affected by bypass but not by leakage. The flow region of the end
zones differs from the central cross flow zone in the following respects: (a) the
number of tube rows crossed includes the tube rows in the entry or exit
window, N, . (b) the leakage streams have not yet developed (entry) or just
joined the main stream (outlet) in the end zones, and therefore the leakage
correction factor is not applicable. (c) the baffle spacing in the end zones may
differ from the central spacing, especially for U-tube bundles. An end zone

correction factor R is therefore used. Then the pressure drop in the two end

zones Ap, is [2, 3, 4]

R,R

s

4,108
Ap, = (Apbi{l + %m_wj ( )

tce

where Ap,; is calculated in Eq. (4.104), R, is the bypass correction factor from
Eq. (4.85), and R is the end zone correction factor as defined in Eq. (4.98).

For all baffle spacings equal, R, = 2.
Finally, the total shell-side pressure drop Ap,, excluding nozzles, is [2, 3, 4]

Ap, =Ap,+Ap, +Ap, (4.109)

The pressure drop in the nozzles must be calculated separately and added to the

total pressure drop.
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CHAPTER S

DESIGN FUNDAMENTALS OF GASKETED-PLATE HEAT
EXCHANGERS

5.1 INTRODUCTION

Manufacturers of gasketed-plate heat exchangers have, until recently, been
criticised for not publishing their heat transfer and pressure loss correlations.
Information which was published usually related to only one plate model or was
of a generalized nature. The plates are mass-produced but the design of each plate
pattern requires considerable research and investment, plus sound technical and
commercial judgement, to achieve market success. As the market is highly

competitive the manufacturer’s attitude is not unreasonable.

Some secrecy was lifted when Kumar [26] published dimensionless
correlations for Chevron plates of APV manufacture. The Chevron plate is the
most common type in use today. If additional geometrical data are available from
the makers, the correlation enables a thermal design engineer to calculate heat
transfer and pressure drop for a variety of Chevron plates. Although the data have
been provided by one manufacturer, and should only be applicable to these plates,
it is reasonable to assume that all well-designed plates of the Chevron pattern

behave in a similar manner.

Whatever function is required from a gasketed-plate heat exchanger,

ultimately the manufacturers must be consulted to ensure guaranteed
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performance. Only they can examine all the design parameters of their plates to

achieve the optimum solution.

As a result, the design of gasketed-plate heat exchangers is highly
specialized in nature considering the variety of designs available for the plates and
arrangements that are possible to suit varied duties. Unlike tubular heat
exchangers for which design data and methods are easily available, a gasketed-
plate heat exchanger design continues to be proprietary in nature. Manufacturers
have developed their own computerized design procedures applicable to the
exchangers marketed by them. Attempts have been made to develop heat transfer
and pressure drop correlations for use with plate heat exchangers, but most of the
correlations cannot be generalized to give a high degree of prediction ability. In
these exchangers, the fluids are much closer to countercurrent flow than in shell-
and-tube heat exchangers. In recent years, some design methods have been
reported. These methods are mostly approximate in nature to suit preliminary
sizing of the plate units for a given duty. No published information is available on

the design of gasketed-plate heat exchangers. [7, 4]

5.2 PLATE GEOMETRY

5.2.1 Chevron Angle

This important factor, usually termed B , is shown in Figure 5.1 [7, 4], the

usual range of B being 25°-65°.
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Figure 5.1 Main dimensions of a Chevron plate

5.2.2 Effective Plate Length

The corrugations increase the flat or projected plate area, the extent
depending on the corrugation pitch and depth. To express the increase of the
developed length, in relation to the projected length (see Figure 5.2 [7, 4]), an

enlargement factor ¢ is used. The enlargement factor varies between 1.1 and

1.25, with 1.17 being a typical average [7, 30], i.e.

_ developedlength 5.1)
projectedlength
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Cross-section normal to
direction of troughs
-2 eveloped length

...................... Protracted length

t

—

Pitch of corrugations

Figure 5.2 Developed and projected dimensions of a
Chevron plate and cross-section normal to the direction of

troughs

The value of ¢ as given by Eq. (5.1) is the ratio of the actual effective area as

specified by the manufacturer, 4,, to the projected plate area 4, ,: [7, 4, 30]

4 (5:2)

4 =L -L (5.3)

and L, and L, can be estimated from the port distance L, and L, and port

diameter D , as:

L ~L —-D (5.4)

L,~L,+D, (-3)
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