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ABSTRACT

A SYSTEM LEVEL MODELING AND PERFORMANCE EVALUATION OF
CONCENTRATED SOLAR POWER PLANT

Hasany, Syed Zaid
M.S., Sustainable Environment and Energy Systems Program

Supervisor: Asst. Prof. Dr. Eray Uzgoren

December 2013, 104 Pages

This thesis presents a system level study for a solar thermal power plant comprising of
parabolic trough collectors (PTC), an organic Rankine cycle (ORC) and a wet cooling
tower. A transient numerical model is developed for the PTC accounting the thermal losses
and coping up with the intermittent and inherent variable solar input. The transient PTC
model is validated with the experimental and numerical results and extended to the double
pass counter flow PTC configuration. It is found that there is no significant difference in
efficiency for different cases for double pass and single pass but double pass manages to
heat the water at high temperature due to premixing under constant conditions of inlet
temperature. The numerical model of single pass PTC is integrated with the modified
numerical model of ORC in which evaporator/condenser are modeled with transients effects
while pump/expander are modeled with acceptable steady state assumptions, and cooling
tower. Several different conditions are simulated on the verified ORC model with a range of
constant hot water temperatures to the ORC and refrigerant mass flow rates. The power
output has a direct relation with the hot water temperature and refrigerant mass flow rate. A
full day simulation taking into account the temporal solar and ambient variations for the
course of the day during the sun light hours is carried out. Three representative days of the
year are selected for the simulations and found out that average power output is 14.5 kW,

14.88 kW and 15.16 kW for summer solstice, fall equinox and winter solstice respectively.

Keywords: Parabolic Trough Collectors, ORC, system integration, transient modeling
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A SYSTEM LEVEL MODELING AND PERFORMANCE EVALUATION OF
CONCENTRATED SOLAR POWER PLANT
Hasany, Syed Zaid
Yiiksek Lisans, Siirdiiriilebilir Cevre ve Enerji Sistemleri Programi

Tez Yoneticisi: Yrd. Dog. Dr. Eray Uzgoren

Aralik 2013, 104 sayfa

Bu tez, 1s1 girisi igin parabolik kollektorler (PTC) ve 1s1 atimi igin 1slak sogutma kulesi
kullanan organik Rankin g¢evrimi (ORC) igeren biitiinlesik bir sistemi incelemektedir..
Kollektorlerden elde edilen 1s1 enerjisi hesaplanirken giines 1sinimlarinin degisimi ve hava
sicakligina baglh 1s1 kayiplar1 disiiniilerek zamana bagli bir sayisal yontem gelistirilmistir.
Bu yontem, literatiirde bulunan deneysel ve sayisal sonuglar ile dogrulanmis; ve ¢ift gegisli
ters akis parabolik kollektorlerin verimini incelemek icin kullamilmistir. Cift gecisli
parabolik kollektor veriminin geleneksel tek gecisli kollektorlere gore onemli bir fark
gostermedigi  bulunmasina karsin, giris sicakliklar1 ayn1 oldugu kosullarda onkarigma
sayesinde ¢ift gegisin daha yiiksek sicaklikta su ¢ikisi verebildigi bulunmustur. Tek gegisli
kollektor igin gelistirilen sayisal yontem varolan bir ORC sayisal yontemi ile
birlestirilmistir. ORC yontemi; evaporatér ve kondenser i¢in zamana bagli olarak
diisiiniilmiis ancak tepki zamani ¢ok hizli olan pompa/genisletici i¢in kararli durum
varsayimlart kullanilmigtir. Ayni zamanda kondenser igin ortam sicakliginin hizli
degismeyecegi disiiniilerek sogutma kulesi de kararli durum iizerinden basitlestirilmis bir
yontem kullanilarak hesaplamalara dahil edilmistir.  Gelistirilen yontem degisen dis
kosullara bagl olarak simiile edilmis; ORC gii¢ ¢ikisinin evaporatdre giren suyun sicakligi
ve kiitle akigi ile dogru orantili oldugu beklendigi lizere gozlemlenmistir. Zamansal giines
konumu ve ortam degisiklikleri g6z 6niinde bulundurarak bir tam giin simiilasyonlari giines
15181 saatleri dikkate alinarak gergeklestirilmistir. Yilin ii¢ temsili giinleri (yaz giindontimii,
ekinoks ve kis giindontimii) igin ortalama gii¢ ¢ikislari sirasiyla 14.5 kW , 14.88 kW ve
15.16 kW olarak bulunmustur .
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Chapter 1

INTRODUCTION

Energy is one of the most vital inputs for the development of a society and in this growing
world its demand has escalated to an alarming level which is primarily met by the
conventional fossil fuels. Figure 1 summarizes the study conducted by International Energy
Agency (IEA) in 2008 highlighting 33.5% of the total power production was from oil
followed by coal 26.8%, gas 20.8%, nuclear 5.8% and 12.9% from renewable energy
resources (combined hydro, wind, solar, bio-mass and geo-thermal). Only oil and coal

provide 60% of the total energy supply[1].

Due to the rapid economic growth, consumption of fossil fuels with the ongoing trend is
devastating. The combustion of fossil fuels is the main contributor of the global pollution.
Emissions in the form of CO,, sulphur, NO, and ozone are disturbing the natural balance of
ecology and causing grave global environmental issues in the form of ozone depletion, air-
water contamination, sea level rise and loss of bio diversity in many habitats around the
globe. In addition to the environmental problems, it raises political and socio-economic
issues. According to United States Energy Information Administration (EIA), the oil
consumption of the World will increase to 98.3 mbd (millions barrels per day) in 2015 and
118 mbd in 2030 from 84.4 mbd in 2009. If this predicted trend goes on, the global energy-

economic-environment nexus will become more complex and challenging to address[2].

Uncontrolled and unregulated consumption of fossil fuels in the developing World is a

Renewable oil
Other 12% !

4%
Nuclear
6%

Figure 1: Global Energy mix by resources[1]
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serious threat to the environmental degradation. As given in Figure 2, greenhouse gas
emissions are likely to rise in the developing World due to the ongoing economic and
population growth.

In order to address the aforementioned problems, renewable energy resources have gained
tremendous attention globally. Examples of renewable energy utilization include direct
conversion of solar radiation, wind currents due to the variations of temperatures, bio-mass
resulting in biological changes in the form of photosynthesis, gravitational forces through
tidal waves and heat of earth’s core (geo-thermal energy). Renewable energy has massive
potential to meet the global energy demands but acceptability of these sources as primary
energy sources varies due to technical and economic constraints, which are addressable.
Currently, various researchers focus on enhancing the energy conversion efficiency,
economic viability and adoptability all over the world. Renewable energy resources can help
reduce the pollution, eliminate the dependency of the high cost fuels and provide socio-
economic development in the remote and off-the-grid areas. It is estimated that the global
energy demand would rise roughly to 800-1000 EJ (2.22-2.77 x10* MWh) in 2050 [4]. To
meet this demand, energy mix should be revised taking into consideration the massive
global renewable energy potential. Currently, total energy coming from renewable sources
consists of 10% traditional bio-mass for heating, 3% hydro-electricity while solar, wind,
geo-thermal etc contribute to a total of only 3%. [5]. According to Johanson TB et al,
adaptation of an intensive and comprehensive renewable energy policy on a global scale

would elevate the renewable energy contribution to 318 EJ until 2050 [6].

Among renewable energy resources, energy from direct solar radiation has the largest
potential available on the planet. Approximately 3,850,000 EJ per annum of solar energy is

absorbed by the Earth’s atmosphere, oceans and land masses [7]. After deducting all losses



in the form of absorption, reflection, and others, the potential for the convertible solar

energy is 1600 EJ per annum which is still very promising [8].

Major solar energy related applications utilize two leading technologies namely (1) photo-
voltaic cells (PV) and (2) collectors to capture solar thermal energy linked to a power cycle.
For large scale power plants, solar thermal power systems are advantageous over the PV
technology by having higher conversion efficiencies, low investment cost, inherent thermal
storage to work during the off hours. They can also be coupled with other systems for

desalination or refrigeration [9].

Table 1: Comparison of different solar thermal technologies[10],[11].

Types of Temperature Range Advantages Disadvantages
technology
e  Utilizes direct Low output
and diffuse solar temperatures.
Relatively low radiations. Large surface area
Flat plate temBerature.o more thermal losses.
Collector ~507C100%C Loyv_thermal
efficiency.
More material for
manufacturing.
e High Low output
~100°C-~300°C temperatures can temperatures
Parabolic trough (depending upon the be achieved. compared to other
collector (PTC) HTF) e High thermal concentrating
efficiency. technologies.
e Easyto Low optical efficiency
manufacture compared to PTC.
Fresnel collector > 250°C compared to Thermal storage
PTC. integration challenges.
e Low cost.

Solar tower

250°C-300°C (water)
<350°C (oil)

< 500°C (molten salt)
<750°C (gases)

Direst steam
generation (DSG)
can be achieved.
Highly efficient.
Large power
plants
(Capacity<10
MW).

Commercial
experience is needed
for its adaptation.

Dish collector

Around 750°C

Highest
conversion
efficiency (25-
30%)

Cooling water is
not required.

Very expensive.
Still in the
demonstration phase.




One promising technology in solar thermal systems is concentrated solar power (CSP)
systems. The fundamental principle is the concentration of solar radiation to a point (or line)
to heat the working fluid which can then be used as heat source in conventional power
systems. There are different methods to concentrate the solar radiations depending upon the
applications and desired temperatures. Parabolic trough collectors (PTC) offer advantages
over flat plate solar collector as flat plate collectors require large surface area arising
concerns for high thermal losses.

PTC also shows least development risk as compared to other concentrating technologies like
Fresnel collector, solar tower and dish sterling. PTCs consist of linear parabolic mirrors
which reflect the solar rays to a tube placed along the focal line of the collectors, where fluid
absorbs the solar energy and gets heated to be used as a heat source for the energy
conversion to electrical energy. To compensate the sun’s movement, collectors can
optionally track the sun using 1-axis or 2-axis movements throughout the day or season.
Other technologies offering various ranges of output temperatures are compared in Table 1,

for conversion efficiency and cost.

In the solar thermal power system, one of the most important components is the conversion
of the renewable energy to useful mechanical and electrical energy. Conventional Rankine
cycle may not be suitable for applications with low temperatures provided by PTCs (100-
250 °C) while Organic Rankine Cycle (ORC) emerges as a viable and efficient alternative.
The most attractive feature of ORC is its capability to convert low grade/temperature energy
to useful energy. Low grade energy resources include many renewable resources such as
solar, bio and geothermal as well as from low enthalpy waste heat. The working principle of
the ORC is the same as the conventional Rankine cycle with different working fluids. The
boiling point of the selected fluid in ORCs is typically less than that of water thus low

temperature sources can be utilized.

Figure 3 shows a schematic of solar thermal power plant with different components running
on ORC. The refrigerant is pumped into the evaporator where heat is absorbed by the solar
thermal system. Vapor is then expanded by an expander for the power generation followed

by condensation.

Solar thermal power systems have multiple subsystems including solar resource assessment,
efficiency analysis of the parabolic trough collectors, unsteady organic Rankine cycle, and
cooling loop of the global power cycle. In the solar thermal power systems, all the above

mentioned subsystems are coupled and directly affect the performance of each other. A
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Figure 3: Schematic of the solar thermal electric system

global system level study is needed for a global perspective of the solar electric generation
system incorporating all the sub systems. Such a study would be helpful in determining the
critical parameters which affect the overall performance and efficiency of the solar electric
generation system. Moreover, different configurations and arrangements of parabolic trough

collectors can be studied to identify the system’s overall performance.

1.1. Solar Resource Assessment and Parabolic Trough Collectors

Detailed solar resource information for a particular location is an important input in
designing the solar thermal systems. Most of the weather stations provide global solar data
(total of diffuse and beam) on horizontal surfaces. Concentrated solar systems rely on beam
irradiation. Several models have been developed for the solar resource assessment for a
given location, whose detailed meteorological data decamped into beam and diffuse may not
be available. Ibrahim et al. [12] estimated the solar resources, beam and diffused on inclined

surfaces. The calculated values were compared with the measured ones and found in good



agreement. Similar kind of study is done by Naing et al., they proposed a mathematical
model for the solar resource quantification in Singapore, and the computed and measured

data were 90% in agreement [13].

Detailed modeling of parabolic trough collectors (PTC) comprising of convective, radiative
and other effects enables to quantify the useful heat transfer to the working fluid. Due to the
varying nature of solar energy input to the parabolic trough collectors, these models help to
analyze the parameters which significantly alter the performance of the system. Qu et al.
[14] modeled parabolic collector with solar tracking capabilities using fundamental
convective and radiative heat transfer concepts for steady state conditions. Saad et al. [15]
modeled the parabolic trough collectors to analyze the thermal performance of the
collectors, efficiency of installed (oil in the tubes) and the proposed systems (direct steam
generation in the tube for power production) are compared with the help of developed model
based on the absorber wall temperature, with different tube diameters. They also developed
an unsteady model to simulate the performance of process heating system using parabolic
trough collectors [16]. Optimal size of the collectors and storage tank are recommended to
tackle the challenges due to transient solar energy input to the system.

Several studies have been carried out for the extension and improvement of the solar electric
generation systems (SEGS). A study on SEGS was carried out by Azizian et al. of 250 kW
pilot solar power plant to extend it to 500 kW [17]. They expanded the installed system with
large collectors, auxiliary superheater and additional heat exchangers. Detailed thermal and
structural design was carried out to analyze the benefits and shortcomings of both the
systems. Robert. W. B [18] performed an optimization study for the performance
enhancement of PTCs by introducing low cost air filled receivers in low temperature regions
and evacuated tubes in the high temperature regions of the solar loops. Even though
evacuated tubes give better thermal performance by reducing the thermal convective losses,
they require high initial and maintenance cost due to manufacturing and mechanical

challenges.

O. Garcia-V et al. [19] performed an unsteady numerical study for the thermal, optical and
fluidic behavior of the PTCs solving the governing equation for single pass collectors. The
results were validated with the experimental data obtained from Sandia National Laboratory
with air and vacuum inside the collector tubes. Their numerical model was extended to
simulate PTC with counter flow concentric circular heat exchangers (double pass). In

double pass configuration the heat transfer fluid is pre-mixed with the heated fluid from the



annulus or the internal tube. They concluded that the thermal efficiency compared to the

single pass increased.

1.2. Organic Rankine Cycle

Organic Rankine Cycle (ORC) has been adapted as the premier technology to convert low
temperature energy sources (solar, geo-thermal etc.) to useful mechanical and electrical
power. Extensive research is being carried on this subject focusing on various energy
resources and final mechanical and electrical outputs. For a technology status review,

readers can refer to articles of Velez et al. [20] and Tchanche et al. [21]

Dai et al. [22] performed a parametric optimization study for waste heat recovery
application. Similar study was also carried out by Saleh et al. [23], who studied the
thermodynamic performance of 31 different fluids for ORC. Solar energy, being intermittent
in nature, poses similar challenges to the ORC system analysis. Auxiliary boilers are used to
overcome this problem of intermittency [17]. Bamgbopa et al. [24] analyzed the
performance of an ORC system with R245fa as the working fluid with solar energy as the
heating source to the water. Component level modeling is performed in order to identify the
critical parameters in the cycle. Mass flow rates of refrigerant/hot water and hot water inlet
temperature were identified as the critical parameters for the optimized performance.
Different scenarios of fluctuating heat transfer inputs are studied with the application of
control measures. Wei et al. [25] also performed dynamic modeling of ORC for controlling
and monitoring under transient conditions. Two different approaches, moving boundary and
discretization technique, were adopted to correctly represent the dynamics of evaporator and

condenser.

Several system level and hybrid studies were also carried out. Guo et al. [26] proposed a
novel cogeneration ORC system consisting of low temperature geo-thermal source powering
ORC, an intermediate heat exchanger and a heat pump sub-system. The screening criteria
included net power output per unit mass flow rate of heat source, total heat transfer area to
power output and electricity cost. Lior et al. [27] analyzed a hybrid solar power/cooling
system (ORC and chiller), with an auxiliary boiler to super heat the nominally (100 °C)
heated water. A transient sensitivity analysis was carried out to find the optimum energy
performance configuration. Kane et al. [28] integrated the solar collectors, ORC with a
diesel engine. The exhaust and the block cooling of the diesel engines were also used as the

heat input to the ORC during cloudy and night times. It was confirmed from the preliminary



site experimentations that solar power plant coupled with the diesel engine substantiates the

proposed integration concept.

Patnode [29] modeled the Solar Electric Generation System (SEGS) in southern California
which comprises of the Parabolic Trough Collectors and steam Rankine cycle for power
production (approx. 354 MW peak power). TRNSY'S simulation software was used for the
solar field modeling while Rankine cycle was modeled separately with steady state
assumptions. The model was experimentally validated using on ground data for flow rates
and temperatures. Thermal losses in the collector, due to the temporal degradation (solar
field), were modeled with simplification of 50% of the total solar field degradation. Due to
the significant consumption of the water in the cooling tower (the installed system), air
cooled condenser (dry cooling) was modeled, evaluated and compared with the installed
cooling tower. Wang et al. [30] studied the thermodynamic behavior and the optimization of
a solar driven ORC. A steady state model was developed for the flat plate solar collectors
and ORC. A parametric study was carried out to investigate the performance by changing
working fluids.

1.3. Scope and Objective

It is observed from the literature review that a significant amount of research has been done
on the solar energy systems in general, on the solar resource assessment, on PTC modeling
and performance enhancement, on ORC optimizations. However, the main deficiency of the
literature is the system integration studies of parabolic trough collectors, ORC and the
cooling system all together. Most of the studies related to solar power systems are
standalone and do not integrate subcomponents of the system, i.e. solar resource, PTC, ORC
and cooling. The limited amount of system level studies , i.e.[26] and [27], considered an
integrated system with the ORC for cogeneration using heat pump and chiller respectively.
On the other hand, [28] used small flat reflecting plates as concentrator to provide heat to
the ORC for preliminary level experimentations. Patnode [29] studied the solar power
system in detail including all sub systems, using TRNSYS software with steady state
assumptions. Wang et al [30] modeled flat plate collectors and ORC with steady state

assumptions ignoring the dynamic behavior of the heat input.

This thesis is an extension of the ORC study by Bamgbopa et al. [24], which focuses only
on the ORC modeling and investigation of the performance at varying conditions. This
study focuses on the development of a transient numerical model for solar field parabolic

trough collectors. Moreover, the transient numerical model for PTC is coupled with the
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adapted model of Bamgbopa et al. [24] along with the steady state model of wet cooling

tower. The contribution of this study can be summarized as follows:

o Develop a transient model for solar panels to quantify available and useful thermal
source for an ORC based power plant.

e Compare double pass and single pass low temperature PTCs for their performance.

e Develop a full model at system level which includes transient collector model,
transient Organic Rankine Cycle model and the steady state cooling tower model to
enable optimization studies at system level. Such a model would also help
identifying the best control strategy as the solar energy input is subjected to weather

variations during the day time.

1.4. Thesis Overview

This thesis includes 5 chapters. Chapter 1 presented a general background discussing current
global energy scenario and the motivation of consuming renewable energy in general and
solar energy in particular which is followed by a brief discussion of concentrating solar
thermal electric generation systems. It also presents a detailed literature review on solar
energy technology in general, with the emphasis on reviewing concentrating solar thermal
research. It covers a wide range of literature encompassing the solar resource assessment
studies, parabolic trough collectors, performance enhancement opportunities, Organic
Rankine Cycle and their systems level studies. Furthermore, also highlights the scope and
objective of the current research. Chapter 2 deals with the detailed numerical modeling of
solar resources and parabolic trough collectors with different configurations. Moreover the
validation of the developed model is also presented in this chapter. Chapter 3 presents the
numerical modeling of different components of the ORC (pump, evaporator, turbine and
condenser), description of the cooling tower model and integration of the ORC and cooling
tower with the parabolic trough collectors. Chapter 4 discusses the results and findings of
the analysis based on the models developed in chapter 2 and 3 in detail, followed by the

concluding chapter 5 which summarizes the results, key findings and future work.



Chapter 2

THERMAL MODELING OF PARABOLIC TROUGH

COLLECTOR

Parabolic trough collectors (PTCs) are one of the most common types of concentrated solar
collectors used for power production in solar electric (power) generation systems. Several
solar thermal power plants are operating around the globe with a total capacity of
approximately 2500 MW, with “SEGS” (Solar Electric Generation System), California
leading with 354 MW and Spain being the world leader with a total production of
approximately 1900 MW [31]. PTCs comprise of a parabolic shiny surface to reflect solar
beams on a single pipe, known as receiver. Receiver carries heat transfer fluid and is usually
wrapped with a glass enclosure to minimize heat losses to the surroundings. Heat transfer
fluid is usually water or oil for their heat capacity as well as their economical availability.
Figure 4 shows the schematic of the PTC with receiver and reflectors; and reflection of the
solar beam to the focus (receiver).

In general, useful energy absorbed by the heat transfer fluid characterizes collectors’
efficiency, which strongly depends on ambient conditions and the system temperatures.

Performance of PTCs is highly dependent on many physical, geometrical and temporal

-
-
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Glass Cover

- surface
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o | g Solar Field

\‘\L\ o Piping

Figure 4: (Left) Schematic of PTC rows. (Right) End view of the PTC representing the
reflection towards the focus.[32]
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factors. This is mainly because PTC systems utilize the beam component of the global

radiation.

In PTCs, the modes of heat transfer in radial direction are primarily convection between all
relevant layers (i.e. heat transfer fluid, receiver tube, the glass cover, and the environment).
Radiation between the glass cover and the receiver tube can be significant as a result of the
temperature difference. In axial direction, conductive heat transfer through the receiver tube
can influence the system’s thermal inertia contributing to the thermal performance of the

system.

This chapter discusses the methodology of the solar resource estimation and transient
numerical modeling for the optical, thermal and fluidic behavior of the parabolic trough
collectors for single and double pass configurations. Relevant assumptions, modes of heat
transfer, and heat transfer coefficients, numerical discretization, solution of the discretized
equations, double pass configuration and validation of the developed model will be

discussed in the subsequent sections of the chapter.

2.1. Problem description of parabolic trough collector

The solar radiation absorbed by PTC depends on the optical properties of the materials
(glass cover and receiver) such as transmittance of the cover (), surface reflectivity of the
collectors (p,), and absorptance of the receiver («). In addition, it is also characterized by
the temporal, spatial and atmospheric factors. Furthermore, shape factor (y) and incident
angle modifier (I4,,) affect the energy absorbed by the receiver of the PTC. Where shape
factor can be defined as the fraction of solar radiation intercepted by the receiver. Energy

absorbed per unit collector area by the receiver tube, gsr (W/m?), can be represented as:
Asr = GnPoTaYlaym 1)

where G, (W/m?) represents the reflected beam component of the global solar radiation
from the parabolic mirrors. Beam radiation reflected by the collectors to the receiver tube

defines the concentration ratio of the PTC as:

_W-—Dy )

CR
Dy
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Figure 5: Schematic of PTC showing width, length and receiver's diameter.

Figure 5 represents the schematic description of the PTC, where Wis the width of the
collector and D,., is the outside diameter of the receiver tube. Useful energy gained by the
working fluid in the receiver depends on receiver and glass cover temperatures as they
determine thermal losses through convection and radiation. Useful energy gain (defined at
steady state), g, (W/m?), to the working fluid accounting all the above factors and losses is

given by:
qu = qsrCR — (Hcon,rc + Hrad,rc) (T, —T,) 3)

where Honre and Hp.q. are the convective and radiative heat transfer coefficients
between the receiver and glass cover and T, and T, are the receiver and cover temperatures,

respectively.

Temperatures of the receiver, glass cover and heat transfer fluid are highly coupled and
depend upon different modes of heat transfer of the system. Figure 6 shows the detail
description of the modes of heat transfer for single pass PTC as well as showing the side
view to demonstrate the numerical control volume detail. In Figure 6, q,,q; 1S the heat
transfer between the receiver and the working fluid which depends on receiver and fluid
temperatures and the heat transfer coefficient between receiver and fluid, g, . is the heat loss
from the receiver which depends upon the temperatures and convective/radiative heat
transfer coefficients between the receiver and glass cover, whereas q. qmp IS the heat loss

from the glass cover to the environment.
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Figure 6: Front and side view of single pass PTC, showing modes of heat transfer and
numerical nodes



For the current PTC analysis, following assumptions are considered:

1. Uniform and incompressible fluid flow neglecting any change of phase of the fluid
with in the working temperature range.

2. Material properties of air, receiver and glass cover are considered as constant with
in the working temperature range.

3. Constant wind velocity for the convective heat loss between glass cover and
surroundings.

4. Constant diameters of receiver and glass cover.

Transient energy balance equations are solved separately using finite volume method in a
segregated manner to obtain the temperature distributions of fluid flow, annulus (for double
pass), internal tube (for double pass), receiver and glass cover . Figure 7 represents the flow
of the numerical algorithm. The solution starts with the initial assignment of geometry and
optical parameters for the PTCs. An initial temperature distribution for all components is
assigned to start the solution. First, temperature profile at a new time step of the fluid is
calculated using temperature values of the receiver at the previous time step (Trit). The
receiver temperature profile serves as the boundary condition for the fluid accounting the
convective heat transfer between the receiver and fluid. All the material properties for the
evaluation of heat transfer coefficient are calculated at each time step using the previous

known temperature distribution.

In the receiver analysis, the calculated temperature profile of fluid at new time step (Tff”)
is used for the computation of receiver’s temperature profile at new time step along with the
previous temperature distributions of the receiver and glass cover. The convective heat
transfer coefficient is recalculated at new temperature profile of the fluid along with the
useful energy (q,,) as the boundary condition. The matrix inversion is carried out for each

time step.

The new temperature profile of the glass cover is obtained with the aid of the updated
receiver’s temperature profile. Convective and radiative heat transfer coefficients between

the receiver and environment are calculated using the most updated version of temperatures
(Tri“r1 and Tcit) and given ambient conditions. Similar to the receiver analysis matrix

inversion is carried out for every time step to get the new temperature profile of the glass

cover.

14



Geometry, physical properties of materials,
optical parameters, boundary conditions etc.

A

Initial Temperature Distribution
070 0 0 ;0
Tf pTr ;Tc 'Tann 'Tt

v

A 4

t
v

Solar resource model

!

Fluid flow analysis

t

t+dt

Receiver wall analysis

Glass Cover Wall Analysis

y

New Temperature Distribution
Tft+1’ Trt+1' Tct+1' Tannt+1i Ttt+1
Useful Energy Gain
qu

t 2 tmax

oo )

Figure 7: Flow Chart of the PTC numerical algorithm
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The useful energy gained by the system at every time step is calculated by using Equation
(3) with the corresponding temperature differences. To converge the solution, the simulation
is run for an adequate time to reach the steady state for all the system temperatures of fluid,

receiver, annulus (for double pass) and glass cover.

2.2. Solar Resource Model

Concentrated solar power technologies utilize only the beam component of the solar
radiations and beam radiation reaches the earth surface without any hindrances (absorption
and reflection) from the atmosphere. On the other hand, the diffuse part of the solar
radiations reaches the earth surface after being scattered from the water molecules, dusts etc.

in the atmosphere.

The atmospheric effects are highly variable with time as the atmospheric conditions and air
mass change. In order to resolve the unpredictability of the solar resources, it is necessary to
define a standard “clear” sky model which does not take into account the atmospheric

effects to calculate the solar radiation across the course of the day.

Hottel [33] proposed a method to calculate the beam solar resources through the clear sky

taking into account the zenith angle and altitude for the four climatic types by defining the

atmospheric transmittance for beam radiation as;
G

Tp =—n=a0+alexp(
Gon

~e) X

Where G, is clear sky beam normal radiation, G,,, is the extraterrestrial radiation incident on
the plane normal to the radiation and 6, is the zenith angle (the angle between the vertical

line and the line of the sun).

360n (5)
Gon = Gy (1 + 0.033cos 365 )

cos 8, = cos ¢ cosd cos w + sin¢ sind (6)

Where G, is the solar constant taken as 1367 W/m?, n is the day number of the year, ¢ is
the latitude of the location, § is the declination (the angular position of the sun at solar
noon) and w is the hour angle (the angular displacement of the sun by 15° per hour east or

west in a day). Declination angle and hour angle can be calculated as;

16



Table 2 Correction factor for Climatic types
Climate Type rg T Ty
Tropical 0.95 0.98 1.02

Midlatitude summer 0.97 0.99 1.02
Subarctic summer 099 099 1.01

Midlatitude winter 1.03 101 1

6 = 23.45si (360 284+n) (7)
= 23.45sin T
w = (solar time — 12) x 15° (8)

In Equation (4) ay, a; and k are the constants for the standard atmosphere with 23 km

visibility and altitudes less than 2.5 km, and can be found from the following relations of a,

ajand k*.
ay = 0.4237 — 0.00821(6 — A)? 9)
a; = 0.5055 — 0.00595(6.5 — A)? (10)
k* =0.2711 — 0.01858(2.5 — A)? (12)

o = ag/ap, r, = ay/aj and r, = k/k* are the correction factors for different type of

climate types summarized in Table 2 and ‘A’ represents the altitude of the location.

2.3. Fluid flow analysis

Finite volume representation of the fluid flow inside receiver tube is given in Figure 8. As
the fluid flow is considered without phase change, only the transient energy equation is
solved for the evaluation of the fluid temperature. Transient governing energy equation for

ith control volume is given in Equation (12).

Guratl = hf![T?"[ - Tfl)

i ReceiverTube

{4

Tha'—l.n’lhfi-_lm Tf’li-.i.l;ghf_. i
! |::> _. fe . T.. i+1/2 . "
2 - :

i-1 i+1/2
|
!

M= M3y, = My

/2
[li Ax

Figure 8. Control volume for the fluid flow inside the receiver tube.
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dE; . . (12)
a2 - dwau + mi—l/zhfi_l/z - mi+1/2hfi+1/2

In Equation (12), E; represent the total energy for the ith control volume. The heat transfer
from the receiver to fluid (q,,4;;) depends upon the temperature difference of fluid and

receiver and the convective heat transfer coefficient.
dwan = Hp (T — Ty) (13)

Convective heat transfer coefficient Hy, for the fluid flow inside the receiver is calculated
with the aid of Gnielinski correlation for turbulent flows ( Re; > 2300), with constant heat

flux assumption given by [34]:

_ (f/8)(Ref —1000)Pry
Y L1127 (P2 — 1)

(14)
Nufkf
her =
Il Dri
where friction factor, f, and Reynolds number, Re; are given by
f = (1.82logyoRes — 1.64) " (15)
1m; Dy (16)

Rer =
4 Arpy

In Equation (15) Res is calculated with the aid of hydraulic diameter of the receiver tube,

which is calculated as the cross-sectional area divided by quarter of the wetted perimeter of

the cross-section.

For laminar flows, i.e. Reynolds number less than 2300, convective heat transfer coefficient,

Hpy, can be calculated using Equation (17).

436k (17)
e Dri

Continuity for incompressible flows suggests that mass flow rate throughout the pipe is
constant, i.e. m; ./, = M;_q1/, = m. Using incompressible substance model with constant

mass flow rate, Equation (12) becomes:
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1
Cpf Tft i+ — Cpr Tft i (18)

At

— t t+1 . t+1 t+1
= Hp (T, — T ) Ap + (Cprfi_l/z — Cpr T )

pfAVf fiv1/2

After applying 1% order upwind scheme on Equation (18), the fluid temperature at node i,

Tfti, is advanced to the new time level, t + At, using the following relation:

ot (@T;,_ '+ cprff + (BT, — (DT
Ii - Cps +a (19)

prAVy T prdVy
Equation (19) produces temperature distribution of the working fluid at a new time step
using a semi implicit approach which solves by taking old and new time step values. Above
equation is modified for the inlet boundary node (hode 1). It is assumed that the fluid enters

the receiver at a constant temperature. Hence for node 1 the temperature at new time step is:

t+1 __ t
T, =T, (20)

4

2.4. Receiver wall analysis

Energy balance equation for the receiver wall is developed using the scheme presented in

Figure 9 as given in Equation (21).

dT,

T
i+1/2 dx

(21)

T,
" dx

du
mrd_tr = (qumtDro — qwaumDr)Ax + (k

).
i-1/2

In Equation (21), g4y 1S calculated using Equation (13) with the fluid temperature at the

t+1

new time step (Ty," ") while g, is calculated using Equation (3) with the previous time

step’s glass cover temperature (T).

In Equation (3), Heonrc@Nd Hyqq,c are the convective and radiative heat transfer

coefficients between the receiver and glass cover and are calculated by:

2keyy (22)
Hcon,rc = D~
Dro In (D_:;)

where k¢ is the effective thermal conductivity of the air, trapped in between the receiver

and glass cover envelope and D.; is the internal diameter of the glass cover. Effective
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thermal conductivity of the air depends upon the Rayleigh number (Ra) based on the

temperature difference and the characteristic length between the receiver and glass cover.
kerr = (0.317Ra*"*)k, (23)

In {—Da}
Ra*l/ = ro Ral/

5/4
[bm{%Jf%} / J
Dro / Dci /

In the above relation, b is the characteristic length and Ra is the Rayleigh number which is

calculated using the following relations.

_ Dci - Dro (25)
b _
2
gBATb? (26)
Ra=—
Valqg

Radiative heat transfer coefficient between the receiver and glass cover is given by;

o(T,* + T.*)(T, + T,) (27)

“1—¢ . 1 . (1—¢,)Dpy
&r Fec €cDqi

Hrad,rc

Integrating Equation (21) with respect to time and space using implicit approach for the
middle nodes yields Equation (28).

|3
ci Glasscover

Gy = ’:J'SRCR_ (hcpn,n + h?’ﬂd;?’ﬂ) (TJ‘.- - Tc.-)

Air Space
i-1/2 i+1/2
. 9T . . 4T
[ ] —_ [ ] . —_ L ]
-1 Tdxli—age i " Tdx lis1ye i+1

Qwanr = th(Tf‘[ B Tf[)

L
< ax !

Figure 9. Computational scheme for the receiver tube.
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Table 3: Summary of the coefficients for receiver temperature profile.

Nodes ari-1 Ariv1 Ay br,c
i=1 0 FrAcr
Ax
. kA kA
1<i<n T T a+ftagytang alt BT 4y
Ax Ax
i=n kT'ACT' 0
Ax
a = pTAVTCPr B = HflT[Dridx Y = qunDy,Ax
At
v u, -t (28)
p?" r At

= {qumDy, — Hpy(Tp,"*' — T, 1) D, JAx

T ) t+1 _ T 't+1 T 't+1 _ T . t+1
+ kr Tit1 Ti _ kr Ti Ti—1 Acr
Ax Ax

Specific internal energy is represented via specific heats, i.e. u, = ¢, T;, to obtain Equation
(29) as:

T 't+1 _ Trit (29)

i
At
= {q,mDyo — Hp (T, = Tp," M )mD, } Ax

t+1 t+1 t+1 t+1
+ k Tri+1 B Tri _ k Tri B Tri—l A
T Ax T Ax cr

Receiver tubes’ temperatures of Equation (29) can be combined together as shown in

praV,cy,

Equation (30) so that a linear system can be formed. The coefficients are summarized in
Table 3 when adiabatic boundary conditions are applied on the boundary nodes (1* and the
last).

(ar,i)Tr,it+1 - (ar,i—l)Tr,i—1t+1 - (ar,i+1)Tr,i+1H1 = br,c (30)

Temperature profile of the receiver at new time steps can be found by the solving n number
of equations for middle nodes, 1 node and n" node simultaneously with the help of matrix

inversion. The coefficients in Table 3 form the diagonally dominant matrix presented below.
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2.5. Glass cover wall analysis

The glass cover analysis is similar to the numerical method described for the receiver tube.
Using Figure 10, energy balance across the control volume of the cover is given by Equation
(32).

(31)

duc

dt (thnDro - QC,amanco)dx + (Qe - QW)ACC

m

where q, . represents the convective and radiative heat transfer between the cover and the

receiver, as given by:
Qr,c = (Hcon,rc + Hrad,rc)(Tr - Tc) (32)

where convective and radiative heat transfer coefficients can be computed using Equations
(22) and (27) using most recent temperature values for the receiver and the glass cover.

The second term in Equation (31) represents energy loss from the glass cover to the

atmosphere, and given by:
Acamb = Hcon,c amb (Tc - Tamb) + Hrad,c amb (Tc - Tsky) (33)

where, Heoncamp aNd Hygq - amp are convective and radiative heat transfer coefficients

between the glass cover surface and environment respectively. Correlations for the

Qe.amb = hcm’z,c ﬁmb(Tc_.i - Tﬂmb} + hrﬂd,c ﬂmb{Tc,i - Tsk}'}
A

i-1/2 i+1/2
, dT, T,
.
i-1 fdxliag ? Te; “dx lis1/2 1—:1

ﬁ = Air Space

Gpre = (h'cm'z_.rc + h’rﬂd,rc J{Tr_-i - TCJE'}

Receiver Tube

Ax ‘;.I

Figure 10. Computational scheme for the glass cover.
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convective heat transfer coefficient are available with for a wide range of Re number in the

literature.
( 033p,. 033 Ka (34)
0.989Re">°Pr, ™ D for 0.4 < Re <40
co
k
0.683Re0486py, 033 2 for 40 < Re < 4000
Hcon,camb =9 kco
0.193Re°'618Pra0'33D—a for 4000 < Re < 40,000
co
k
L0.0266Re°'8°5Pra0'33—a for 40,000 < Re < 400,000

co

For very low air velocities or stagnant air, the natural convective heat transfer correlation

around the cylinder is proposed by Churchill and Chu [19].

kq
Heoncamp = |0.6 + 0.387 oo Iz D_CO
[ (&™) )

where the Ra number depends upon glass cover outside diameter (D.,), the characteristic

1/67? (35)
|[ Ra ]I
|

length and the temperature difference between the glass cover surface and the ambient

environment. The radiative heat transfer coefficient H,44 ¢ omp IS given by;

Hrad,c amb = gco-(Tsky2 + Tcz)(Tsky + Tc) (36)

Similar to the receiver analysis, integrating the Equation (31) with respect to time and space
using implicit approach for the middle nodes and substituting the above equations leads to

the following simplified and discretized equations.

o ue, 1 —ug,t (37)
Cc c At

= [(Hcon,rc + Hrad,rc)(Tr,i - Tc,i) 7""Dro
- {Hcon,c amb (Tc,i - Tamb) + Hrad,c amb (Tc,i - Tsky)} nDco]Ax

dT, dT,
+ (k < < )ACC
i-1/2

Tl By
Specific internal energy is represented via specific heats, i.e. u, = ¢, T¢, to obtain Equation

(38) as:

23



t+1 t
ci - Tci

At
= t+1 t+1
- con, ! ) —T.;
[(H onre T Hraa rc)(Tri T.: ) D,
- {Hcon,c amb (Tc,it+1 - Tamb)

+ Hrad,c amb (Tc,iHl - Tsky)} nDco]Ax

t+1 t+1 t+1 t+1
+ [kc (Tci+1 B TCi > _ kc <Tci B Tci—l )] ACC
Ax Ax

After simplifications Equation (38) and the two discretized equations for the boundary

(38)
pedV.cp,

nodes, the equations take the following discretized form.

(aci)Tei™ = (aci—1)Teim1"™ = (acirn)Teivr™ = bec (39)
where the coefficients of the variables at different spatial nodes are summarized in Table 4
for adiabatic conditions applied at the 1% and the last control volumes. Temperature profile
of the glass cover at new time steps can be found by the solving n number of equations for

middle nodes, 1% node and n™ node simultaneously with the help of matrix inversion.

Table 4: Summary of the coefficients for glass cover temperature profile.

Nodes  ag;_1 Qi1 Qi b,
) 0 kA
1= 1 Ax

:Brc + Bcon + :Brad ta

krAcr krAcr + acitq

t t+1
aTC,i + BrcTr,i

1<i<n Ax Ax +a. + BeonTamp
et + ﬁradeky
krAcr 0
I=n Ax

a = pcAVcCpc ﬁrc = (Hcon,rc + Hrad_rc)ﬂfDmAx ,Bcon,amb = Hcon,cambT[DcoAx
ﬁrad,amb = Hrad,cambT[DcoAx

2.6. Validation of the Parabolic Trough Collector Model (Single pass)

It is essential to validate the numerical model before proceeding forward for further
analysis. In order to validate the numerical model, experimental as well as numerical data is
found from the literature and compared with the developed model. Sandia National
Laboratory has carried out several experiments on single pass parabolic trough collector
with air and vacuum between the receiver and glass cover. They used single phased water
for low, and syltherm800 oil for high temperature ranges respectively in their experiments.

Tests were carried out on different conditions of solar energy input and mass flow rates.
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Table 5: Single Pass Parabolic Trough Collector specifications for model validation.
Geometrical Specifications

Receiver length (L) 7.8m
Collector width (w) 5m
Receiver internal diameter (D,.;) 0.066 m
Receiver outside diameter (D,.,) 0.070 m
Cover internal diameter (D ;) 0.109 m
Cover outside diameter (D,) 0.115m
Concentration ratio (CR) 22.42
Optical Specifications
Receiver absorptance (a) 0.906
Receiver emittance (&,.) 0.14
Glass cover transmittance (t ) 0.95
Surface reflectivity (p,) 0.93
Shape factor (y) 0.92
Incident angle (0) 0°
Incidence angle modifier (I4p) 1
Material Specifications
Working fluids Water and
Receiver material Stainless steel cermet
Glass cover material Low iron glass

With almost perfect tracking, zero degree incident angle is achieved (radiation perfectly
normal to the surface) with the aid of AZTRAK rotating platform at Sandia National
Laboratory, at every hour of the day. The developed model is compared with 10 different
physical conditions of solar energy input at zero degree incident angle (perfect tracking),
water and syltherm800 oil as the working fluids, fluid inlet temperatures and ambient
conditions from Sandia’s experimental data. Beside the experimental data, the developed
numerical model is also validated with the numerical model of O. Garcia-Valladares et al

[19] with similar conditions.

The numerical approach for single pass PTC model is validated for non-evacuated tubes
which contain air between the receiver and glass cover. Table 5 represents the specifications
of the parabolic trough collector for the single pass validation comprising of geometrical,

optical and material details.

Validation study assumes constant physical properties of receiver and glass cover material,
whereas the thermo-physical properties of the fluid are evaluated at every time step at
different temperatures. Property evaluation for water is straight forward whereas the
properties of syltherm 800 oil are found from [35] at different temperatures. Best fitted

functions are used for the evaluation of thermo-physical properties for the oil, from the
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available data. Thermo-physical properties of the air trapped between the receiver/glass
cover gap and ambient air are also taken as constant at 20 °C. The details are given in the

Appendix.

In order to find the effect of the computational size (Number of nodes n) on the error and to
achieve grid independency, the model is checked by simulating one single case at various
grid sizes (200, 150, 100, 50 and 25 nodes). Results of 200 nodes are considered as the
benchmark values to compare with the lesser grid sizes. The error is calculated for both the
outlet temperature and useful energy gain at steady state. To check the grid independency,
water is taken as the working fluid entering the receiver at 29.5 °C with the flow rate of 20.7
I/min (~0.345 kg/sec at constant water density), perfect tracking (0° angle of incident) with
incident beam of 925.1 W/m? as the solar energy input, 38.4 °C and 3.4 m/s as the ambient
temperature and wind speed respectively, are fed into the model as the inputs.

Errorr = (T200)0 — (Tn)o (40)
Equation (40) represents the error for the outlet temperature (T;,), where the (T,00), and

(T,.), show the outlet temperature at 200 and lesser nodes (n) respectively.

Errory, = Quy00 — Tun (41)
Similarly, Equation (41) shows the error for the average useful energy gain at the steady
state conditions, where q,,,, and q,,,, show the average useful energy gain at steady state

conditions at 200 and lesser nodes.

An obvious trend can be observed in Figure 11 and Figure 12, with an increase of number
of nodes the error is decreasing. It can be seen from the figures as well that the magnitude of

the error is quite insignificant at different number of nodes.

In Figure 11 errors at 150 nodes and 25 nodes are 5.58 x 10° and 1.1 x 107 respectively.
Although there is a difference in the order of the magnitude between these two values but
with the temperature ranges and the margin of error in these type of systems, these two
nodes almost give the same outlet temperatures. Similarly, for the useful energy absorbed to
the system at steady state, different nodes also show insignificant errors. The main reason of
this behavior is the adoption of implicit scheme while solving the discretized equations
which does not impose strict limits of grid size and time interval between two steps. Hence,
in order to save the computational resources, the model is validated with 50 control

volumes. The summary of the cases for validation and results are tabulated in Table 6.
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Figure 11: Error (Outlet Temperature at steady state) vs. number of nodes.
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Figure 12: Error (Average energy gain at steady state) vs. number of nodes.
Figure 13 shows the temperature profiles of the inlet, outlet and middle nodes of the
computational domain for case 1 (Table 6) for the simulation showing steadiness in the

solution. Table 6 shows a wide range of different cases simulated for the validation, with

water and oil as the working fluid. Cases with different solar energy inputs and mass flow
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Figure 13: Temperature profiles at different locations in the computational domain for
case 1.

rates are validated with increasing inlet temperatures of the working fluid ranging from 29.5
°C for water to very high temperatures up to 376.6 °C for oil. The cases are run for adequate
time to achieve the steady state with 50 control volumes. It can be seen from the table that
there is a strong agreement of the thermal efficiencies of different cases with that of the O.
Garcia-Valladares et al model with an average and maximum error of 0.95% and 1.83%
respectively. Beside this it can be observed that the thermal efficiency of the Parabolic
Trough Collector is also deceasing with the increase of the working fluid temperatures,
evidently due to high thermal (convective and radiative losses) from the receiver and cover
surfaces at high surface temperatures. Equation (42) represents the percent thermal
efficiency of the Parabolic Trough Collector.

qunDyoL (42)
= [ 1100
Men [Ib W=D, )L

Figure 14 shows the described decreasing trend of the thermal efficiencies at various inlet
working fluid temperatures tabulated in Table 6. Error bars are drawn with an error of 5%
along the single pass PTC thermal efficiencies. A good degree of correlation is also found
between the temperature difference between the inlet and outlet of the PTC for experiments,
O. Garcia-Valladares et al model, and the developed Parabolic Trough Collector model,

with an average and maximum error of 3.94% and 6.56%.
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Table 6: Summary of the validation cases for Single Pass Parabolic Trough Collector Model with O. Garcia-Valladares et al and Experimental.

Garcia PTC %6 Error . % Err.or
Flow Mass Wind Exp PTC  Garcia Garcia Garcia Exp
Cases Fluid ,. rate flowrate speed ™ T gy €t model model etalvs TV etal PTOC etalvs
(Wim?) Umin)  (kgs)  (mds) °C) (C) ©C) An;o((‘i(z) Tgutlet AT °C) PTC (W/m") N (%6) N (%0) PTC (%)

¢ (AT) (1)

1 Water 925.1 20.7 0.345 34 384 295 178 18.04  47.53 18.03 0.03 15158.8 72.11 73.06 1.31 73.7
2 Oil 813.1 50.3 0.72 36 258 1012 178 16.73 11846 17.26 3.19 12039.6 67.25 66.02 1.83 71.6
3 Qil 858.4 52.9 0.71 31 276 1543 174 1664 17182 17.52 5.30 12670.7 66.21 65.81 0.60 69.2
4 Oil 878.7 54.6 0.69 31 286 2024 17 16.31 219.78 17.38 6.56 12755.0 64.60 64.72 0.18 67.1
5 Oil 889.7 55.3 0.66 28 286 2511 17.2 16.23 268.32 17.22 6.13 12610.4 62.89 63.19 0.48 66.6
6 Qil 906.7 55.4 0.61 317 2995 17 16.94 31719 17.69 4.45 12469.6 62.39 61.32 1.72 62.6
7 Oil 874.1 56.2 0.58 28.7 3449 16.2 1582 361.31 1641 3.70 11388.4 58,56 58.09 0.81 59.6
8 Oil 870.4 56.2 0.58 06 291 3455 16.1 16.11 36197 16.47 2.26 11876.7 59.74 60.84 1.83 59.4
9 Qil 879.5 55.4 0.57 18 274 3489 163 1635 36593 17.03 4.14 11655.2 58.99 59.08 0.16 58.5
10 Oil 898.6 56.2 0.55 28 297 3766 165 1647 393.67 17.07 3.65 11520.5 56.83 57.16 0.58 56.5
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Figure 14: Trend of thermal efficiency with the inlet working fluid temperatures.

The difference between the results of developed model of single pass PTC and model of
Valladares et al is due to the numerical approach they adopted. They discretized the momentum
equation along with the energy equations, whereas the developed PTC model solved for the
energy balance. It can be said that by solving only the energy equation, the results are in a very
good agreement with the Valladares et al model and this analytic approach significantly reduces

the computational time and resources.

2.7. Parabolic Trough Collector Model Double Pass

The developed numerical model of single pass PTC is extended to model a double pass PTC. A
double pass PTC is modeled as a concentric counter flow heat exchanger. The incoming fluid to
the PTC pre mixes with the fluid from the annulus before entering the internal tube of the
double pass configuration. This pre mixing increases the inlet temperature of the incoming
fluid. This concept is broadly used in other thermal applications as well and can be observed in
absorption, fermentation and polymerization industries [19]. The details of the numerical

modeling is presented in the subsequent section.
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2.7.1. Numerical modeling

The double pass PTC has one additional tube with fluid flow enveloped inside the receiver.
Hence, internal tube fluid flow and annulus flow in the opposite direction are integrated into the
PTC model. All the energy equations are coupled with each other through surface boundary
conditions. Figure 15 shows the schematic of the double pass PTC, with mixing of the incoming

fluid at a constant mass flow rate (m) with the exiting fluid at Mm.

Similar numerical discretization is carried out as of the single pass PTC except a few

differences in fluid flow equations in the annulus, as given in Equation (43).

dE; . . (43)
T = Qwaiy ~ dwan + Miaj2hy,  — Mivag2hy,, o,

where qyqu, and qyqy, are the heat transfer from the receiver to the annulus fluid and heat

transfer from the fluid to the internal tube.
Awall, = hannAann (Tr — Tann) (44)

Awally = hannAann Tann — Te) (49)
Where subscript ann represents annulus and t represents internal tube.

Following Figure 15 and Figure 16, Equation (46) is developed for the discretized energy
equation, where subscript f represents the fluid flow inside the internal tube.
Ttit+1 _ Ttit (46)

At
= [Hann(Tannit - TtHl)Aann - Hf(TtHl - Tft+1) Af]

t+1 t+1 t+1 t+1
+ k Tti+1 B Tti _ k Tti - Tti_l A
t Ax t Ax t

| [ - - [ | Glass cover

peAV,.Cy,

Internal tube

\ Receiver

Figure 15: Schematic for the double pass PTC (Counter flow heat exchanger).
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Figure 16: Front and side view of single pass PTC, showing modes of heat transfer and
numerical nodes.



In the Figure 15 point “1° refers to the mixing of the two streams, which serves as the boundary
condition for the internal tube fluid flow. At the first node the temperature of the fluid is

calculated by;

Ty + (M10)Tanny (47)

1 m+ Mm

Ty

In the above equation, it is assumed that the incoming water at m is at constant temperature ch,

and M represents the fraction of internal mass flow rate recycled back to the annulus. At point
‘2’ in Figure 15 the outlet temperature of the internal flow is fed as the boundary condition to

the annulus flow.

Tann, = Ty N (48)

Similar to the single pass PTC numerical algorithm, all the double pass PTC equations are
solved in a segregated manner, solving first the internal flow followed by annulus flow, internal
tube, receiver and lastly glass cover. Respective temperature profiles serve as the boundary

condition for the solution of the following energy equation.

2.7.2. Numerical Simulations and Results of Double Pass PTC

Various cases are considered for double pass configuration to investigate the pre-mixing effect
on the PTC performance. Simulations are executed at different mass flow rates of water, which
enters the PTC at 29.5 °C for all the cases. All simulations are executed until steady state
conditions are achieved. Table 7 summarizes the geometrical, optical and material
specifications of the double pass collector. Table 8 shows different mass flow rates () and the

fractions (M) of the recycled fluid to annulus.

Figure 18 shows the variation of the thermal efficiency with mass flow rates. It can be seen
from the graph that the increase in the efficiency is not significant with the increase in mass
flow rates. Single pass PTC seems efficient in comparison to the above described double pass
configuration for all mass flow rates with the used heat transfer coefficients. In the Equation (3),
the useful energy q, is a function of receiver temperature (7,.).The higher the receiver

temperature, the higher will be the thermal loss.
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Table 7: Geometrical, optical and material specifications of double pass PTC.
Geometrical Specifications

Receiver length (L) 7.8m
Collector width (w) 5m
Tube internal diameter (Dy;) 0.02245m
Tube external diameter (D,,) 0.02667m
Receiver internal diameter (D,.;) 0.066 m
Receiver outside diameter (D,.,) 0.070 m
Cover internal diameter (D ;) 0.109 m
Cover outside diameter (D.,) 0.115m
Optical Specifications
Receiver absorptance (a) 0.906
Receiver emittance (&,.) 0.14
Glass cover transmittance (t ) 0.95
Surface reflectivity (p,) 0.93
Shape factor (y) 0.92
Incident angle (0) 0°
Incidence angle modifier (I4) 1
Material Specifications
Working fluids Water
Receiver material Stainless steel
Glass cover material Low iron glass

It can be seen from Figure 17 that the average receiver temperature is highest for all the mass
flow rates for M = 1, which contributes to the low thermal efficiency. On the other hand, it can
also be observed that the average temperature of the receiver decreases with the increase of

mass flow rates for all cases (M = 0.5, 1 and single pass).

qyu 1Dy L (49)
=|+———7— %100
e Gn(W - Dro)L

Figure 19 shows the outlet temperatures at different mass flow rates of the internal tube and the
annulus at steady state condition. The trend of the temperature at the outlet of the internal tube

is quite logical since with the increase in the mass flow rates temperature decreases, providing

Table 8: Mass flow rates for double pass PTC.
M=05,1
S.No Mass flow rates ‘m’ (kg/s)
0.289
0.579
0.86
1.15
1.45

O wWN -
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Figure 18: Efficiency of the double/single pass PTC at different mass flow rates.

less time to transfer heat within the PTC (system). It can also be observed that the temperature
at the exit of internal tube and annulus increases at higher fraction of mass flow rate in the
annulus. There is a significant increase in the temperature at the exit of the internal tube in the
double pass configuration as compare to the single pass with similar conditions. Even though
the efficiency of double pass is low as compared to the single pass, but the outlet temperature is
significantly high as compared to that of single pass PTC.
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Figure 17: Average receiver temperatures at steady state at different mass flow rates.
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Figure 19: Outlet temperatures of double pass (Internal tube and annulus) and single pass at
different mas flow rates at steady state condition.
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Figure 20: Useful rate of energy absorbed for double/single pass PTC at different mass flow
rates
Although there is not a significant difference between the thermal efficiency for different
configurations of PTC, but significantly high temperatures can be achieved without sacrificing a
significant amount of useful energy. This configuration can reduce the maintenance cost

required in the case of vacuumed tube in high temperature PTC applications.
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Chapter 3

SYSTEM LEVEL MODELLING

This chapter discusses the modeling of organic Rankine cycle, cooling tower and the integration

of the PTC model developed in the previous chapter with ORC and cooling tower models.
3.1. Organic Rankine Cycle Model

ORC is the power generating unit of the solar thermal system which comprises of four major
components similar to a conventional Rankine cycle power plant. Evaporator serves as the heat
exchanger to transfer the heat from the PTCs to the working fluid (refrigerant), followed by
either a turbine or an expander to convert the thermal energy to mechanical work output.
Condenser rejects heat followed by a pump to induce refrigerant to flow. Figure 21 shows the

schematic of ORC showing different components.

This study follows the transient model of ORC developed by Bamgbopa. M. O et.al [24] which

is made compatible for the integration with PTCs and cooling tower models.
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Figure 21: Schematic of the Organic Rankine Cycle (ORC).
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3.1.1. Evaporator

Evaporator is numerically modeled as a concentric tube heat exchanger with counter flow. The
concentric tube geometric description presented for double pass configuration can be applied to
similar counter flow heat exchangers with modifications related to the geometrical parameters
and heat transfer coefficients. Evaporator is modeled with transient effects because it is
connected to a variable heat source (PTCs).

The evaporator is numerically discretized similar to the PTC to solve the fundamental energy
equations across the hot water, refrigerant and evaporator pipe. In this study pressure drop
across the evaporator is neglected, the outer tube of the heat exchanger is assumed to be
insulated hence no heat transfer from the surroundings is taken into account and the hot water is
considered to be in single phase.

Equation (50) represents the energy balance across the control volumes for the refrigerant in the
tube;

dEres, _ " , N (50)
dr | deref + Mref;_ 1M ref 12 = Mref 2" ref 1412

where q; is the convective heat transfer between the evaporator tube and the refrigerant. Unlike
the PTC analysis, the equation will be used to solve the enthalpy instead of temperature for

handling phase change intrinsically.

dETefi _ d(prefAVrefihrefi B Prefi/pref) _ AV dhrefi _ 1 dPrefL- (51)
dt dt ~ PrefS¥refi gy Prey dt

In Equation (51), the pressure term can be neglected for the evaporator. In addition, mass

conservation suggests a single mass flow rate, m,...

Equation (50) with application of 1% order upwind scheme for the convective terms for a

constant mass flow rate takes the following form.

t+1 _ gy (52)

t . t+1 t+1
hrefi ref; + [qt + mrefl- (hrefi_1 - hrefl- " )]

prefA Vref

Rearranging Equation (55) yields:
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ty t+1 (53)
L 41 hrefl prefAV ref [Qt ref + mref hrefl 1 ]

ref; Tiyer At
prefAVref

where q; s is the heat exchanged with the heating fluid and characterized by the following
expression:

Atref = Hc,refAref(Tp,e - Tref) (54)
Similarly, the energy balance across the hot water side in the annulus is represented by.

dEhW' . . (55)
- = + h - h
dr dehw T Mhwi g jphwig/p = Mhwisypthwive)o

where hy,, is the enthalpy of the hot water, which can be approximated using specific heats as

Cp thhw.Using Equation (54), Equation (55) in terms of temperatures is obtained as follows:

At . (56)
t_ t+1
o e Thw; Prow Vi Cpr [Qt,hw + mhwicphWThwi+1 ]
hw 1 Mpy At
+ pthVhw

Convective heat transfer coefficients for refrigerant and hot water (single phase) inside the tube
and annulus are calculated with the aid of Gnielinski correlation [34] for turbulent flow

(Reres nw > 2300). With constant heat flux assumption the heat transfer coefficient and is given

by:

_ Nuref,hwkref,hw (57)
Href,hw - D i
c
(f/8)(Reref,hw - 1OOO)Prref,hw (58)

Nuref,hw -

1+ 12.7(f/8) (Pryesnw?’® — 1)

In the above relations, the subscript ref refers to the refrigerant, hw refers to the hot water and
ch represents characteristic dimension. Friction factor f and is evaluated by the following

relation.

= (1.82l0g1oReref puy — 1.64) (59)
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The Reyef nw is evaluated with the internal diameter of the evaporator tube as the characteristic
length for the refrigerant flow, whereas for hot water hydraulic diameter is used as the
characteristic length.

m'ref,thch (60)
Aref,hw.uref,hw

Reref,hw -

For laminar flow i.e. Re.f py, < 2300, Equation (57) can be modified to yield the following
relation:

4.36 kyef nw (61)
Href,hw = D—
ch
During the multiphase flow regime of refrigerant Wang-Touber’s correlations are used for the
evaluation of heat transfer coefficient [36].

1\%% (62)
Qres = 3.4 (X_tt) (Href)”q

Tref) 0<x<085 (63)

x — 0.85

H f = 2
" rerlycpms — (Foqe) (@rerlcops = (Hrep)ygy): 085 <1

where X, is the Martinelli factor and convective heat transfer coefficient at single phase
(Href)liq vap can be calculated from Equations (57) and (61).

(597

Energy equation is applied across the control volume for the evaporator pipe temperature with

constant physical properties.

du,, ] ) (65)
die = (qt,hw - qt,ref) + (Qe - CIW)Ap,e
Tzo.eitJr1 B Tp,eit (66)

PraV,Cp, At

= [Hc,hw(Thwit - Tp,et+1)Ahw - I-Ic,ref(Tp,et+1 - Treft+1) Aref]

t+1 t+1 t+1 t+1
+ k Tp,€i+1 B Tprei _ k Tp'ei B TpJei—l A
P ax P Ax pe
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Table 10: Summary of the coefficients for evaporator pipe temperature profile

NOdeS ap,i—le ap,i+le ap,ie bp,ce
i=1 0 kpAp,e
Ax
i + +ta+t+ay,;
1<i<n kpApe kpAp,e Beref ﬁc_hw a .p,;+1 an’eit + :Bc_refTref,itH
Ax Ax P + ﬁclthhwt
i=n kpAp,e 0
Ax
o= ppAVPCPp ﬁc,ref = Hc,refAref ﬁc,hw = Hc,thhw
At

Equation (67) shows the condensed form of Equation (66), the boundary nodes are dealt with

adiabatic condition similar to the PTC’s receiver and glass cover.
t+1 t+1 t+1 _ 67
(apvle) Tplei - (apll_le) TpJei—l - (apll-l—le) Tplei+1 - bplc ( )

where the coefficients of the variables at different spatial nodes are summarized in Table 10.

Temperature profile of the evaporator pipe at new time steps can be found by the solving n
number of equations for middle nodes, 1% node and n™ node simultaneously with the help of
matrix inversion. The coefficients in Table 10 form the diagonally dominant matrix presented

below.

3.1.2.Condenser

Similar to the evaporator model, condenser is also modeled as a concentric tube heat exchanger
with refrigerant flowing in the internal tube and cold water coming from the cooling tower in
the annulus. Similar numerical scheme and discretization is carried out to solve the fundamental
equations for the refrigerant flow, cold water and condenser pipe temperature. Equations (68),
(70) and (71) represent the numerically discretized principle equations for refrigerant, cold
water and condenser pipe respectively with the change of direction of heat transfer, i.e. from

refrigerant to condenser pipe and condenser pipe to the cold water.
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where g s is the convective heat transfer between the refrigerant and condenser pipe, which is

represented by:

Atref = Hc,refAref(Tref - Tp,c) (69)
t At . t+1 (70)
. 1 Tcwi + pchVcprcw [Qt,cw + mcwiCpCWThci+1 ]
wio 1+ Mgy At
PewAVew
T t+1 _ T t (71)
D,C; D,C;
av,C L :
Py At

= [Hc,ref (Treft+1 - Tp,ct+1) Aref - I—Ic,cw(Tp,ct-’_1 - Tcwit)Acw]

t+1 t+1 t+1 t+1
+ k Tprci+1 B TpJCi _ k Tp,Ci B Tp'Ci—l A
P Ax ¢ Ax pe

Single phase heat transfer coefficients are calculated from the same correlation used in the

evaporator whereas Chato’s correlation [34] is used for the multi-phase regime for Re less than
35000, given by:

,1/4
api(p1 — p)k Ry (72)

.ul(Tsat - Tp,c)Dp,i

In the above relation h;," is the modified latent heat given by [34] ;

Hyor = 0.555

hy' = hy — by + 0-375(sz)ref(Tsat —Tpe) (73)

The above correlation can be modified for better accuracy by replacing the constant ‘0.555’ in

Equation (72)by the following relation [37].

3/4 (74)

1
= 0.728[ ]
14+ {1 —x)/x}py/p1)*/3
For Re > 35000, Boyko and Kruzhilin correlation is used given by[38];
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ki pL 1/2 (75)
Hyep = (D ) 0.021Re,*8pr,**3 [1 +x (p— - 1)]
Pt v

Equation (71) can be condensed as;

t+1 _ ] t+1 _ ] t+1 _ 76
(ap,ic) Tp,ci (ap,l—lc) Tp;Ci—1 (al’:”’lc) Tp;Ci+1 - bP,C ( )

Table 11 summarizes the coefficients in the Equation (76).

Table 11: Summary of the coefficients for condenser pipe temperature profile

Nodes ap,,-_lc ap,,-_HC ap,,-c bp'cc
i =1 0 kpAp,c
Ax
1<i<n kpAp,c kpAp,c ﬁc,ref + ﬁc,cw ta+ Ap,i+1 an_cl.t + :Bc,TEfTref'iHl
Ax Ax T Qi1 Tt
+ ﬁC,W cw
i=n kpAp,C 0
Ax
_ ppAVPCPp ﬁc,ref = Hc,refAref ﬁc,cw = HC,CWACW

a
At
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3.1.3.Numerical Algorithm for Evaporator and Condenser

In order to solve the above discretized equations for evaporator and condenser, following

assumptions are made.

1. Uniform flow for all fluids while incompressible flow for hot and cold water.
2. Both evaporator and condenser are well insulated.
3. Material properties of evaporator/condenser tube are considered as constant for the

working temperature range.

Similar to the PTC, the discretized equations for both evaporator and condenser are solved in a
segregated manner. An initial constant enthalpy of the refrigerant is distributed along the
domain of the internal tube for both heat exchangers. The enthalpy at new time (t+1) is
calculated by marching in time as well as domain with the aid of old enthalpy and new enthalpy
value of the previous node. The initial temperature distribution of the tube serves as the
boundary condition. The heat transfer coefficient is calculated at each node of the computational

domain using relevant coefficients (single or multi-phase).

The temperatures of the refrigerant at each node and time are evaluated at the working pressures
and calculated enthalpies for both the heat exchangers. The new refrigerant temperature at the
new time step and old water temperature along with the heat transfer coefficients are used for
calculating the temperature distribution of the tubes in the heat exchangers. The tube’s
temperature distribution serves as the boundary condition to solve the discretized energy
equation for the annulus flow of water in the counter flow direction. The rate of heat transfer

from the refrigerant is calculated by the following equations for both the heat exchangers.

Qevap = mhwpthTthl (77)

Qcona = mcwpchTcle (78)

Transient models of evaporator and condenser are compared with the steady state results of
[39]. The optimum conditions presented in [39] are taken as the design parameters to calculate
the area of the heat exchangers to get the outlet temperatures. The summary of the design

parameters are presented in Table 12.
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Table 12: Summary of the design parameters for steady state analysis [39].

Evaporator Di=10mm Dy,=16 mm

Condenser Di=7 mm D, =10 mm

Refrigerant R245fa
Hot water inlet temperature (Th,;) 90 °C
Cooling water inlet temperature (Tcw ) 20 °C
Pinch point temperature for both HXs (AT,) 5°C
Evaporator pressure 870 kPa
Condenser pressure 160 kPa
Hot water outlet temperature (Thw,o) 88.5°C
Cooling water outlet temperature (Tew,o) 21.5°C
Evaporator outlet quality (X.) 1
Condenser inlet quality (x.) >0.97

The flow regime in the evaporator transits from single phase to multi-phase along the length and
one can visualize the evaporator virtually divided into two heat exchangers. The length of each
heat exchanger is evaluated by the application of LMTD and relevant heat transfer coefficients.
It is assumed that the refrigerant leaves the condenser at saturated liquid state (x = 0) from the
inlet quality of 0.99. Equations (72) and (75) are used to evaluate the heat transfer coefficients.
Table 13 summarizes the outcome of steady state analysis. Figure 23 shows the pictorial
representation of the design conditions for evaporator and condenser. The x-axis of the figure
depicts the states at the inlet and exit of the ‘virtual heat exchangers’. The Left figure represents
the division of evaporator into two heat exchangers (single and multi-phase) whereas Right
shows the single heat exchanger depiction of condenser with L as the total heat exchanger

length.

Table 13: Steady state analysis for evaporator/condenser models.

mass flow rate of the hot water 1 kgls
mass flow rate of the refrigerant 0.0301 kg/s
mass flow rate of the cooling water 0.89 kg/s

46



Length of the Evaporator 12m

Length of the Condenser 74 m
Evaporator outlet quality () 1
Condenser outlet quality (x;) 0
Hot water outlet temperature (Thw,o) 88.5°C
Cooling water outlet temperature (Tew,0) 21.5°C
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Figure 23: (Right) Condenser design conditions (Temperature), (Left) Evaporator design
conditions (Temperature).
Evaporator and condenser models are simulated with the above mentioned details with adequate
time to achieve steady state. Figure 24 shows the transients of refrigerant enthalpy and
temperature in evaporator and condenser, which depicts steadiness of the system. Figure 25
shows the steadiness of the exit temperatures at the exit of evaporator and condenser during the
simulation. The results of the numerical model at steady state show good comparison with the
steady state results at design conditions, tabulated above. The outlet temperature of the hot
water drops from 90 °C to 88.52 °C with the exit quality of the refrigerant equals to unity at the
operating pressure of 870 kPa in the evaporator. In the condenser, the exit temperature of
cooling water is found to be 21.14 °C which increased from 20 °C at the inlet. Moreover, the
refrigerant exited with a quality of ‘0.2’ from the inlet quality of ‘0.99’ transferring 134.6 kl/kg
of energy to the cooling water. The viable reason of this difference of exit states between the
steady state condenser and the numerical model is due to the calculation of the heat transfer
coefficient for refrigerant in the condenser. In the steady state calculation, an average heat

transfer coefficient for the refrigerant is calculated unlikely to the numerical model. The results
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of the numerical model at steady state are graphically summarized in Figure 26 for evaporator
and condenser.
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Figure 24: Transients of refrigerant temperature and enthalpies at the exit nodes (Evaporator
(E)/Condenser(C))
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Figure 25: Transients of hot/cold water temperatures at the exit nodes
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Figure 26: Graphical summary of the results at steady state (Evaporator (E)/Condenser(C))

3.1.4.Pump

The pump is modeled with steady state assumption with a black box approach. Figure 27 shows

the input and the output parameters of the pump model.

Performance (head vs. flow rate) curves are used to derive a mathematical relation between the
head rise in the pump and the flow rates. A second order polynomial of a characteristic curve is

fitted to relate the pressure rise and mass flow rate of the system.

Head rise = c;0? + ¢,V + c3 (79)
Inlet temperature to the pump is used to calculate the inlet enthalpy and refrigerant density.
With the aid of physical properties the above equation can be modified to relate the pressure rise

and the system mass flow rate.

AP = [c10% + ¢V + c3]presd (80)

The hydraulic efficiency is determined from the following relation;

r]pump = a11'72 + az'l'] + as (81)

And the power consumed by the pump is calculated from;
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Figure 27: Black box representation of the pump.

mAP 82
Wpump = —— (82)
PrefMpump

The constants in the Equations (80) and (81) are presented in Table 14 where the volumetric

flow rate (v) is calculated in m%h.

Table 14: Regression constants for pump.

a c
1 -0.019274 -0.4664
2 0.2101 -1.1358

3 0.01927 54.8425

3.1.5.Expander

Similar to the pump model, expander is also modeled with steady state, isentropic assumption.

The black box representation is presented in Error! Reference source not found..

Curve is fitted to a series of pressure ratios (r, = P ""/P t) and expander efficiency to
ou

interpolate the desired efficiency. The detail of the pressure ratios and efficiency is supplied in

the appendix. The power output of the expander is calculated by;
(83)

Wturbine = 7']expander(hturbine,in - hs)

In the above equation the ‘hy’ represents the enthalpy at the exit of the isentropic process.
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Figure 28: Black box representation of the expander.

3.2. Cooling Tower Model

Cooling tower is modeled considering constant cooling tower efficiency. The cooling tower
efficiency is defined as the ratio of difference of inlet and outlet water temperature to the inlet
and wet bulb temperature. Since the wet cooling tower utilizes evaporative cooling hence the
performance is limited by the wet bulb temperature of the ambient air. As shown in Figure 29,
the model uses inlet water temperature (from the exit of the condenser) and wet bulb
temperature to produce the outlet temperature (to the condenser inlet). A nominal efficiency of
72% is selected for this study.

Tct,out = Tct,in —Ncr (Tct,in - wa) (84)

In Figure 29, T, i, represents the inlet temperature to the cooling tower coming from

condenser, and T,,, represent the wet bulb temperature.

From Conderser

1
Tcr,z'n = (Tcch,our ﬁ

Tcr,:'n |:> (T':w]c’in -

Cooling Tower :'> T
ct.out
r, )

wh HEIZC

T

ct.out

Figure 29: Black box representation of the wet cooling tower.
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3.3. System Integration

The numerical models of solar resource, parabolic trough collector (PTC), organic Rankine
cycle (ORC) and cooling tower are integrated together to run system level simulations. The
solar resources are calculated for entire course of the day and served as the varying boundary
conditions to the PTC model. The working fluid (water) in the PTC served as the heat source in
the evaporator with refrigerant R245fa as the working fluid in the ORC loop. The condenser of
the ORC is connected to a wet cooling tower where water is cooling the refrigerant expanded in
the expander.

PIC

([ 4
N \

ST2 Ss13
Evaporator
Condenser
8T1 - 5T4

Cooling
Tower

Figure 30: Schematic of integrated sub-systems (PTC, ORC and cooling tower)

Figure 30 shows the detail schematic of the integrated system with three different working loops
of PTC-evaporator, ORC and condenser-cooling tower. In Figure 30, ST refers to the states at

the inlet of different components of the system. Detail of each state is as follows:
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ST1 refers to the inlet conditions to the pump and condenser. The cooled refrigerant enters the
pump as the saturated liquid. The pressure of the condenser (P1) is regulated during the
simulation in order to saturate the refrigerant in the condenser and complete the thermodynamic
cycle, which refers to ‘zero’ quality at the inlet of the pump. The condenser is fed with the

cooling water at the exit temperature of the cooling tower to cool down the refrigerant.

At ST2 the refrigerant enters the evaporator at the exit enthalpy and pressure of pump (P2),
whereas the hot water exits the evaporator and fed back to the PTC loop, where it again

energizes to serve as the evaporator inlet at ST3.

At ST3 the heated refrigerant exits the evaporator and enters the expander at P2 (neglecting
pressure losses in the evaporator) and exit evaporator enthalpy, whereas the hot water enters the

evaporator at the exit temperature of the PTC.

At ST4 the expanded refrigerant enters the condenser after passing through the expander at P1.
The expander exit refrigerant enthalpy serves at the boundary condition to the condenser.

Whereas the cooling waters leaves the condenser and enters in the cooling tower to get cooled.
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Chapter 4

RESULTS AND DISCUSSION

This chapter includes validation of the developed numerical models of PTC (single pass), ORC
and cooling tower. The integrated model is used to investigate the performance of the overall

system under various conditions.
4.1. ORC analysis

The developed components of the ORC (evaporator, condenser, pump and expander) are
integrated without the heat source (PTC) and cooling tower. It is essential to validate the
integrated ORC model with the steady state results. Design conditions of [40] are considered for
validation. They used a typical case of heat recovery system in which the water is used as the
heat source from a geothermal reservoir. Refrigerant R245fa is used as the working fluid in the
ORC.

The hot water enters the ORC (evaporator) at 100°C from the heat source. The evaporator pinch
point temperature is set as 5°C. They assumed a cooling tower which supplies cooling water at
21°C to the condenser and experienced a 9°C temperature rise. The condenser pinch point
temperature is taken as 4°C. The pinch point temperature is defined as the minimum

temperature difference between the two fluid streams incurring heat transfer. The design

Table 15: Design parameters for ORC [40].

Refrigerant R245fa
Hot water inlet temperature (Thw,i) 100 °C
Cooling water inlet temperature (T.y,) 21 °C
Pinch point temperature for both evaporator (AT,). 5°C
Pinch point temperature for both condenser (ATp). 4°C
Expander inlet quality (xe) 0.8
Expander outlet quality (x.) 0.9
Power output 25kwW
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conditions resulted in producing 25kW of power output when the refrigerant enters the
expander with 80% quality at 75°C and leaves expander at 90% wet vapor at 34°C. Design

parameters are tabulated in Table 15.

Mass flow rates and the areas of the evaporator and condenser are calculated with the help of
design parameters and relevant heat transfer coefficients for condenser and evaporator. Table 16

summarizes the area and mass flow rates of the system.

The transient ORC model is considered with the above mentioned hot and cold inlet
temperatures as the initial and boundary conditions. The ORC model is simulated for an
adequate time to achieve steady state conditions. The thermodynamic cycle is controlled with a
pseudo strategy at the low pressure side (condenser). The pressure of the condenser is modified
and altered during the simulation in order to complete the thermodynamic cycle and saturates

the refrigerant from the condenser (x = 0, here x is the outlet quality of the refrigerant).

Table 16: Areas and mass flow rates for design conditions.

Geometrical Specifications

Length of evaporator (L) 30m
Length of condenser (L.) 38m
Outside diameter (D,) 10.2x10° m
Inside diameter (D;) 9.8x10°m
Annulus diameter (D) 16x10° m
Mass flow rates
Hot water mass flow rate (ri1y,) 2.64 kgls
Refrigerant mass flow rate 1.789 kg/s
Cold water mass flow rate (1,) 7.95 kg/s

Figure 31 shows the transient behavior of the water temperatures at the exit of the evaporator
(Thout) and condenser (Tcout) for the simulation. It is evident from the figure that the
temperatures reach steady state and stabilizes after 50 time steps (At = 0.5 seconds). The hot
water outlet temperatures decreased to 70.6°C while the cold water increased to 30°C from
21°C. At the steady state the refrigerant enters the expander at 80% and leaves at 89.6% dry
refrigerant respectively. The refrigerant enters the expander at 74.98°C and leaves it at 34°C

producing a net power output of 23.92 kW with an efficiency of 7.3%.
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Figure 31: Transients of temperature of water at the outlet of evaporator and condenser.

105
95 - ij,-mh(e]=SCC .
AT a(e) = 4°C Thin=100°C
g5 -
75 e x=03
Te=75°C
65
o
€ 55 -
45
35 Te=347C x=0.89
25 | Tem=2°C___—
15 T T T T T T T T T T T T T 1
03 0.4 05 0.6 0.7 0.8 09 1

s (kJ/kg°C)

Figure 32: Temperature-entropy diagram of the ORC for the design case simulation at steady
state.
Figure 32 summarizes the outcome of the simulations at steady state using a T-s (temperature-
entropy) diagram for the validation case and shows good agreement with the design case result
presented in the [40]. It can be deduced that the adopted approach for the integration of different
ORC components and the pseudo control strategy can applied to different off design conditions

with a level of confidence.
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Secondly, various hot water inlet temperatures and refrigerant mass flow rates are investigated
to characterize the selected ORC at steady state. The pseudo control strategy is again applied to
control the condenser pressure to saturate the refrigerant at the exit of the condenser and

complete the thermodynamic cycle.
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Figure 33: Trend of rate of thermal energy to the ORC with the hot water inlet temperatures and
refrigerant mass flow rates.

Figure 33 shows the trend of rate of thermal energy into the evaporator with the incoming hot

water temperatures at various refrigerant mass flow rates. It is clear from the figure that as the

hot water inlet temperature increases the heat transfer between the refrigerant also increases. In

addition to the hot water temperature, increasing the mass flow rate of the refrigerant an

increase in the rate of thermal energy input into the system.

Figure 34 shows the net power output at various temperatures and refrigerant mass flow rates.
Increasing trend of net power is steeper as compared to the thermal power input. The main
reason of this trend change is due the expander model as it is highly dependent on the pressure
difference between the evaporator (high pressure side) and the condenser (low pressures side).
The imposed pressure control strategy causes the fluctuations in the net power output at
different pairs of temperature and refrigerant. A more refined and sophisticated control strategy

can be adapted to remove the irregularities. However, an increasing trend of the net power with
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the hot water temperatures and refrigerant mass flow rates is qualitatively and quite reasonably

guantitatively depicts the relationship between the plotted parameters.
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Figure 34: Trend of net power output from ORC with the hot water inlet temperatures and
refrigerant mass flow rates.

Table 17: Net power output of ORC at various refrigerant mass flow rates and hot water inlet

temperatures.
Net power (kW)
Thin(°C) mr =1.789 mr=1 mr=15 mr =2
kals ka/s kal/s kals

90 15.97 10.93 14.48 17.18
91 16.38 11.97 15.63 17.39
92 17.51 13.04 16.25 18.51
93 18.66 13.74 17.41 18.76
94 19.87 14.84 18.56 19.86
95 20.14 15.50 19.12 21.01
96 20.36 16.62 20.22 21.09
97 21.55 17.26 20.81 22.36
98 22.65 18.04 21.90 22.31
99 22.90 18.12 22.39 22.77
100 23.92 19.77 22.82
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Figure 35: Variation of condenser pressure with hot water inlet temperatures and refrigerant

mass flow rates.
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Figure 36: Variation of evaporator pressure with hot water inlet temperatures and refrigerant

mass flow rates.

The variations of the condenser and evaporator pressures can be seen in the Figure 35 and
Figure 36. It is evident from the figure that with higher mas flow rates and inlet temperature the
condenser saturates the refrigerant at higher working pressures. The fluctuations in pressure for

the sets of condition are due to the coarse shifting of pressure, pressure is modified with 1°C of
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the saturation temperature at the condenser. In the evaporator, the pressure variations are
insignificant for different hot water temperatures for a particular refrigerant mass flow rate. It is
clear from the figure that as the mass flow rate increases the evaporator pressure also increases

which directly depends upon the low pressure side of the ORC cycle.
4.2. PTC, ORC and cooling tower

Parabolic trough collectors are integrated with ORC and cooling tower. The areas calculated in
the design case mentioned in the previous section are considered for evaporator and condenser.
The PTC and ORC are fed with a profile of varying solar input and ambient temperature for a

whole course of the day. Three representative days of the year are selected for the simulation.
4.2.1.Solar resources and area of the PTC

Solar resources are determined for the location of Larnaca (34°55'N 33°38'E) at sea level
(altitude = 0 m) for some representative days of the year. The numerical detail of the
calculations are discussed in the previous chapter. Figure 37 shows the daily solar irradiance
(DNI) for 4 representative days of the year (equinoxes and summer-winter solistices) calcuated

at an interval of 5 mins through out the course of the days.
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Figure 37: Daily solar irradiance for representative days of a year.
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In the Figure 37, slight difference in the two equinoxes can be seen, this difference is due to the
‘clear sky’ model discussed previously. Although the length of these two days are similar in a
year, but the seasonal consideration of the model incurred this slight difference in the peak

values for these two representative days.

The sizing of the single pass PTC system is done on the basis of a single design value. The area
of the PTC is calculated to produce 340 kW of power from a nominal solar irradiance of 600
W/m?. Inorder to calculate the desired area of PTC (single pass), following specifications (Table
18) are considered as constant whereas length of the PTC is the only variable. From the design

conditions, the area required is calculated from Equation (85).

Desired power (85)

Aprc = ; ;
¢ ™ Solar irradiance

Which comes out to be ~ 566 m?, with a total length of ~ 327.5m (L = ﬂ).

wW—Dr,

Table 18: PTC design parameters.

Geometrical Specifications

Collector width (w) 1.8m
Receiver internal diameter 0.066 m
Receiver outside diameter 0.070 m
Cover internal diameter (D ;) 0.109 m
Cover outside diameter (D,) 0.115m
Optical Specifications
Receiver absorptance (a) 0.906
Receiver emittance (&,.) 0.14
Glass cover transmittance (t ) 0.95
Surface reflectivity (p,) 0.93
Shape factor (y) 0.92
Incident angle (0) 0°
Incidence angle modifier (I 45y) 1
Material Specifications
Receiver material Stainless steel
Glass cover material Low iron glass
Design solar irradiance and power
Solar irradiance 600W/m?
Desired power 340 kW
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Figure 38 presents a schematic of the PTCs configuration, where the ‘left’ shows the parallel
configuration where the mass flow rate and total length is equally divided among the PTC rows.
Whereas ‘right’ one shows series configuration with the calculated length and mass flow rate. In

this analysis parallel configuration is used for the analysis.
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Figure 38: (Left) PTC single pass parallel configuration (Right) PTC single pass series
configuration

4.2.2.Pressure drop

Pressure drop is calculated for the PTC with an assumption of internal flow in a straight
pipe (neglecting joints and bends) to have an order of the magnitude idea of the power
requirement in the PTC loop. Classical formulae are used to evaluate the pressure drop
and power requirement along the PTC pipe system. Incompressible, fully developed
turbulent and steady flow regime at a fixed temperature inside the pipe is considered.
The Bernoulli’s head loss and pressure drop can be written as the function of Fanning
friction factor ‘f . Zigrang-Sylvester equation is used to evaluate the friction factor,

where ¢ is the surface roughness of the pipe material.
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Figure 39 shows the trend of pressure loss across the PTC at different mass flow rates, which
logical replicates the pressure drop relation, as the velocity increases so as the pressure drop.
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Figure 39: Pressure drop in single pass PTC at different mass flow rates.

4.2.3.PTC, ORC and cooling tower system analysis

The integrated system is simulated for off design conditions of varying solar input and ambient
conditions.The daily solar irradiance (Figure 37) of the representative days of ‘fall equinox’
(Sep), ‘summer solstice’ and ‘winter solstice’ are fed as the varying solar input to the numerical
model along with the varying wet bulb temperature. Inorder to simulate the dynamic behavior
of the whole system, the solar irradiance is kept constant for every 5 minutes of a day. This
assumption allows to observe the transient and dynamic behaviour of the system with varying
energy input through the course of the day. The geometrical details of Table 16 and Table 18
are used for ORC and PTC respectively.
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The TMY?2 data is used for ambient conditions for wet bulb temperature. Figure 40 represents
the trend of ambient temperature for the representative days for Larnaca, Cyprus. The

simulations are run for the course of a whole day (24 hours).
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Figure 40: Ambient temperature profile at each hour of representative days of the year.

Figure 41, Figure 42 and Figure 43 represent the temperature profiles at the exit of the PTC, the
evaporator, condenser and cooling tower of the ORC. Plots show the profile for a complete
course of the representative days. For the initial hours of the day, the water in the PTC remains
at a constant temperature due to off times for solar irradiation. The PTC starts as the sun rises
and starts rising the water temperature. ORC is connected to the heat source and starts operating
at a minimum operating temperature of 80°C. It is very crucial to control to the outlet
temperature of the heating water from the PTC in order to avoid critical temperature limit of the
working refrigerant. Since the PTC takes the outlet water from the evaporator as the inlet and
transfers heat to increase the temperature, it is essential to control the inlet temperature of the
PTC to avoid high temperature output at the exit. A pseudo control strategy is applied to control
the inlet temperature of the PTC. A virtual sink is assumed at the exit of the evaporator to dump

extra energy of the water before entering PTC.

Evidently summer solstice and fall equinox experience maximum solar irradiation in the middle
of the day (at noon) on a normal surface. These high available solar resources cause higher

useful heat transfer to the PTC which raises the water temperature. In the Figure 41 and Figure
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42 wiggles at the middle of the days can be seen. These wiggles of PTC outlet temperature are
due to the heat dumping control strategy due to high temperature. These wiggles are also
translated to the evaporator outlet temperature. Whereas in the winter solstice (Figure 43) due to

low solar resources and available energy the temperature profile is smooth in the middle of the

day.
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Figure 41: Temperature profile at the outlet of PTC, evaporator, condenser and cooling tower

for summer solstice.

The maximum temperatures achieved at the exit of the PTC for summer solstice, fall equinox
and winter solstice are 102°C, 100.7°C and 92°C respectively. Whereas, at the exit of the
evaporator in operation the maximum temperatures are 74.2°C, 73°C and 67°C for summer
solstice, fall equinox and winter solstice respectively. It can be deduced that there is no
significant difference in the peak temperature for summer solstice and fall equinox. These two
days differ with time of the operation due to seasonal day lengths. However a significant
difference can be observed in the winter solstice peak PTC temperature, which is also depicted

by a smooth temperature profile at the mid of the day. The outlet temperature of the PTC drops
as sun sets and become constant for the rest of the day (night time).
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Figure 42: Temperature profile at the outlet of PTC, evaporator, condenser and cooling tower
for equinox (Sep).
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Figure 43: Temperature profile at the outlet of PTC, evaporator, condenser and cooling tower
for winter solstice.

Figure 41, Figure 42 and Figure 43 also represent the temperature profiles at the exit of the
cooling tower and condenser for representative days. The cooling of the condenser is controlled

by varying the pressure. Fluctuations in the condenser outlet temperature can be observed for
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the summer solstice and fall equinox. The viable reason of these fluctuations is due to the high
wet bulb temperatures in these days, which alters the cooling performance of the cooling tower.
Cooling water inlet temperature to the condenser is important in order to have enough heat
transfer between the refrigerant and cooling water to complete the thermodynamic cycle.
Whereas, the temperature profile for the winter solstice is quite smooth due to low wet bulb

temperatures through the course of the day which improves the cooling performance.
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Figure 44: Pressure and saturation temperature variation at condenser for summer solstice.
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Figure 45: Pressure and saturation temperature variation at evaporator for summer solstice.
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The pressure fluctuations for the ORC operational time are depicted in Figure 44 and Figure 45
for summer solstice. The condenser pressure variation causes the variation in the high pressure

as well. The midday variations are due to the same reason discussed above.

Figure 46, Figure 47 and Figure 48 represent the available solar power and the useful rate of
heat transfer to the PTC water. The maximum available solar power and useful heat transfer to
the PTC do not vary for the summer solstice and fall equinox. The peak instantaneous values for
useful and available thermal power for summer solstice are 325.6 kW and 468.3 kW and for fall
equinox are 313.1 kW and 451 kW. Whereas winter solstice experiences 268.2 kW as the useful
thermal power to the PTC from an available solar power of 397.2 kW, least among the three

representative days and for the shortest time of the day.
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Figure 46: Available solar power and useful power to the PTC for summer solstice.
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Figure 49: Net power output through the course of representative days.
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Figure 50: ORC efficiency through the course of representative days.

Figure 49 and Figure 50 show the net power output from the ORC and system efficiency
through the course of the day for the representative days of the year. It can be seen from the
figure that there are fluctuations in the mid of the ORC operation. These fluctuations are due to

the control strategies for PTC outlet temperature and condenser pressure. As it can be seen that
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these quantities vary for the summer solstice and fall equinox due to higher available heat input
and higher wet bulb temperature. Whereas in winter solstice, the net power and efficiency of the

system show quite smooth trend during the operational time.

The maximum instantaneous power output for summer solstice, fall equinox and winter solstice
are 19.2 kW, 19 kW and 21.1 kW respectively. Evidently the operational time of summer
solstice is maximum as compare to the other two days. The maximum system efficiencies
achieved are 7.7% for winter solstice and 6.9% for the other two days. The average power
across the days is found to be 14.5 kW, 14.88 kW and 15.16 kW for summer solstice, fall

equinox and winter solstice respectively.
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Chapter 5

CONCLUSION

This work addressed the system level performance of a solar driven Organic Rankine Cycle
power plant which comprises of three main sub systems; Parabolic Trough Collectors as the
heat source for ORC, the ORC unit which comprised of ‘evaporator’, ‘condenser’, ‘pump’ and
‘turbine’, and the wet cooling tower. All the sub-systems are integrated with each other to

simulate the overall performance under constant and variable conditions.

A detailed numerical modeling of Parabolic Trough Collectors by taking into account the
inherent transient nature is carried out, which helped in coping up with the variable solar input.
The useful energy absorbed by the PTCs through the course of the day highly depends upon
several factors such as temperature across the PTC pipes, ambient temperature, mass flow rates
and solar radiation. The solar radiation varies significantly through the course of the day which
demands a dynamic model to physically replicate the phenomenon. Solar resources (Direct
normal irradiance) for a particular location, being one of the important design and input
parameter for the simulations, are evaluated for a particular location. Reasonable assumptions

are made to calculate the solar resources through the course a complete day.

The developed numerical model for PTC is validated with the experimental and numerical
results from the available literature. The results from the developed PTC model and available
data show close agreement. The validated PTC model is extended to analyze the concept of
‘Double pass counter flow’ in PTC in which the fluid inside the receiver (tube) of the PTC is
recycled to pre-mix with the incoming cold water. To check the effect of double pass pre-
mixing several cases are simulated with different conditions of mass flow rates and fractions of
recycle. It is observed that there is not much difference between the efficiencies of PTC single
pass (conventional PTC configuration) and the simulated cases of double pass under similar
conditions of solar irradiance and inlet water temperature. Whereas the outlet temperature of the
water with similar conditions is higher in the case of double pass as compared to that of single

pass at steady state conditions.
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The developed numerical model of single pass PTC is coupled with a transient ORC model with
refrigerant R245fa as the working fluid. The evaporator and condenser are modeled with
transient assumptions since the response time due to the thermal inertia of the working fluid
poses physical limitations. While the pump and turbines (expander) are modeled with steady
state assumptions due to their rapid response time in the ORC. The results of the dynamic
models of evaporator and condenser at steady state are matched with the steady state results
found in the literatures under similar conditions. In addition to the component level verification
of evaporator and condenser from the literature, the integrated ORC is also verified with the
design conditions available in the literature. A simplistic model of wet cooling tower is
developed with constant cooling tower efficiency. Wet cooling tower model is based on steady

state assumptions and works with condenser outlet temperature and wet bulb temperature.

Several different cases are simulated on the integrated system with different physical
conditions. The summary of the cases are as follows:

1. ORC: The verified design conditions are fed with a range of hot water inlet temperature
and refrigerant mass flow rate. A pseudo control strategy is applied to the low pressure
side of the thermodynamic cycle in order to control the pressure. It is observed that the
net power increases with the increase of hot water inlet temperature as well as the
refrigerant mass flow rates.

2. PTC, ORC and cooling tower integration: All the sub systems are integrated with
variable solar and ambient condition (wet bulb temperature) through the course of three
representative days of the year. A control strategy is applied to control the PTC outlet
temperature to avoid the critical temperature of the refrigerant. It is found that during
the summer solstice and fall equinox, the temperatures as well as the condenser pressure
vary due to high availability of thermal power which causes fluctuations in the net
power output. Whereas for the winter solstice, due to low available thermal power and
low ambient temperature the power output during the operational time is smoother as

compared to the other two days.

For the continuation and future work, the developed models can be used to devise a control
strategy in order to run the system at steady conditions. Several physical parameters such as
mass flow rates in different loops of the system can be manipulated in addition to that outlet

temperature at the exit of the evaporator and PTC can also be controlled with thermal storage.
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Pressure of the condenser can be modified in a more sophisticated manner to optimize the
overall performance of the system. Furthermore, beside the above mentioned one of the

potential areas is the detail modeling of expanders for these types of systems.

74



REFERENCES

[1] (IEA) International Energy Agency, “Key World Energy Statistics,” 2009.

[2] Energy Information Administration, “International Energy Outlook 2011.U.S,”
2011.

[3] “Skeptic’s Corner: Did You Know?” [Online]. Available: http://jer-
skepticscorner.blogspot.com/2009/07/did-you-know.html. [Accessed: 21-Mar-
2013].

[4] P. Moriarty and D. Honnery, “What is the global potential for renewable energy?,”
Renewable and Sustainable Energy Reviews, vol. 16, no. 1, pp. 244-252, Jan. 2012.

[5] REN21, “Renewables 2011 Global Status Report.”

[6] T. B. Johansson and L. Burnham, Renewable Energy: Sources for Fuels and
Electricity. Island Press, 1993.

[7] Smil.V, “Energy at the crossroads,” presented at the OECD Global Science Forum,
Paris, 2006.

[8] Worldwatch Institute, “State of the World 2009,” 2009.

[9] T. Faraz, “Benefits of Concentrating Solar Power over Solar Photovoltaic for power
generation in Bangladesh,” in Developments in Renewable Energy Technology
(ICDRET), 2012 2nd International Conference on the, 2012, pp. 1-5.

[10] IRENA, “Concentrating Solar Power Technology Brief,” Jan. 2013.

[11] Global Energy Network Institute, “Review and Comparison of Different Solar
Energy Technologies,” Aug. 2011.

[12] A. A E. Ibrahim, M. R. I. Ramadan, A. A. ElSebaii, and S. M. EIBroullosey,
“Estimation of Solar Irradiance on Inclined Surfaces Facing South in Tanta, Egypt,”
International Journal of Renewable Energy Research (IJRER), vol. 1, no. 1, pp. 18-
25, Aug. 2011.

[13] L. P.Naing and D. Srinivasan, “Estimation of solar power generating capacity,”
in 2010 IEEE 11th International Conference on Probabilistic Methods Applied to
Power Systems (PMAPS), June, pp. 95-100.

[14] Qu. M, Archer. D.H, Masson. S. V, “A Linear Parabolic Trough Solar Collector
Performance Model,” presented at the Proceedings of the Sixth International
Conference for Enhanced Building Operations, Shenzhen, China, 2006.

[15] S.D. Odeh, G. L. Morrison, and M. Behnia, “Modelling of parabolic trough
direct steam generation solar collectors,” Solar Energy, vol. 62, no. 6, pp. 395-406,
Jun. 1998.

[16] S.D. Odeh and G. L. Morrison, “Optimization of parabolic trough solar
collector system,” International Journal of Energy Research, vol. 30, no. 4, pp.
259-271, Mar. 2006.

[17] Azizian. K, Yaghoubi. M, Hesami. R, Kanan. P, “Design analysis for expansion
of Shiraz solar power plant to 500 kW power generation capacity,” presented at the
World Renewable Energy Congress-2011, Sweden, 2011.

75



[18] R.W. Bialobrzeski, “Optimization of a SEGS solar field for cost effective
power output,” 10-Jul-2007. [Online]. Available:
https://smartech.gatech.edu/handle/1853/24631. [Accessed: 21-Mar-2013].

[19] O. Garcia-Valladares and N. Velazquez, “Numerical simulation of parabolic
trough solar collector: Improvement using counter flow concentric circular heat
exchangers,” International Journal of Heat and Mass Transfer, vol. 52, no. 3-4, pp.
597-609, Jan. 20009.

[20] F. Vélez, J. J. Segovia, M. C. Martin, G. Antolin, F. Chejne, and A. Quijano, “A
technical, economical and market review of organic Rankine cycles for the
conversion of low-grade heat for power generation,” Renewable and Sustainable
Energy Reviews, vol. 16, no. 6, pp. 4175-4189, Aug. 2012.

[21] B.F. Tchanche, G. Lambrinos, A. Frangoudakis, and G. Papadakis, “Low-grade
heat conversion into power using organic Rankine cycles — A review of various
applications,” Renewable and Sustainable Energy Reviews, vol. 15, no. 8, pp. 3963—
3979, Oct. 2011.

[22] Y. Dai, J. Wang, and L. Gao, “Parametric optimization and comparative study of
organic Rankine cycle (ORC) for low grade waste heat recovery,” Energy
Conversion and Management, vol. 50, no. 3, pp. 576-582, Mar. 2009.

[23] B. Saleh, G. Koglbauer, M. Wendland, and J. Fischer, “Working fluids for low-
temperature organic Rankine cycles,” Energy, vol. 32, no. 7, pp. 1210-1221, Jul.
2007.

[24] Bamgbopa. M. O, Uzgoren. E., “Transient Modeling of an Organic Rankine
Cycle (ORC) Unit with R245fa as the Working Fluid.,” presented at the NuRER
2012 — 111. International Conference on Nuclear & Renewable Energy Resources,
Istanbul, 2012.

[25] D. Wei, X. Lu, Z. Lu, and J. Gu, “Dynamic modeling and simulation of an
Organic Rankine Cycle (ORC) system for waste heat recovery,” Applied Thermal
Engineering, vol. 28, no. 10, pp. 1216-1224, Jul. 2008.

[26] T. Guo, H. X. Wang, and S. J. Zhang, “Fluids and parameters optimization for a
novel cogeneration system driven by low-temperature geothermal sources,” Energy,
vol. 36, no. 5, pp. 2639-2649, May 2011.

[27] N. Lior and K. Koai, “Solar-powered/fuel-assisted rankine cycle power and
cooling system: sensitivity analysis,” J Journal Name: J. Sol. Energy Eng.; (United
States); Journal Volume: 106 1984.

[28] M. Kane, “Small hybrid solar power system,” Energy, vol. 28, no. 14, pp. 1427—
1443, Nov. 2003.

[29] A. M. Patnode, “Simulation and Performance Evaluation of Parabolic Trough
Solar Power Plants,” 2006. [Online]. Available:
http://digital.library.wisc.edu/1793/7590.

[30] M. Wang, J. Wang, Y. Zhao, P. Zhao, and Y. Dai, “Thermodynamic analysis
and optimization of a solar-driven regenerative organic Rankine cycle (ORC) based
on flat-plate solar collectors,” Applied Thermal Engineering, vol. 50, no. 1, pp.
816-825, Jan. 2013.

76



[31] “Current Status of Concentrated Solar Power in the world | REVE.” [Online].
Available: http://www.evwind.es/2013/06/15/current-status-of-concentrated-solar-
power-in-the-world/33675. [Accessed: 24-Jul-2013].

[32] “Parabolic trough - Wikipedia, the free encyclopedia.” [Online]. Available:
http://en.wikipedia.org/wiki/Parabolic_trough. [Accessed: 10-Oct-2013].

[33] in Solar Engineering of Thermal Processes, Hoboken, NJ, USA: John Wiley &
Sons, Inc., 2013, pp. 422-446.

[34] Fundamentals of heat and mass transfer, 6th ed. Hoboken, NJ: John Wiley,
2007.

[35] “SYLTHERM | Heat Transfer Fluids | The Dow Chemical Company.” [Online].
Available: http://www.dow.com/heattrans/products/synthetic/syltherm.htm.
[Accessed: 22-Jul-2013].

[36] H.Wang and S. Touber, “Distributed and non-steady-state modelling of an air
cooler,” International Journal of Refrigeration, vol. 14, no. 2, pp. 98-111, Mar.
1991.

[37] Boilers, evaporators, and condensers. New York: Wiley, 1991.

[38] L.D.Boyko and G. N. Kruzhilin, “Heat transfer and hydraulic resistance during
condensation of steam in a horizontal tube and in a bundle of tubes,” International
Journal of Heat and Mass Transfer, vol. 10, no. 3, pp. 361-373, Mar. 1967.

[39] Z. Shengjun, W. Huaixin, and G. Tao, “Performance comparison and parametric
optimization of subcritical Organic Rankine Cycle (ORC) and transcritical power
cycle system for low-temperature geothermal power generation,” Applied Energy,
vol. 88, no. 8, pp. 2740-2754, Aug. 2011.

[40] 1. K. Smith, N Stosic, A. Kovacevic, and R Langson, “Cost effective small scale
ORC systems for power recovery from low enthalpy geothermal sources.”

77



MATERIAL PROPERTIES

Properties of the water

APPENDICES

Specific heat (Cp) = 4.2174356 - 0.0056181625 T + 0.0012992528 T ** - 0.00011535353 T * +
4.14964e-6 T *° (kJ/kgK)

Viscosity (1) = 1.0/ (557.82468 + 19.408782 T + 0.1360459 T 2 -3.1160832e-4 T %) (Pa sec)

Thermal conductivity (k) = 0.5650285 + 0.0026363895 T - 0.00012516934 T ** - 1.5154918e-6

T 2-0.0009412945 T *° (W/mK)

Density (p) = 999.79684 + 0.068317355 T - 0.010740248 T * + 0.00082140905 T 2° -
2.3030988e-5 T * (kg/m°)

Properties of the oil (syltherm800 oil)

Temperature Specific Heat Density The rm_al_ Viscosity Viscosity Vapor
°C) (3/kg) (kg/m3) Conductivity (mPas)  (Pa-sec) Pressure
(W/mK) (kPa)
-40 1506 990.61 0.1463 51.05 0.05105 0
0 1574 953.16 0.1388 15.33 0.01533 0
40 1643 917.07 0.1312 7 0.007 0.1
80 1711 881.68 0.1237 3.86 0.00386 1.46
120 1779 846.35 0.1162 2.36 0.00236 9.3
160 1847 810.45 0.1087 1.54 0.00154 35
200 1916 773.33 0.1012 1.05 0.00105 94.6
240 1984 734.35 0.0936 0.74 0.00074 204.8
280 2052 692.87 0.0861 0.54 0.00054 380.2
320 2121 648.24 0.0786 0.41 0.00041 630.5
360 2189 599.83 0.0711 0.31 0.00031 961.2
400 2257 547 0.0635 0.25 0.00025 1373

Specific heat (Cp) = 1.7073 T + 1574.3 (J/kgK)
Viscosity (x) =0.0132 exp (-0.011 T) (Pa sec)
Thermal conductivity (k) = -0.0002 T + 0.1388 (W/mK)
Density (p) = -0.9841 T + 960.06 (kg/m®)
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Properties of the receiver/internal tube (Stainless steel cermet coated)

Specific heat (Cp) = 435 (J/kgK)

Thermal conductivity (k) = 54 (W/mK)

Density (p) = 8073 (kg/m®)

Emittance (¢) = 0.14

Properties of the glass cover (Low iron glass)

Specific heat (Cp) = 500 (J/kgK)
Thermal conductivity (k) = 1.05 (W/mK)
Density (p) = 2000 (kg/m?)

Emittance (¢) = 0.4

Properties of the air (at 20 °c)

Specific heat (Cp) = 1005 (J/kgK)

Density (p) = 1.205 (kg/m?)

Viscosity (u) = 18.207e-6 (Pa sec)

Thermal conductivity (k) = 0.0257 (W/mK)
Thermal diffusivity () = 2.12e-5 (m?/s)
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DISCRETIZED NUMERICAL DOMAIN FOR PARABOLIC TROUGH
COLLECTOR

Computational domain for the fluid flow inside the receiver of PTC
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Computational domain (1st node) for receiver tube analysis with enerqy transfers
across the boundaries.
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Qu = qSRCR o (hcon,rc + hrad.-rc) (Tr, = Tc,-)

Air Space
i-1/2 i+1/2
arT, drT,
ke—"| =0 . | .
dx i-1/2 i=1 Trl‘ dx li+1/2 i=2

— . —— — — — | —— —— — — o -

Qywant = hfz(T,.i = Tfi) Fluid

<— X —>

. dh
(qunmDyo — qQuaumDy)dx + (4o — Gu)Ac = m, dtr
(qumD D,)dx + | k aty iali Ay = dhy
quTtlrg QwauTlyi)ax r dx i+1/2 T dx i-1/2 cr = My dt
dT,
ky—| =0
r dx i—l

T tHl_p t+1
Ti Ti
{qurDyo — hpy (T, F* = Tp, ") mDy JAx + [kr ( 1 )] Aoy

t+1 t
ri - Tri

= priVicy =
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Computational domain (Middle nodes) for receiver tube analysis with enerqy
transfers across the boundaries

et Glass cover

Qy = QSRCR - (_h’con,rc + h’rad,rc) [:T:l',- - Tc,-)

H Air Space
i-1/2 it1/2
dT, drT,
. —_— e T ik
i-1 Tdx s i " T dx lisayz i1

Qeatr — th(TrL- w Tf[)

N

Ax |

. . dh
(qunDyo — qQuaumDy)dx + (4o — Gu)Ac = m, dtr

dT,

dT,
(QunDrO - CIwallnDri)dx + kra

—k,—
i+1/2 dx

PRl
i—1/2 cr = My dt

{qunDro - hfl (Tfit+1 — Trit“)nDn-}Ax

Trl-+1t+1 _ Trit+1 Tr,-t+1 _ Tri_1t+1
+ kr Ax - kr Ax Acr

t4l _p ot
T

Ti
= p AV
praVvy At

{qunDyo — hpy (T, H = Tp SV )D, }Ax

T ' t+1 _ T .t+1 T 't+1 _ T ) t+1
+ kr Tit1 Ti _ kr Ti Ti-1 Acr
Ax Ax

t+1 t
ri - Trl'

At

= prdV,Cp,
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Computational domain (nth node) for receiver tube analysis with energy transfers
across the boundaries

Glass cover e T
L

qy = qSRCR = (h’con.rc 5 hrad.rc) (Tr,- s Tc,-)

Air Space
i-1/2 i+1/2
drT,
e k ﬂ ° Td - =0
. T dx i=1/2 S T"i X li+1/2
e =) =

Ax I

. . dh
(qunmDyo — qQuaumDy)dx + (4o — Gu)Ac = m, dtr
(qumD D,)dx + | k aty iali Ay = dhy
quTtlrg QwauTlyi)ax r dx i+1/2 T dx i-1/2 cr = My dt
dT,
k,— =0
" dx i+1/2

Tt _ o t+1
Ti Ti—

{qumDyo — hpy (T, = Tp, " ) mDy JAx + [—kr ( P L )] Aoy

Trit+1 _ Trit

= praV,cp, ——
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Computational domain (1st node) for cover analysis with enerqy transfers across
the boundaries.

Qc.omb = hcm,c Emb{Tc,i - Tﬂmb} + h‘?"ﬂd_.ﬂ r.z'mb{?::,i - Tsk_}':}

ar,
“dx

=0 T.. k.
i-1/2 ¢ ax lis1/2

.
=1 ;

EED I B

ﬁ = AjrSpace

Gre = {hcm,rc + hrrzri.rc }{Tr_.i - Tc,i}

b2

v o Receiver Tube
Ax =
. dh,
(Qr,anrO - QC,amanco)dx + (Qe - qW)ACC = m%

[(hcon,rc + hrad,rc)(Tr,i - Tc,i) T[Dro
- {hcon,c amb (Tc,i - Tamb) + hrad,c amb (Tc,i - Tsky)} 7-[Dco]Ax

dT, dT, ) it =nht
+ | ke— —k.— Ace = pdV,————L
( c d.x i+1/2 c d.x i_l/z cc pC c At
dT, _
“dx i-1/2

[(hcon,rc + hrad,rc)(Tr,it+1 - Tc,it+1) T[Dro

- {hcon,c amb (Tc,iﬁ-1 - Tamb) + hrad,c amb (Tc,it+1 - Tsky)} T[Dco]Ax

T, tHl_p t+l T t+l _p ot
Ci Ci Cci Cci
’ ["( T ix )]A = PeVeep =g
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Computational domain (Middle nodes) for cover analysis with enerqy transfers
across the boundaries.

Qcams = lislcr:.\"rz,c rzmb{Tc_-i - Tumb} + hrrzd,c Emb(ﬂz,i - Tsk)‘}

i-1/2 i+1/2
dT. dT,
. k. e T . € .
i-1 dx li—1/2 ;e dx lis1/2 1

ﬁ = Air 5pace

Gre = (hcm,rc + Rpagre ]{Tr‘_-z' - Tc,i’}

Receiver Tube

Ax

N

. dh.
(CIr,anro - CIc,amanco)dx + (Qe - qW)ACC = m?

[(hcon,rc + hrad,rc)(Tr,i - Tc,i) nDro
- {hcon,c amb (Tc,i - Tamb) + hrad,c amb (Tc,i - Tsky)} nDco]Ax

dTC dTC C.t+1 _ hc-t
+ko—5 —k.=S Ape = pedV, —Si———CL
( Cc dx i+1/2 c dx ) cc pC c At

i-1/2

[(hcon,rc + hrad,rc)(Tr,iHl - Tc,it+1) nDro

- {hcon,c amb (Tc,iH-1 - Tamb) + hrad,c amb (Tc,it+1 - sky)} nDco]Ax
T t+1

t+1 t+1 t+1
+ |k TCi+1 _TCi —k TCi —lciq A
c AX c Ax cc
TCit+1 _ Tcit

At

= pcAV.Cp,
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Computational domain (nth node) for cover analysis with energy transfers across
the boundaries

Qcamb = hcm,c Emb{Tc,z’ - Tﬂmb} + hrrzd,c Emb{n,i - Tsk}'}

i-1/2 ﬁ i+1/2
aT,

o T “dx
i=mn-1 |:‘l> I=n ::>

Air Space ﬁ

Gre = {hcm,rc + hrtzd.:—'c }{Tr‘_.i - Tc,z'}

=10
i+1/2

Receiver Tube . 5
Ax >
. dh,
(CIr,anro - CIc,amanco)dx + (Qe - qW)ACC = m?

[(hcon,rc + hrad,rc)(Tr,i - Tc,i) nDro
- {hcon,c amb (Tc,i - Tamb) + hrad,c amb (Tc,i - Tsky)} nDco]Ax

dT, dT, it =nht
+ | ke— —k.— Age = pdV,— :
( Cc d.x i+1/2 c dx i_1/2> cc pC c At
dT,
_° =0
“dx i+1/2

[(hcon,rc + hrad,rc)(Tr,it+1 - Tc,it+1) T[Dro

- {hcon,c amb (Tc,it-l-1 - amb) + hrad,c amb (Tc,it+1 - Tsky)} T[Dco]Ax

T.t+1—T. t+1 T -t+1_T .t
+ [—kc< Ci xCL—l )] ACC — pCAVCCpC Ci Cci

A At
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PRESSURE RATIO AND EFFICIENCY FOR EXPANDER

r, = P2/P1 Hexpander
(%)
2.846967 80.90992

3.4 81.718
4.054733 80.5984
4.269187 79.33614
4.699675 77.18205
5.132689 75.62068

5.5098 73.83773
5.94471 72.72089
6.378672 71.38178
6.977185 69.96651
7.521691 68.77421
8.12052 67.43303
8.774621 66.16525
9.48431 65.04496
10.08409 63.92605
10.7385 62.73237
11.5581 61.6107
12.54099 60.11652
13.57852 58.54757
14.67227 57.27428
15.5462 56.00374
16.14787 55.32936

Where P1 and P2 are the low and high pressures of the system respectively.
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PRESSURE AND SATURATION TEMPERATURE VARIATION

Condenser pressure and saturation temperature variation for fall equinox
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Evaporator pressure and saturation temperature variation for fall equinox
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Condenser pressure and saturation temperature variation for winter solstice

180 - - 40
160 x_ _
- = 35
140 - x *
% WK

Py (kPa)
2
Tsat (°C)

80

60 - M}—IJ_ - 20

40 - #  Plow

20 —Tsat s

0 " T . . . . . . . : . 10
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Evaporator pressure and saturation temperature variation for winter solstice
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