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ABSTRACT

MODELING GUIDED HEAT PIPE DESIGN METHODOLOGY
AND EXPERIMENTAL VALIDATION FOR FLAT GROOVED
HEAT PIPES

Saygan, Samet
Ph.D., Department of Mechanical Engineering
Supervisor: Prof. Dr. Zafer Dursunkaya

Co-Supervisor: Assoc. Prof. Dr. Barbaros Cetin

February 2021, pages

Heat pipes are commonly preferred thermal management devices due to their
rapid heat transfer characteristics, small size and reliability. It is crucial to
design heat pipes that accurately match the requirements of the system to be
thermally managed. In the present study, a numerical design and diagnosis
simulation tool for heat pipes is developed and verified for grooved heat pipes.
A modular heat pipe experimental setup is designed and manufactured. In
order to decide on the geometric parameters of the heat pipe to be tested,
the setup is designed by the newly developed simulation tool. Predictions of
the tool are validated by both the studies existing in the literature and the
experiments conducted in the scope of this thesis. Finally, an innovative groove
structure, namely Hierarchical Groove Architecture, is proposed for boosting
the capillary pumping and improving evaporation performance, two functions
the enhancement of which are important in operating heat pipes with higher
performance. The simulations for proving these improvements are modeled and

run and the boosting of the capillary pumping is validated with the experiments.



The design and diagnosis tool for heat pipes developed in the scope of this thesis
will allow researchers/designers to simulate the performance of grooved heat
pipes rapidly and accurately and utilization of hierarchical groove architecture

will improve both capillary pumping and evaporation performance of heat pipes.

Keywords: Heat pipe modeling, modular experimental design, grooved heat
pipe, capillary pumping and evaporation enhancement, hierarchical groove ar-

chitecture
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oY/

MODELLEME iLE YONLENDIRILEN ISI BORUSU TASARIM
METODOLOJIiSI VE DUZ OLUKLU ISI BORULARI iCiN
DENEYSEL DOGRULANMASI

Saygan, Samet
Doktora, Makina Miihendisligi Boliimii
Tez Yoneticisi: Prof. Dr. Zafer Dursunkaya

Ortak Tez Yoneticisi: Dog¢. Dr. Barbaros Cetin

Subat 2021 , sayfa

Is1 borular: hizli 1s1 transferi karakteristikleri, kii¢iitk boyutlar: ve giivenilirlikleri
nedeniyle siklikla tercih edilen 1s1] yonetim araclaridir. Isil yonetim gereksinimi
olan sistemde kullanilacak 1s1 borusunun tasariminin dogrulugu hayati énem ta-
sir. Bu calismada, 1s1 borular: i¢in sayisal bir tasarim ve teshis simiilasyon araci
oluklu 1s1 borular igin geligtirilmis ve dogrulanmigtir. Bu tez kapsaminda, mo-
diiler bir 1s1 borusu deney diizenegi tasarlanmig ve tiretilmigtir. Bu deney diize-
neginde test edilecek 1s1 borusunun geometrik parametrelerine karar vermek igin
ise yeni geligtirilen tasarim ve teshis araci kullanilmigtir. Bu arag¢ kullanilarak
yapilan benzetimlemelerin sonuclari hem literatiirde bulunan ¢aligmalarin hem
de bu tez kapsaminda yapilan deneylerin sonuclari ile dogrulanmigtir. Son olarak
Hiyerarsik Oluk Mimarisi olarak adlandirilan yeni bir oluk yapisi, kilcal pompa-
lama giiciinii ve buharlagtirmay1 arttirmak amaglariyla 1s1 borusu performansini
gelistirmek i¢in onerilmistir. Hedeflenen her iki geligimi de kanitlamak i¢in ana-

lizler yapilmigtir ve beklenen gelisim analiz sonuclari tarafindan desteklenmigtir.
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Kilcal pompalama giiciiniin artisi, simiilasyon sonuglarinin yani sira deneysel ola-
rak da bu tez kapsaminda kanitlanmigtir. Bu ¢aligma kapsaminda 1s1 borular
i¢in geligtirilen analitik tasarim ve teshis aracindan yararlanarak, aragtirmaci/-
tasarimcilarin oluklu 1s1 borularini hizli ve dogru bir gekilde benzetimlemelerini
saglayacaktir. Ek olarak, hiyerargik oluk mimarisi, hem kilcal pompalama hem

de buharlagma acisindan 1s1 borusunun performansini artiracaktir.

Anahtar Kelimeler: Is1 borusu modellemesi, modiiler deney tasarimi, oluklu 1s1
borulari, kapiler pompalama ve buharlagtirma iyilegtirmesi, hiyerarsik oluk mi-

marisi
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CHAPTER 1

INTRODUCTION

The density and number of transistors inside the microchips have been increasing
rapidly over the years. Gordon E. Moore, co-founder of Intel, had foreseen that
the number of components inside the chip would double in every two years.
The number of components, which was 20 in 1962, was 60 by 1965 [1]. Today,
the number of transistors inside the microchips reaches 11.8 billion. With the
increase of transistors in microchips and their shrinkage, the problem of cooling
of high heat fluxes has arisen. For example, the heat loads encountered in 2007
were in the order of 300 W /cm? and maximum temperature had to be kept below
85°C [2]. Therefore, for electronics, thermal management is vital for reliable and
long-lasting devices’ design without any performance degradation. In addition
to secure operation of electronic devices, modern chip technology is limited by
the heat removal rate from electronic components because of their high heat

dissipation.

Several cooling mechanisms have been implemented, for example free convection
of gases and liquids, forced convection of gases and liquids, liquid evaporation,
which are traditional cooling techniques, and there are also emerging cooling
devices to remove excess heat from the heat source such as, heat pipes, heat
pumps, microchannels, spray cooling, and phase change materials. Specifically,
in cooling by natural convection using air, the heat transfer coefficient varies
between 5 W/m? - K and 10 W/m? - K but in the case of water, it goes up
to 1,200 W/m? - K. On the other hand, in forced convection, the heat trans-
fer coefficient is between 10 W/m? - K and 350 W/m? - K for air and reaches

3,000 W/m? - K when water is employed. In fact, when water evaporation is



utilized as a cooling method, this value goes above 3,000 W/m? - K and reaches
up to 100,000 W/m? - K . However, traditional cooling techniques are insuffi-
cient for modern chips due to low heat transfer coefficients. Instead, heat pipes
appear as an advantageous alternative and have been used in both terrestrial

and space applications , for more than 50 years @

Heat pipes are sealed containers and transport heat from a hot source to a
cold exterior rapidly with small temperature differences between the two ends.
With the heat coming from an external heat source, the liquid in the heat
pipe evaporates and transforms into gas phase. The region where evaporation
occurs is called the evaporator. Vapor moves along the heat pipe and comes
to the region where temperature is low, and then releases its thermal energy
and transforms back to the liquid phase. The phase change occurs in the region
named the condenser. In addition, the adiabatic region is the area between the
evaporator and condenser where no or little heat transfer with the environment
occurs, but it may not be present in all applications. The condensed liquid,
on the other hand, comes back to the evaporator region owing to the capillary
action created by the wick structures on the heat pipe walls, and this cycle
continues as long as there is a temperature difference between the two ends of

the heat pipe. The working principle of a heat pipe is given in [Figure 1.1]

_l ————— Heating surface | HEAT SINK

|Coo|ing surface

Condenser

Wick structure (solid)

i |
| Working fluid (liquid) |
l |

HEAT SINK

Working fluid (vapor)

Figure 1.1: Heat pipe working principle



The purpose of the wick structure is to provide liquid to flow without any exter-
nal force such as gravity or a mechanical pump. Therefore, heat pipes are passive
and reliable devices. The most common wick structures used in heat pipes can
be listed as follows: groove, sinter, and mesh . The decision for
which wick structure will be chosen is made according to the application of the
heat pipe. For instance, sintered wick provides higher thermal conductivity and
works against gravity; nevertheless, pressure drop is higher, and permeability
is lower in sintered wicks compared to grooved and mesh wicks. On the other
hand, although permeability is high for grooved wicks, they are not preferable in
conditions operating against gravity and have relatively low capillary pumping.
Finally, although the mesh wick structure has a moderate capillary action, it is

suitable for complex geometries [, [7H9].

Figure 1.2: Wick structure types: (a) sintered (b) grooved (c) mesh screen



Moreover, working fluid and wall material are important design parameters that
affect the performance of the heat pipe in terms of its operating temperature,
transferred heat flux and dimensions. The compatibility of the working fluid
with the wall material at the operating temperature is especially important for
obtaining a high-performance heat pipe and there are many of studies in the

literature on this issue as listed below:

e Methane and stainless steel at -140°C [11]
e Ammonia and aluminum at 25°C [12]

e Copper and water

— at 50°C ([13])

— between 50°C and 80°C [14]
— between 60°C and 95°C [15]
at 75°C [16]

— around 100°C [17-20]

— at 160°C [21]

stainless steel and Therminol VP-1 between 300°C and 400°C [22]

Stainless steel and sodium

— between 430°C and 790°C [23]
— at 650°C [24]
— at 800°C [25)]

Stainless steel and mercury at 630°C [26]
Stainless steel and NaK (with Argon as NCG) at 700°C [27]
Molybdenum and lithium at 1227°C [2§].

There are several types of heat pipes that are used in industry. One of the most
common heat pipes is the conventional capillary driven heat pipe as shown in
[Figure 1.3, These type of heat pipes are generally cylinder in shape. Working
fluid evaporates in the evaporator and the vapor flows through the condenser to
condense there. Capillary limit, which will be explained in the following sections,

is the most critical limitation of these type of heat pipes.



Evaporator section

Evaporator
end cap

Heat source

Condenser

end cap of gravity

Heat sink

l Direction

Figure 1.3: Capillary driven heat pipe |§|

The second type of heat pipe is the loop heat pipe. Schematic representation of
the loop heat pipe is shown in [Figure 1.4l This type of heat pipe is used when
the distance between the heat source and the heat sink is long. In addition, loop
heat pipes can work against gravity. The vapor pipe and the liquid pipe which
are included in the loop heat pipe are different from each other (Figure 1.4)). This
is one of the major differences between the loop and capillary driven heat pipes.
Another important difference between them is the compensation chamber, which
cannot exist in conventional capillary heat pipes, but provides liquid reservoir

to loop heat pipes.
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Figure 1.4: Working principle of loop heat pipe ()




The third type of the heat pipe is the flat heat pipe. The cross-section of the flat
heat pipe is rectangular unlike the cylinder-shaped capillary driven heat pipe
(see . However, these two heat pipes have the same wick structures
and working principle. In addition, it was reported that the thermal and hydro-
dynamic performance of the flat heat pipe increases under the high heat loads

[30).
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Figure 1.5: Flat heat pipe [30]

The last heat pipe type is the micro heat pipe. Different from both capillary
driven heat pipes and flat heat pipes, micro heat pipes have only one non-circular
channel (see . Micro heat pipe, which was initially introduced by
Cotter in [31], works on triangular cross-section. Additionally, the sharp corners

of the micro heat pipe creates a capillary force which provides the liquid flow.
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Figure 1.6: Micro groove cross-section types [32]



In a heat pipe, design parameters such as shape, size, working fluid, wick struc-
ture, and operating temperature affect the heat pipe thermal and hydraulic
performance. In addition to these parameters, there are some physical phe-
nomena that affect the heat transfer rate in the heat pipe, namely capillary,
boiling, entrainment, condenser, vapor pressure, and sonic limits, which will be

explained in the following paragraphs.

e Capillary pressure, which is created due to the wick structure, provides
liquid flow from the condenser region to the evaporator region. If the total
pressure drop along the heat pipe is higher than the capillary pressure
difference along the heat pipe, the liquid flow from the condenser region
to the evaporator region becomes insufficient. It causes dryout of the heat

pipe. This phenomenon is called capillary limit.

e At the beginning of this section, the working principle of the capillary
driven heat pipe was reviewed. The liquid evaporates due to the heat
input from the heat source(s) at the evaporator region. If the heat input
is large enough to cause nucleate boiling, then the liquid flow is blocked

and dryout occurs. This phenomenon is called the boiling limit.

e Heat pipes are two-phase heat spreaders and contain both liquid and vapor
flows inside (see [Figure 1.1)). Therefore, shear occurs between liquid and
vapor interface. When shear increases, vapor entrains liquid droplets from
the wick structure and carries them to the condenser without any evapo-
ration at the evaporator region. It causes lack of liquid in the evaporator
region and dryout occurs. This phenomenon is called the entrainment

limit.

e In order for the heat pipe to work effectively, heat transferred to the con-
denser region must be removed quickly from the system. Therefore, a
proper cooling is required at the condenser. If the cooling ability of the
heat sink is not enough to remove the heat input at the evaporator region,
then the capacity of the heat pipe decreases. This phenomenon is called

the condenser limit.



e If the heat pipe operates at temperatures lower than its normal working
temperature, then the effect of viscous forces may become stronger re-
stricting vapor flow. This phenomenon also causes a capacity reduction of

the heat pipe, and is called the vapor pressure limit or viscous limit.

e Finally, if the velocity of the vapor reaches the sonic speed, then a choked
flow condition occurs in the vapor flow region due to the supersonic flow.
This situation results in a temperature drop in the axial direction of the
heat pipe. Therefore, isothermal condition of the heat pipe cannot be
established under the choked flow condition. This phenomenon is called

the sonic limit.

1.1 Literature Review

One of the most important parameters determining the capacity of energy trans-
fer via phase change of a heat pipe is the wick structure. Therefore, ensuring the
maximum mass transfer throughout the wick structure plays a critical role in
heat pipe design. A flow model predicts the performance of the wick structure
and requires a complex solution of the nonlinear flow equations. In addition to
the flow model, a heat transfer model is also needed to find the temperature
distribution. In cases where complex modeling is required, making use of sim-
plifying assumptions is inevitable. Over the years, researchers have proposed
different strategies of modeling heat pipes for both porous and grooved wick
structures. In addition to modeling, experiments for different wick structures
guided researchers in the characterization of heat pipes. In this part of the cur-
rent study, both numerical and experimental studies in the literature will be
presented under three sections. Specifically, modeling of porous and grooved
wick structures will be explained in the first and second sections, respectively.

Finally, experimental studies will be introduced in the third section.
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1.1.1 Modeling of porous wick structured heat pipes

In case of a porous wick, two common approaches were studied for flow model in
the literature. One of them is solving the flow by applying Darcy’s law [33-37].
However, applying Darcy’s law neglects the effects of the boundary, inertial, and
variable porosity [38]. Another common approach that considers boundary and
inertial effects is solving the conservation of mass and momentum equations in
the flow region [30} |39-44]. Apart from these two approaches, another modeling
method that is less frequently encountered in the literature is the application of

the lattice Boltzman method [45].

In the modeling of heat transfer, solving energy conservation equation |30, |34}
35, 42-44] or establishing a thermal resistance network [36, 37, |40, 46, 47| are

common approaches in the literature.

A flat plate heat pipe with asymmetric heating (in which the heater was placed
at the center of the top surface) was analyzed by Vafai and Wang [33] in 1992.
Darcy’s law and a pseudo-three dimensional approach were applied for fluid and
vapor flows, respectively. The authors reported that the velocity distribution of
the steam was not symmetrical in the regions close to the heater, but started to
become symmetrical away from the heater. The same heat pipe configuration
was analyzed in [40]; but, three-dimensional, steady, incompressible, and laminar
flow was assumed for both liquid and vapor flow. The results showed that vapor

velocity distributions were similar in [33] and [40].

Wang and Vafai [48] took modeling one step further by adding the effect of
conduction heat transfer in the solid to the same geometry [33, |40]. Transient
behavior of the heat pipe was investigated during startup and shutdown. The
results indicated that the effect of the heat transfer coefficient on the time con-
stant of the heat pipe is significant, which directly affects the duration to reach
steady state. In addition, it was found that the temperature variation through
the walls is small, and the major part of the total thermal resistance is due to

the evaporator and condenser regions.

A complete solution of the vapor, the wick, and the solid regions was investi-



gated by Xiao and Faghri [30] for the same flat plate heat pipe in [33, |40, [4§]
solving three-dimensional conservation equations for both fluid and vapor flow
without using empirical relations. In addition, three-dimensional heat conduc-
tion equation was solved in the wall, the fluid flow region, and the porous wick
structure. Moreover, liquid-vapor interface was modeled with a coupled solu-
tion of heat and mass transfer. As a result, the model was capable of finding
capillary limit and thermal resistance of the heat pipe, and it was reported that
higher heat input resulted in higher surface temperatures, pressure drop, and

fluid velocities.

Flat plate heat pipe with different heating and cooling regions or configurations
was studied in 34}, 35]. Liquid flow was modeled with Darcy’s law, and temper-
ature distribution in the solid was calculated with conduction equation in both
studies. Vapor flow was modeled with assuming analytical solution of parallel
flow between the plates and a parabolic velocity profile in [34] and [35], respec-
tively. Lefevre and Lallemand [34] simulated the experimental study of [49] in
terms of maximum heat transport capability, and the results were close to each
other. After the model was verified, a heat pipe with multiple heat sources and
sinks was modeled; and, temperature and liquid/vapor velocity distributions
were reported. Aghvami and Faghri [35] validated their model with the heat
pipe experiments conducted in [50] with a good agreement, and also repeated
simulations for different heating and cooling configurations. It was reported
that the smaller the heat source size, the lower the performance of the heat pipe

because of high temperatures occur in the heat pipe wall.

Sonan et al. [42] combined coupled transient two-dimensional flow model with
the transient three-dimensional thermal model to solve flat plate heat pipe with
multiple heating and cooling regions, and compared their results with that of
[34]. Similar results were obtained, and transient behavior of electronic com-
ponents’ temperatures, vapor/liquid pressure distributions, maximum vapor ve-

locity, and vapor/liquid velocity fields were reported.

In case of cylindrical heat pipes, Zhu and Vafai [41] assumed parabolic velocity

profiles for flow model and solved energy equation for vapor and wall temper-
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atures including effects of both non-Darcian transport and liquid-vapor inter-
facial hydrodynamic coupling. The results were validated with [51] for both
vapor and wall temperatures found experimentally and [52] for calculated pres-
sures. Authors reported that interfacial shear effects can be ignored because of

its negligible results.

Ferrandi et al. [36] modeled a cylindrical heat pipe by assuming Darcy’s law for
liquid flow and defining vapor with ideal gas equations. Both liquid and vapor
flows were assumed laminar along the heat pipe, and fluidic electrical scheme was
introduced. Kolliyil et al. [37] conducted a similar modeling approach for the
similar heat pipe in [36]; but additionally, Marangoni effect (i.e., mass transfer of
fluid motion due to the gradient of surface tension) was included into the model.
Both [36] and [37] were verified with both experimental [51] and numerical [52]
results in the literature. Ferrandi et al. [36] reported that wick thickness can
be optimized in which it minimizes the temperature variation along the heat
pipe. Yet, no connection was found between the optimum wick thickness and
the amount of heat input. In addition, relation between the heat pipe diameter
and heating power limit was studied and it was found that there is a direct
relation between them. Moreover, it was seen that although the grain radius
had no effect on the thermal resistance, it affected the working limit of the heat
pipe by affecting the dryout at the same wick thickness. Kolliyil et al. [37] also
reported the same conclusions with [36] that larger diameter heat pipes resulted
in higher heat carrying capacity without occurring dryout, and there should be
an optimum wick thickness that minimizes the thermal resistance. In addition,
it was stated that as heat input increases, thermal resistance decreases up to a
limit, after which an excessive amount of heat input causes nucleate boiling that

decreases the thermal performance of the heat pipe.

Liquid /vapor regions, wick structure, and the heat pipe wall were modeled using
two-dimensional conservation equations in [43, 44]. ANSYS-Floatran software
and standard Galerkin method were applied to solve conservation equations in
relevant regions in [43] and [44], respectively. Elnaggar et al. [43] validated the
model with their own experiments. On the other hand, Thuchayapong et al. [44]

compared their results with the available experimental [51] and numerical [52]
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results in the literature. Findings of both studies showed that the vapor pres-
sure remained constant along the heat pipe. In addition, it was reported that
liquid velocity varied linearly in the condenser and the evaporator regions, and

remained constant in the adiabatic region [43].

Another approach for modeling heat pipes is establishing a thermal resistance
network [47, |53] or thermal resistance-capacitance network [46] without solving
the fluid flow. System analysis theories and capacitance definitions were applied
to model to simulate the transient behavior in [53] and [46], respectively. Unlike
[47, 53], Gholami et al. [46] modeled multiple heat sources and heat sinks similar
with [34]. Zuo and Faghri [53] validated the model with the experimental results
of [18], whereas [46, [47] validated it by conducting their own experiments. The
results showed that the heat pipe can be modeled simply by using thermal
network approach. However, heat carrying capacity could not be determined in

[46, 47, [53] due to lack of fluid model.

The only coupled thermal and flow modeling for porous wicked heat pipes in-
cluding non-Darcian effects in the literature was done by Huang and Chen [45]
using lattice Boltzman method. Validation of the model was performed by com-
paring with experimental results [51] and theoretical calculations [41], 52] in the
literature. Similar results in [43] for both constant vapor pressure and linear

variation of liquid velocity were also reported in [45].

1.1.2 Modeling of grooved wick structured heat pipes

Studies related to grooved and micro heat pipes have been conducted exten-
sively in the literature because of its relatively easy fabrication and available
numerical and analytical solutions [54H57]. Previous models of fluid flow and
energy transport in heat pipes with grooved wicks and micro heat pipes with
sharp-angled corners serving as liquid arteries were revisited to demonstrate the

existing approaches in the modeling.

Cotter [31] in 1984 and Babin et al. [54] in 1990 offered an analytical model to

calculate the maximum heat transfer capacity and the dryout limit of a micro
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heat pipe. For both liquid and vapor regions; one-dimensional, steady and in-
compressible flow assumptions were used to solve momentum equation. Besides,
the variation of radius between liquid and vapor along the heat pipe was calcu-
lated by using Young-Laplace equation. Conduction through the heat pipe solid
material was ignored and assumed that heat was transferred with phase change
only. Babin et al. [54] compared numerical results with their own experiments
and noticed inconsistency for dryout phenomenon. The onset of dryout was de-
fined where the contact angle between the liquid and the solid was 60° in [54],
and according to authors, the inconsistency between the experimental and the
numerical results was due to the definition of the dryout. It was suggested that
dryout phenomenon should be understood and defined more clearly in order for

better modeling.

One-dimensional thermal model and hydrodynamic model were used to model
flat miniature heat pipes with rectangular grooves [15], and axially grooved heat
pipes with trapezoidal grooves [58]. The effect of liquid-vapor interfacial shear
stress, liquid meniscus variation and the amount of working fluid in heat pipes
were taken into account in the model that were used to estimate the maximum
heat transfer rate analytically. Hopkins et al. [15] compared the model results
with three different heat pipe experiments and validated for trapezoidal grooves.
However, the predictions for rectangular grooves were not as good as those of
trapezoidal grooves. Anand et al. [58] also validated the model with their own
experiments specifically at lower operating temperatures. In addition, it was
reported that variation of the vapor pressure was negligible compared to liquid

pressure.

Thermal resistances of the heat pipe solid material in both longitudinal and
transverse direction, thin film region in evaporator and condenser, condensed
working fluid on fin top and working fluid inside the grooves affect heat pipe per-
formance directly. Thermal network model was implemented into one-dimensional
hydrodynamic model based on Young-Laplace equation for miniature heat pipes
with trapezoidal grooves [55] and axially grooved heat pipes with trapezoidal and
rectangular grooves [59]. Their models included the effect of liquid-vapor inter-

facial shear stress, liquid meniscus variation and the amount of working fluid.
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The maximum heat transferred through the heat pipe was predicted analytically
and validated experimentally in both [55] and [59]. Kim et al. [58] suggested
that thermal optimization of grooved wick structure can be analyzed with the
model for groove width and height. Desai et al. [59] showed that with an increase
in the number of grooves in the heat pipe, thermal resistance decreased and the
maximum amount of transferred heat increased. However, after a certain point,
as the pressure drop due to the friction exceeded the capillary pumping power,
the maximum transferred heat decreased. Trapezoidal grooves with different in-
clination angles and rectangular grooves were analyzed in [59], and it was found
that the heat carrying capacity of trapezoidal grooved heat pipes was higher

compared to the rectangular grooved ones.

Two-dimensional hydrodynamic models [60, 61] and one-dimensional hydro-
dynamic model [62] were studied numerically without using thermal models.
Only evaporator and adiabatic regions were considered in [62] for V-shaped mi-
crogrooves, and the onset of dryout and its location were estimated numerically
and determined experimentally. On the other hand, the maximum heat transfer
capability of V-shaped microgrooves [60] and trapezoidal microgrooves [61] were
predicted by solving two-dimensional hydrodynamic model along the heat pipe,
and verified with experimental results of previous studies [63] and [64], respec-
tively. Thomas et al. [61] reported that mean velocity and volumetric flow rate

depend on shear stress linearly.

The majority of studies in the literature modeled the heat pipe using mass, mo-
mentum, and energy equations for both liquid and vapor regions together with
Young-Laplace equation for the variation of radius between liquid and vapor,
and then solved the governing non-linear equations numerically including the
effect of liquid-vapor interfacial shear stress. Micro heat pipes with triangular
grooves [65-74] and triangular grooves with varying cross-sectional areas [75],
axially grooved heat pipes with rectangular grooves [76], Q2-shaped grooves 77|,
trapezoidal grooves [78], and flat plate heat pipes with rectangular grooves [32]
56, 79] were investigated by using this method. One-dimensional, steady and
incompressible flow was assumed while modeling flow in both liquid and vapor

regions in [32} |56, [65-68, 70-79] and a transient model was developed in [68] by
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using a similar approach. Heat transfer at the evaporators was assumed to be
due to phase change mechanism only in [65-69, 75-79] and one-dimensional con-
duction in solid was added to energy balance in [32, 56, [70-74]. Those modeling
strategies predicted the maximum heat transport capability of heat pipe except
[32, 56, 6567, |70, 72, [75-77, [79], and temperature distribution were reported
in [56, 67, 74]. Numerical models were compared with previous studies in the
literature to be verified. Numerical and experimental studies that were used in

the validation were as follows:

e Longtin et al. [66], Hung and Tio et al. [70], Chang and Hung et al. [72],
Tio and Hung et al. [73] are verified using Babin et al. [54]

Khrustalev and Faghri [65] is verified using Wu and Peterson [80]

Suman et al. [68] is verified using Anand et al. [62]

Jung and Boo [74] is verified using Moon et al. [81]
Do et al. [56] is verified using Hopkins et al. |[15] and Lin et al. [82]

Experimental setups were constructed in [32, [77-79] to verify numeric models.
Liquid block (pool) region occurs at the condenser due to excess amount of liquid
inside the heat pipe, and increases the thermal resistance. It was reported that
[55}, 156, 65] were able to determine pool condition. Hung and Tio [71] analyzed
the effect of gravity on the heat pipe performance, and showed that the heat pipe
carried more heat when the effect of gravity is favorable. Furthermore, liquid
velocity variation was reported to be similar with [32, 43| |45, 71, 77, 79| for both
positive and negative inclination angles. Singh [75] introduced a new approach
by analyzing a micro heat pipe with varying cross-sectional area, and claimed
that the increased apex angle from the evaporator to the condenser increased

the maximum amount of heat that could be carried.

In addition to steady state one-dimensional modeling of heat pipes using mass,
momentum, and energy equations for both liquid and vapor regions together
with Young-Laplace equation, thermal resistance network which was used in
the analytical model [55 59] was implemented to a numerical model [83, |84]
to obtain a more comprehensive heat pipe model to predict the maximum heat

transfer rate [83], temperature distribution [83], and the variation of capillary
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pressure [84]. Numerical estimations for both the maximum heat transport
capacity and the temperature distribution were validated with the results of ex-
periments conducted in [83]. Radius of curvatures were measured by [79] using
confocal microscopy and the results of [84] were in line with those measure-
ments. Lefevre et al. [83] examined the effect of groove width and height on
the maximum amount of heat transferred along the heat pipe. The amount of
heat carried increased first with the increase of both width and height, and then
decreased. Accordingly, it was reported that there is an optimum design point
for both the groove width and the groove height. Lips et al. [84] concluded that
the only reason for dryout is the capillary limit, and the effect of interfacial shear

stress is negligible.

A resistance network model for an axially grooved heat pipe with rectangular
grooves was developed and tested in [85]. Neither fluid nor vapor flow regions
were modeled in this study. In the resistance network model, wall and wick
conduction in both evaporator and condenser, condensation and evaporation re-
sistances and frictional pressure losses were added as resistances using Fourier’s
law and correlations from [5, [86]. The modeled heat pipe was tested in four
different orientations, and the predictions of the model were compared with the
results at 30° inclination angle. However, the findings of the model underesti-

mated the findings of the experiment for all heat loads used in [85].

In [87], which its modeling approach is different from all the studies mentioned
above, a flat micro heat pipe including liquid/vapor /solid regions was modeled
by using a coupled pore-scale three-dimensional pseudopotential lattice Boltz-
man model with a thermal model to analyze transient behavior without us-
ing any empirical equations. Rectangular, trapezoidal, and inverse trapezoidal
grooves were studied. The authors found that the capillary pumping power
ranged from high to low according to trapezoidal, rectangular, and inverse trape-
zoidal groove shapes. In addition, liquid and vapor pressure variations along the
heat pipe for three different groove types were calculated, and vapor pressure

variation was reported to be negligible.
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1.1.3 Experimental studies

Experimental studies in the literature have an important role in terms of both
verifying the numerical models and determining the operating limits of the heat
pipe. In 1996, Cao et al. [88] conducted experiments with an 82 mm long (19 mm
evaporator, 43 mm adiabatic region and 20 mm condenser) miniature heat pipe.
Grooves that were produced from copper were rectangular in which groove width
was 0.1 mm (100 pm) and groove height was 0.25 mm (250 pm). Authors
reported that tilt angle had a positive effect on the heat pipe performance. For
example, exactly the same heat pipe carried 10% more heat at 20° tilt compared
to its horizontal position at the same temperature difference. Cao et al. [8§]
found that 18.3 W /cm? was the highest heat input for the heat pipe when it

was placed 20° inclined with respect to the ground.

Peterson et al. [89] used silicon wafers to produce micro heat pipes. Two heat
pipes with rectangular and triangular grooves were manufactured. Rectangular
grooves were 45 pm wide and 80 pum depth, triangular grooves were 120 pum
wide and 80 pm depth. Both heat pipes had 39 grooves and 14.1°C and 24.9°C
temperature decreases were obtained at the chip for rectangular and triangular
heat pipes, respectively. According to the authors, there were two reasons for the
increased performance in the triangular grooved micro heat pipe; one of which
was the reduction of the remaining space in the micro channels, and the other
was the improvement in the corners. Corners of the triangular heat pipes were
sharper compared to the rectangular heat pipes. Therefore, meniscus recession
in the triangular heat pipes was larger than the rectangular heat pipes, and it

was resulted in higher capillary pumping pressures.

Badran et al. [90] worked on the effect of the filling ratio on silicon micro heat
pipes with methanol and water as working fluids. Two different arrays of micro
heat pipes were produced with triangular cross-section. In the first array, there
were 73 micro channels 260 ym wide and 185.54 pym deep. In the second array,
there were 127 micro channels 100 pym in width and 70.72 pm in depth. Six
different filling ratios (5%, 10%, 20%, 30%, 50% and 80%) were investigated
by the researchers, and they found that 5% filling ratio gave the best result
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for both heat pipes with methanol and water. Another experimental study was
conducted by Chen and Chou [91] to find the optimum filling ratio, yet by using
flat plate heat pipes with rectangular grooves this time. The heat pipe was
made of aluminum with acetone as working fluid. Ten different filling ratios
were tested between 5% and 50% with 5% increments and heat input was varied
between 5 W to 60 W with 5 W increments. Grooves were rectangle with
0.2 mm wide and 0.4 mm deep. The best performance of the flat heat pipe was
obtained at 25% filling ratio. 47 W heat load was carried at that filling ratio,
and thermal resistance was 0.254 K/W while effective thermal conductivity was
3,150 W/m - K. In addition, the optimum filling ratio was also investigated in
[92] for rectangular flat plate heat pipes. The material of the heat pipe was
aluminum, and the working fluid was methanol. Six different filling ratios were
tested between 10% and 60% with 10% increment. The optimum filling ratio
was found to be 20%, and this result was in line with [91]. Those three studies
[90-92] showed that the optimum filling ratios were different for micro and flat
plate heat pipes. Chen and Chou [91] also reported that inappropriate vacuum
and/or leakage had negative effects on cooling performance of the heat pipe.
Thermal conductivity under inappropriate vacuum condition and leakage were

measured as 200-306 W/m - K and 164 W/m - K, respectively.

Hopkins et al. [15] conducted an experimental study with flat heat pipes made
of copper in 1999. Working fluid was water in all their experiments. Three dif-
ferent heat pipes were studied in both horizontal and vertical orientations. Two
different groove structures were used in the heat pipes which were trapezoidal
and rectangular grooves. Trapezoidal grooves had 0.24 mm and 0.20 mm groove
depth, 0.20 mm and 0.45 mm groove top width, 0.15 mm and 0.30 mm groove
bottom width and 0.16 mm and 0.20 mm fin top width. Rectangular grooves
had 0.42 mm groove depth, 0.20 mm groove top width, 0.20 mm groove bot-
tom width and 0.10 mm fin top width. The trapezoidal heat pipe, which had
0.24 mm groove depth, was filled with 20 ml liquid. The other trapezoidal heat
pipe was filled with liquid which was 20% of its existing volume. Rectangular
grooved heat pipe was filled with 0.84 ml of liquid. Hopkins et al. [15] tried

to find the maximum heat loads for five different operating temperatures which
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were 60°C, 70°C, 80°C, 90°C and 95°C for both horizontal and vertical orienta-
tions. The maximum heat transfer rate was obtained from the rectangular heat
pipe for both vertical and horizontal orientations. Heat flux was found to be
141.8 W /ecm? for the vertical orientation and as 92.8 W/cm? for the horizontal
one. The maximum heat flux values for vertical and horizontal oriented trape-
zoidal heat pipes were approximately 70 W/cm? and 20 W/cm?, respectively.
It was concluded that deep grooves can carry more heat compared to shallow
ones, and heat transport capacity usually depended on capillary limit directly.

Among numerous experiments, only two of them were limited by boiling limit.

In 2008, Lim et al. [93] proposed a study about the effects of adverse-gravity
on copper-water flat heat pipe with novel fan-shaped grooves. Width of the
fan-shaped grooves was 150 um and depth of them was 300 pm. The heat pipe
was tested between —90° and 90°. Three different filling ratios (0 uL, 53.9 ul,
and 189 pL) and eight different heat inputs between 1 W and 8 W with 1 W
increments were applied to the flat heat pipe in the experiments. Lim et al. [93]
suggested that small temperature difference means that the flat heat pipe works
properly. They also reported that the flat heat pipe with a fan-shaped groove
can be operated under adverse-gravity condition because of its high capillary
pumping power. Finally, dryout point of the heat pipe was determined as 12 W

where a sudden jump in the resistance occurs.

Lips et al. [94] worked on the effects of nucleate boiling for three different filling
ratios of copper flat heat pipe. Grooves of the heat pipe were in square cross-
section with 0.4 mm. Lips et al. [94] placed a transparent cover at the top of
the heat pipe, so that they could easily observe what was happening in the flat
heat pipe. It was reported that nucleate boiling did not stop the operation of
the heat pipe. Conversely, nucleate boiling increased the heat transfer especially
in the relatively large grooves. According to the authors, to generalize the effect
of nucleate boiling, micro grooved heat pipes should also be investigated under

nucleate boiling condition.

Peterson and Ma [63] investigated the effects of channel angle, contact angle

of liquid, heat pipe length and tilt angle on the amount of heat transferred

19



through the heat pipe, and found that these four parameters have a direct effect
on the heat pipe performance. In addition, Chen and Chou [95] investigated
the effects of the length and bending angle on cooling performance of aluminum
flat plate heat pipes with acetone. Four different lengths (80 mm, 150 mm,
200 mm, and 300 mm) and four different bending angles (0°, 30°, 60°, and
90°) were studied. Bending angles were examined only for 200 mm heat pipe.
The minimum thermal resistance for 80 mm length heat pipe was found as
0.103 K/W and increased by a factor of 2.4, 6.0, and 17.9 for 150 mm, 200 mm,
and 300 mm heat pipes, respectively. It was noticed that at around 150 mm,
there was a sudden jump in the minimum thermal resistance of the flat heat
pipe. Contrary to expectations, thermal resistance decreased as the bending

angle increased.

Alijani et al. [57] were conducted an experimental study to determine the effect
of design parameters on flat plate heat pipes. Four heat pipes with different
groove densities were tested at different heat loads and filling ratios. The results
showed that there was not a single optimum point for heat pipes; instead, the
heat pipe worked at an optimum level in a certain range especially at low heat
fluxes. However, as the heat flux increased, this range shrank to a single opti-
mum point. In addition, effectiveness of the heat pipe increased with increasing
groove density, but narrower and shallower grooves (i.e., high groove density)
encountered dryout at lower heat fluxes. According to the results of the study,
heat pipe performance depends on many parameters, so the heat pipe should be

designed according to the requirements of the particular application.

All the studies mentioned above were done under steady state condition. How-
ever, transient behavior of the heat pipes was also studied [96-98] in the liter-
ature. The heat pipes with porous [96| |97] and groove [98] wick structures were
tested under different heat loads. The results showed that the heat pipe with
porous wick structure reached steady state in approximately five minutes [96,

97], whereas it became ten minutes for grooved heat pipes [98].
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1.2 Objective and Outline of the Current Study

As explained in the previous section, many studies have been conducted to
understand the working principle of the heat pipe, to see its limits, and to model
it correctly. Experimental studies require long processes with design, production,
construction, and commissioning. Tested parameters and measurement aims
should be determined before the manufacturing, and then applied to design. The
machining of micro channels which is needed especially in grooved heat pipes is
a time consuming production process due to the necessity of precise production.
Since heat pipes are operated under vacuum, the vacuum environment must be
provided during the commissioning phase. Providing the vacuum environment
is a difficult process due to the fact that the design and construction of the heat
pipe must be airtight which directly affects the heat pipe performance. As a

result, experimental work requires a long and expensive process.

Numerical studies, on the other hand, provide rapid information about the heat
pipe performance. However, simplified models incorrectly predict heat transfer
because they cannot accurately simulate the flow region. Comprehensive models
that accurately model the heat pipe require long computation times and high

computing power.

There are three objectives of the current study. The first objective is to design
and manufacture a modular heat pipe experimental setup for determining the
heat pipe performance. The second objective of the current study is to propose
a novel wick designs for improved heat pipe performance. Since a capillary limit
is one of the most critical phenomena that affects the heat pipe performance di-
rectly, increasing the capillary limit was aimed via better wick design to enhance
the heat carrying capacity. Not only for increasing the capillary limit, but also
decreasing the maximum temperature in the evaporator especially at high heat
fluxes as well as carrying more heat compared to the same size heat pipes were
among the aims for improved heat pipe design. The third and final objective of
the current study is to develop a fast and accurate numerical model for designing
the heat pipes, and to adapt it for grooved wick structures for simulating the

experiments in the first place. Numerical model is both a design and diagnosis

21



tool for heat pipes, and predicts temperature and pressure distribution along the
heat pipe up to the onset of dryout. In addition, liquid pool —when present—
can be predicted via this numerical model. Designers or researchers can decide
on the heat pipe design or specify the operating limits of an existing heat pipe
by using this tool. The numerical model is validated by both the experimental
setup of the current study and previous studies in the literature for grooved

wicked heat pipes with constant and variable cross-sections.

This thesis is organized as follows: in Chapter [T definition and types the of
heat pipes are introduced. Previous studies for both experimental and numeri-
cal methods are examined, and the objective of the current study is presented.
In Chapter [2] first the modeling of fluid flow and thermal resistances in the
numerical model are explained. Then, the validation of the numerical model is
given through previous studies in the literature are explained. In Chapter 3]
design, construction, and commissioning of the experimental setup are intro-
duced. Then, results of both experiments and numerical model are compared.
In Chapter [ proposed innovative groove geometries are explained, and their
performance improvements are validated by using numerical model. Finally,
experiments using viable innovative geometries are introduced. Finally, the re-
sults of the current study are discussed and concluding remarks are presented

in Chapter [f
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CHAPTER 2

NUMERICAL MODELING

The modeling of the heat pipes has been studied over the years ranging from
simple capillary limit analyses [4} 5| 7] to extensive 3-D models [56, [83]. Simple
models are fast in terms of computing time but the flow field prediction may not
be sufficiently accurate. On the other hand, extensive models predict the flow
domain accurately but require long computing time. In this chapter, modeling
framework of the numerical model, which is both a diagnosis and design tool,

including coupled fluid flow and thermal resistance models are introduced.

The reason of mentioning the tool as the diagnosis tool is its ability to analyze an
existing (i.e., for specific geometric parameters) heat pipe for different heat loads
and cooling strategies. On the other hand, the numerical model is also a design
tool, as well, in which a heat pipe can be designed by using the numerical model
for different geometric parameters, heat loads, and cooling strategies depending
on the constraints in the cooling problem where the heat pipe is planned to
be used. Therefore, in general, the numerical model helps us to determine the
geometric parameters, heat input and cooling requirements in the experimental

setup which will be introduced in Section 3]

This chapter includes the thermal resistance networks, fluid flow model, solution
procedure, detailed calculations of those models for rectangular grooved heat
pipes, and validation of the numerical model through previous studies in the

literature.
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2.1 Thermal Resistance Networks

In the present model two thermal resistance networks are established to simulate
the heat transfer through a 3-D conduction in the solid and liquid. One of them
is the two-node thermal resistance network, and the other one is the multi-slice

thermal resistance network.

2.1.1 Two-node thermal resistance network

In this network evaporator and condenser regions are represented by single ther-
mal resistances (R° and R°); and, evaporation or condensation along the adi-
abatic region is neglected. In other words, it is assumed that all evaporation
occurs in the evaporator region, and all condensation in the condenser region.
Conduction heat transfer that occurs in the axial direction of the heat pipe is
also represented by one thermal resistance (R,,). The last resistance in the two-
node thermal resistance network is the resistance that is between the condenser
region and the ambient (R°"). The schematic representation of the two-node

thermal resistance network is given in [Figure 2.1}{

Figure 2.1: The two-node thermal resistance network model of the heat pipe
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The two-node thermal resistance network calculates the maximum temperature
at the evaporator (7y), phase change (g,..), and conduction (geonq) heat transfers
for the heat pipe for given geometric parameters, wick details, and cooling con-
ditions. In this model, specifying either base temperature of the condenser (7})
or ambient temperature (7,,) with the corresponding heat transfer coefficient
is required for the calculation. Then, knowing the total heat to be transported
(Giot) and the thermal resistances, the maximum temperature at the evaporator,
the amount of heat transferred by phase change and conduction can be calcu-
lated. However, because of the limited number of nodes, this model did not

enable a detailed calculation of the temperature variation along the heat pipe.

2.1.2 Multi-slice thermal resistance network

To achieve a better resolution of heat pipe performance, the heat pipe is divided
into a large number of slices including the adiabatic region in the multi-slice
thermal resistance network. Therefore, the network allows either condensation
or evaporation in the adiabatic region as well. Thus, the effect of axial transfer
heat in the adiabatic region on the heat pipe performance is also simulated.

Evaporator section (n-slice) Adiabatic section (m-slice) Condensor section (k-slice)

Figure 2.2: The multi-slice thermal resistance network model of the heat pipe

Resistances in the evaporator (R¢), adiabatic (R¢) and condenser (Rf) regions
are calculated with the same approach that is employed in the two-node thermal
resistance network. However, different from two-node, in the multi-slice each re-

sistance is calculated by using the geometrical parameters in the particular slice.
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These slices are connected to each other via axial resistances in the evaporator

(RS, ), adiabatic (R%

ax,i az,t

) and condenser (RS, ;) regions in the multi-slice ther-

az,t

mal resistance network, and temperatures at each slice can be calculated by

this network. The schematic representation of the multi-slice thermal resistance

network is given in |[Figure 2.2|

Finally, there are two thermal resistance networks to calculate the heat transfer
along the heat pipe. One of them has only four resistance which is computa-
tionally easy; however, it cannot resolve the temperature variation along the
heat pipe. On the other hand, the other one includes multiple resistance, and
it is computationally more complex compared to the first one. Nevertheless, it
estimates the temperature variation along the heat pipe with a finer resolution,

and accounts for phase change in the adiabatic region.

2.2 The Fluid Flow Model

In the current study, the proposed fluid flow model is defined and solved using the
developed model according to the type of the wick structure with high accuracy
and low computational demand. The vapor flow is not solved; instead, the
pressure of the vapor is assumed to be constant and equal to saturation pressure

along the heat pipe according to the results of |32, [43-45| |55| |58, |76/-79, |87}, 199).

The liquid flow inside the heat pipe is solved in the fluid flow model. Since the
variation of the mass flow rate of the liquid increases almost linearly in condenser
region, reaching its maximum value in adiabatic region, and decreasing linearly
in evaporator region ([32, 43, |45, 71} |77, (79, 99]), in the present model liquid
mass flow rate is defined as in Eq. 2.1} and mass flow rate in the groove converges

when the thermal resistance network converges.

ml(zi) = doﬂ'zi + dl,i, 0 <z< L (21)

In the liquid flow model, an available analytical solution of flow is used in the

calculation of pressure distribution in the fluid. The mass flow rate of the liquid
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and the pressure variation along the heat pipe are interrelated and a geometrical
function, G(z), is defined. The geometrical function, G(z), depends on the wick
geometry and is defined according to it. For example, The geometrical function,
G(z), for rectangular groove is defined as follows and derivation of it will be

explained in Section [2.4.1

256 wi(z) hi(z)
C) = w2t £ 4h2(2)]

(2.2)

Liquid flow along the heat pipe is assumed as one-directional in this study,
and liquid flow is sustained by pressure gradient along the heat pipe. Since
variation of the pressure at an arbitrary cross section is considerably small over
the axial variation, it is assumed to be constant over the slice element in the
numerical model developed in this thesis. Therefore, integration in Eq. can
be performed under the assumption of constant pressure gradient at a certain

cross section.

(z) = / (pu) -n dA (2.3)

Consequently, the mass flow rate along the heat pipe can be expressed as the
product of the pressure gradient and a corresponding function obtained after
integration, which is designated as G(z). The final form of the relation between

the mass flow rate and the pressure gradient is shown in Eq. (2.4]).

in(2) = 6(:) (£ + 1) 24

where f, is the constant associated with a constant body force.

The liquid pressure variation along the heat pipe is found by combining mass
flow rate prediction along the heat pipe which is given in Eq. with the liquid

pressure variation which is given in Eq. 2.4l The final form of the pressure
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distribution equation along the heat pipe is as follows:

doizi +dy;
p(zﬁz/(%—f& dz, 0<z<L (2.5)

To calculate the pressure distribution along the heat pipe, boundary conditions
need to be defined for the Eq.[2.5] These boundary conditions are directly related
to the operational characteristic of the heat pipe; and in a desirable operation
of the heat pipe, dryout should not exist at the evaporator. Therefore, an onset
of the dryout needs to be determined first, and the material contact angle, 6.,
which is a characteristic property of a liquid in contact with a certain solid
surface, should be known for that. The lowest value of the angle at the contact
line or triple line, where three phases (i.e., solid walls of the wick, liquid, and
vapor phases of the working fluid) meet, can be at least as the material contact
angle and the more the fluid is stretched beyond the contact angle, the dryout
may occur suddenly. Therefore, Young-Laplace relation using contact angle is

one of the boundary conditions to calculate the pressure value at z = 0 (Eq. .

20 cos(l.,)

(2.6)
Teﬁ

p|z:0 =Pv —

where r.g is the effective capillary radius of the wick and o is the surface tension
of the liquid. The mass flow rate of the liquid at the end of the condenser region
of the heat pipe is zero. Therefore, another boundary condition comes from the

vanishing pressure gradient at the 2 = L, + L, + L. = L.

dp

=0 2.7
Z| (2.7)

=L

The final boundary condition comes from the mass flow rate of the liquid in-
side the heat pipe at a particular location. The mass flow rate in each slice is
calculated by dividing of the rate of phase change heat transfer to latent heat

of vaporization (i.e., 1; = @p..i/hg). Therefore, the final boundary condition
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becomes:

| _ i
dz|,  G(z)

(2.8)

Equations so far are in general form and can be used with multi-slice thermal
resistance network. In the case of two-node thermal resistance network, the vari-
ation of the mass flow rate of the liquid is initially taken to be linearly increasing
in the condenser, constant in the adiabatic region, and linearly decreasing in the
evaporator since it is assumed that neither evaporation nor condensation occurs

in the adiabatic region. Therefore, liquid mass flow rate equations in the evap-

orator, adiabatic, and condenser regions are written as Eqs. (2.9al), (2.9b]), and
(2.9¢)), respectively.

my(z) = Eyz+ B, 0<z<L, (2.9a)
() = Dy, L. <2< Lo+ Ly (2.9b)
iu(2) = Foz + Ft, Le+ Ly <2< Lo+ Ly + Le (2.9¢)

The liquid pressure variation along the heat pipe is found by combining mass

flow rate predictions along the heat pipe (i.e., Egs. (2.9aH2.9¢|)) with the liquid

pressure variation which is given in Eq. 2.4, The final form of the pressure

distribution equations for the evaporator, adiabatic, and condenser regions are

as follows:
p(z) = / (W - fb) dz, 0<z< L. (2.10a)
(>—/ Do p\ae, Lo<:<io+L (2.10b
pb(z) = G(Z) b Z, e > 2 > Le a . )
. F02+F1 _
p(Z) - / ( G(Z) fb) dZ, Le + La < ZLe + La + Lc (210C)
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Phase change is assumed to be zero in the adiabatic region. Therefore, the
amount of the liquid mass that is carried throughout the wick along the adiabatic
region is taken as constant, and this constant mass flow rate () is calculated by
using latent heat of vaporization (i.e., m, = gp../hs). By using this assumption,
in addition to boundary conditions that are defined in Eqs. and , the

last boundary condition is calculated as:

b
dz E)

adibatic

(2.11)

Eqgs. indicate that functions that define the pressure distribution
are piecewise continuous. Therefore, in addition to boundary conditions, appro-
priate matching conditions should be defined at the overlapping points of the
adiabatic region with the evaporator (z = L.) and condenser (z = L. + L,)

regions. Because of the continuity of both pressure and pressure gradient at

these points, the following equations (Eqgs. (2.12a]and [2.12b])) are obtained for

these conditions.

It el (25a)e] e

Doz Foz + I
l/ (G(z) - fb) dZ] z=Le+La - [/ <G(Z) a fb) dz] e letla (2.12b)

2.3 The Solution Procedure

While analyzing the heat pipe, the numerical model developed in this thesis
solves the coupled fluid flow and thermal resistance network. The solution pro-
cedure of the numerical model is given in [Figure 2.3 The numerical model
requires geometric parameters of the heat pipe which are the evaporator length
(L.), adiabatic length (L,), condenser length (L.) and wick geometry. In ad-
dition to these parameters, cooling method should be specified. This can be a
specified surface temperature of the condenser base (7°) which is valid for only

two-node thermal resistance network, or convection heat transfer to the ambient

30



at temperature (T},,;,). Finally, the total amount of heat (g) which is aimed

to be transported by the heat pipe is specified.

The solution procedure starts with guessing both phase change heat transfer,
dpc, and the vapor temperature, 7,. Then, the fluid flow model is explained in
detail in Section is run by using initial guesses, and the vapor temperature
is used for property evaluation of the working fluid. The contact angle variation
along the heat pipe, 6(z), and thus the variation of the radius of curvature, R(z),

are calculated in the fluid flow model.

Initial guesses for phase
change heat transfer and
vapor temperature

(dp.c) (T,)°

A

Fluid flow model

A 4

0(2), L (optional)

\ 4

Thermal resistance network
model

dp.c.

(4pe)’s (Tp)F

(qp.c.)i - (q?.c.)i_l
(4pe)

Terminate iteration

Figure 2.3: Solution procedure of the numerical model
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The thermal resistance model uses the results of the fluid flow model and geo-
metric parameters, in which a thermal resistance network including resistances
in the evaporator, the adiabatic, and the condenser regions is constructed (see
Section . In addition to these resistances, axial conduction along the heat
pipe is also added to the network which enables the calculation of a conductive
heat transfer (geona). As a result of the thermal resistance model, gy, 15, the
maximum evaporator temperature (7.%"), temperature distribution along the
heat pipe, and gconq are found. Then, convergence criteria are checked by using
calculated and guessed values of g,.. If these conditions are satisfied, calcula-
tion is terminated. Otherwise, g,. and T, are updated. The solution procedure
is repeated until convergence criteria are satisfied. Patent application for this

algorithm has been started.

The fluid flow model calculates the contact angle variation along the heat pipe
by using geometric parameters of the heat pipe, phase change heat transfer and
vapor temperature as mentioned above. In the case of high heat input, heat pipe
cannot provide sufficient capillary pumping. Under this circumstance, dryout
or pool region formation is observed in the heat pipe, and these phenomena are
explained in Section[4.2.1]in detail. The numerical model developed in this thesis
is able to determine the pool region formation. In this case, the contact angle,
Bcq, is at its minimum value — equal to material contact angle— at the beginning
of the evaporator, and approaches 90° before reaching the end of the condenser.
Therefore, the remaining section of the condenser becomes ineffective, and the
effective condenser length, L¢/ can also be calculated in the numerical model

c )

developed in this thesis.

2.4 Submodeling for Rectangular Grooved Heat Pipes

2.4.1 Liquid Flow for Rectangular Grooved Heat Pipes

When modeling the liquid flow along the rectangular channel, it is assumed that
the liquid flow is hydrodynamically fully developed, laminar and incompressible

since the Reynolds number (Re) is low in the rectangular channels of the grooved
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heat pipes. Calculation for the rectangular channel is started with the analytic
solution of the rectangular duct where the width and height of the rectangular
duct are a and b, respectively. Then, the conservation equations are solved for
the rectangular duct by using separation of variables and the mean velocity, U,,,

is found as follows:

__4MP§§ — (=D)" 1= ()"

= 2.1
T L (3%, + ) 5% 21

m=1n=1
where \,, = n7w/b and B, = mn/b

The effect of the higher order terms (i.e., where m and n are different from 1)
in the Eq. [2.13] is small. Therefore, the higher order terms can be ignored and

the mean velocity for the rectangular duct is obtained as follows:

64 a’? AP
umd (a? +b?) L

Uy, = (2.14)
Note that the rectangular channel in the grooved heat pipe is half of the rectan-
gular duct. Therefore, to calculate the mean velocity in the rectangular groove
in which w is width and & is height, a and b in Eq. are replaced with
w and 2h, respectively. Finally, after this modification, mean velocity for the

rectangular groove is calculated as,

256  w?h?* AP
v ums (w? + h?) L (2.15)

The mass flow rate in the rectangular groove is calculated by the product of the
mean velocity, the cross sectional area, and the density. Finally, the geometrical

function, G(z), for the rectangular groove is calculated as follows:

256 w3(z) h3(z)

B = s () + 402(2)

(2.16)

By means of the geometric function of the rectangular groove (Eq. [2.16)), pres-

sure variation in both constant and variable cross sections in the rectangular

33



grooved heat pipes can be calculated. The final forms of the pressure distribu-
tion equation are obtained by inserting the Eq. into Eq. and it is found

as follows:

6

In the case of two-node thermal resistance network, the final forms of the pressure
distribution equations are obtained by inserting the Eq. into Eqgs. (12.10a}
2.10c)), and these equations are found as follows:

p(z) = / l(E()Z + E1)72T5g (ww(;é;_;gb(;;»} dz (2.18a)
where 0 < z < L,
p(z) = / lDo 252 (ww(f()zj :f(;; ) 1 dz (2.18b)
where L, < 2z < L.+ L,
plz) = / l(Foz + )= (ww(;)zj :?(Z()Z))] dz (2.18¢)

where L, + L, <z< L.+ L, + L,

2.4.2 Thermal Model for Rectangular Grooved Heat Pipes

For the rectangular grooved heat pipes, three different types of resistances occur
due to evaporation, condensation and axial conduction. To establish a thermal
resistance network model for the grooved heat pipes, these different types of
resistance should be calculated. In this section, details of these resistances are

explained in detail.

2.4.2.1 Thermal Resistance Model for Evaporating Section

To calculate the overall equivalent resistance at the evaporating cross section
(R°), a one-dimensional thermal resistance network is established between the

base temperature at the evaporating region (7y) and the vapor temperature, T,,.
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This model includes resistances due to the conduction in both solid and liquid,

and phase change on the liquid-vapor interface. The schematic representation

of these resistances is illustrated in [Figure 2.4!

(0,0)
Wi

e
£y
,,,,,,,, A4
b SR;,
R
050, > 0.5w, >

Figure 2.4: Schematic representation of the thermal resistance network at an

evaporating section

Fin side resistance (R%), groove side solid (Rg,) and groove liquid (Rj,) re-
sistances at the evaporating region occur due to conduction throughout the
solid and the liquid that compose the heat pipe. To calculate these resistances,
Fourier’s law of conduction is used, and the resistances per unit length are found

as follows:

~ hy+ by —0.5(2, — x0)

a(05w)) (2.19)

Ity
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hy
R, =—- 2.20
97 ks(0.5wy) (2.20)

€ hgzl

=9 2.21
T Ey(0.5w,) (221)

At the top of the fin where the triple line occurs, there is a thin liquid film,
and most of the heat evaporates from this region . Therefore, the thin film
resistance (Rf;) should be modeled accurately to obtain the correct equivalent
resistance in an evaporating section. illustrates the schematic rep-
resentation of the thin film resistance network at the evaporating region. To
calculate the thin film resistance (Rf;), thin film region is divided into discrete
finite sections, and each discrete section has two resistances, namely the resis-
tance due to liquid in the thin film (R;;) and phase change resistance at the
liquid surface (Rf;,.).

e

"ﬁI@
+

7
7

i

(Rize)
\_\_Y"i_\_\_{" AN

Figure 2.5: Schematic representation of the thin film resistance network at an

evaporating section

To calculate the thin film liquid resistance (Rf;;), an average thickness, (d,), is
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required for each discrete finite sections and this is calculated using the area of
each region via Eq. [2.22] Then, the resistance due to the conduction through
the liquid per unit length is calculated using Eq. since it is so thin that

there is no convection in the film.

N (wg - VR? - 1:2) dx

5, =
(In - In—l)

(2.22)

On

—k:l(xn o (2.23)

( sz,l)n =

Another resistance in the thin film region occurs on the liquid-vapor interface
due to phase change and this resistance will be named as the thin film phase
change resistance (R ,,.) in the current study. While calculating the resistance,
the evaporating mass flow rate from the thin film region that can be calculated

with the formula that was derived by Sujanani and Wayner [101], Eq. [2.24] is

used.
m/e/vap = a<ﬂv - T”U) (224)
where
26 M N\Y? [ Mp,hy,
o= O'A ( ) Dul (225)
2 — 0 27TRuﬂv RuTvﬂv

I

Tap)> can also be calculated using the enthalpy

Evaporating mass flow rate, (1

of evaporation and the evaporating area as showed in Eq. [2.26]

. Q
m/e/vap == m (226)

By combining Egs. 2.24 and [2.26], the thin film phase change resistance per unit
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length (R, ) is calculated as follows:

(Rifpe)n = ! (2.27)

- ahysy(Sn — Sp—1)

The overall resistance in the thin film region (Rf;) is calculated by the combina-

tion of series and parallel connections of Rf;; and Rj; ,. as given in [Figure 2.5,

The overall resistance in the thin film region (Rj;) is calculated as follows:

-1

p 1
= 2 | o+ (R

(2.28)

The last resistance to be used in the calculation of the overall evaporating region
resistance (1) is the film resistance on the groove side (R ;). is the
schematic representation of the thin film resistance network in an evaporating
section. To calculate thin film resistance (R,), thin film region is divided into
discrete finite sections, and each section has two resistances, namely the resis-
tance due to liquid in the thin film (R,;) and phase change resistance at the

liquid-vapor interface (R ).
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Figure 2.6: Schematic representation of the film resistance network on the groove

side of an evaporating section

A procedure identical to the one used to calculate Ry is applied in the calculation
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of the film resistance on the groove side (R; ;). First, an average thickness, (0,,4),
is calculated for each discrete section, then the resistance due to the conduction

through the liquid per unit length is calculated with Eq. [2.30]

_ o (hf —hgy — \/W) dy

ng = (2.29
g = )
50,
i = ————— 2.30
Far) ki(Yn — Yn—1) (2:30)
and the phase change resistance is calculated as follows:
. 1
( gf,pc)n - (231)

- ahyg(Sn — Sp—1)

The overall resistance in the groove film region (R ) is calculated by the combi-
nation of series and parallel connections of Ry ., and R, . as given in [Figure 2.6,

The overall resistance in the groove film region (R5,) is calculated as follows:

P 1

=3 o <sz,pc>n>l (232

Electrical analogy representation of the resistances that are introduced in Fig-

ures (2.4H2.5)) in the thermal resistance network is shown in [Figure 2.7]

Finally all those resistances which are calculated separately are brought together,

and the overall resistance for the evaporating section (R¢) is found as follows:

1 1
Re = e e e + e e e (233)
9%+ R+ Ry Ry, + R+ R,
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Figure 2.7: Electrical analogy of the thermal resistance network at an evaporat-

ing section

2.4.2.2 Thermal Resistance Model for Condensing Section

To calculate the overall equivalent resistance at an evaporating cross sectional
slice (R), a one-dimensional thermal resistance network similar to the one es-
tablished in Section [2.4.2.1]is generated for the condensing cross section between
the base temperature at the condensing region (7) and the vapor temperature
(T},). In addition to resistances that are introduced in the Section 2.4.2.1] re-
sistance due to condensation of the working fluid at the fin top (R%;) is added
to thermal resistance network. shows locations and relations of the

resistances that occur in the condensing cross section.
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Figure 2.8: Schematic representation of the thermal resistance network at an

condensing section

While calculating the resistances at the fin (R%), the solid (R ,), and the liquid
in the groove (R ), an approach identical to the one used in Eqgs. (2.192.21)) is

applied, and resistances per unit length are calculated as follows:

R} =

- hb + hf - 05(1’m - 1‘0)

2.34
he
.= 2.
e = (0 5wy) (2:35)
T (2.36)

P 1(0.5w,)

41



The additional resistance at the fin top (R%,) due to condensation of liquid is
calculated by using film thickness that occurs at the top of the fin. To calculate
the variation of the film thickness on the top of the fins at condenser, a 4" order

polynomial approach (Eqn. [2.37)) that was proposed in [76] is adopted to this

model.

2 3 4
(5(u)=co+61 <U—u;f)+62 (u—u;f) +c3 (u—u;f> +cy <u—U;f> (2_37)

The coordinate system that is defined for the film thickness variation on the

fin top is introduced in [Figure 2.8 and the constants (c;, ¢o, ¢3, and ¢4) are

calculated subject to the following boundary conditions:

do
T 0 at u=0 (2.38a)
L)
d5 wf
I N (2.384)
du? ) )

Then, the 4" order polynomial (Eqn. [2.37) is solved subject to the boundary
conditions (Eqns 2.38d)), and the coefficients (¢;—¢4) are calculated as fol-

lows:

¢ = —tan(n/2 — O) (2.39a)
=0 (2.39D)
2
N (2.39¢)
ws



_ ey

4 (2.39d)

w
The remaining constant ¢ is the minimum value of the film thickness that occurs
at the corner of the fin top, and the total mass flow from this region is equal to
the total condensation mass at the fin top. To calculate ¢q, condensation mass

flux calculation from kinetic theory that is introduced in Eqn. [2.40|is used.

o d ( 3d35> a(Ty —T,) + b(P — P,)

il Z ) = = 2.40
3vdu du3 1+ adhy, [k ( )

where hy, is the latent heat of vaporization and k; is the thermal conductivity
of the liquid. Integration of the left hand side of the Eqn. [2.40| gives the total

mass flow, and it is calculated as:

’ o
condensation v

m 6cocs (2.41)

However, right hand side of the Eqn. [2.40] can not be calculated analytically.
Therefore, an iterative procedure is applied the Eqn to calculate the c¢g.

f

wi/2 o(T, — T,) + b(P, — P,
= i60?’)03 / 72 al(Tw = To) + b(F: v)du (2.42)

3v 1+ adhy, [k
Condensation resistance that is occurred at the fin top of the condensation re-
gion (R%;) is connected to the resistance at the thin film region (Rf;) in parallel.
Therefore, fin top resistance (R%,) reduces the overall resistance in the condens-
ing region, and it should be calculated accurately. Thus, dividing the fin top
region into discrete finite sections that is applied in the thin film and the groove
film regions for the thermal resistance calculation of the evaporating region is
also applied to the calculation of the fin top resistance (R%,). |[Figure 2.9 il-
lustrates the schematic representation of the fin top resistance network at the
condensing region. To calculate fin top resistance (R%;), thin film region is
divided discrete finite sections, and each section has two resistances that are

resistance due to liquid (R§,;) and phase change resistance at the liquid surface

( ?t,pc)'
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Figure 2.9: Schematic representation of the thermal resistance network at the

fin top of a condensing section

Then, the resistances R}, ; and R}, . are calculated by using an approach similar

to the one used to calculate Rj; and Rf, in the Section [2.4.2.1}

c 57"0
( ft,l)n - k:(

\Un — un—l)

(2.43)

1

- ahysg(sn — sp—1)

( ;t,pc)n (244)

c P 1 !
tf‘?(( ot ;t,pan) (2:45)

The thin film (Rf;) and the groove film resistances (R{;) also occur in the
condensing sections , and as in the evaporating case, these resistances
have both liquid and phase change components. These liquid and phase change
resistances are designated by Ry, and Rf; . for the thin film region, and by Rf
and RS, . for the groove film region. While calculating these film resistances,

gf.pc

exactly the same approach that is explained in Figures and is applied,
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and formulated as follows:

5
¢y = ————— 2.4
( tf,l)" kl(l‘n — xn—l) ( 6)
(Rifpe)n = L (2.47)
7p ahyg(sn — Sp—1)
p 1 -1
c _ 2.48
=2 ((Rff,»n T <Rff,pc>n> (248)
On.g
¢y =—t 2.4
SR ki(Yn — Yn—1) (2:49)
1
(Rg s pe)n = (2.50)

B ahsg(sn — sp-1)

c « 1 !
o z1: <(R§f,l)n + (Rgf,pc)) (251)

Finally, the electrical analogy of the thermal resistance network in the con-
densing sections is illustrated in and the overall resistance for the

condensing section (R°) is calculated as follows:

—1
1 1
RC = c c c c + c c c > (252)
(be+Rf+(1/Rtf—|—1/th)1 Rgb—{—Rg’l—%—Rgf
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Figure 2.10: Electrical analogy of the thermal resistance network at a condensing

section
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2.4.2.3 Thermal Resistance Model of Axial Conduction

The only remaining resistance for the complete thermal model that is introduced
in Figures (2.1]and is the resistance that exists along the heat pipe, namely
axial resistance (R,;). While calculating the axial resistance, only the solid is
accounted for in the resistance calculations since the thermal conductivity of the
solid is much larger than the liquid. Higher conductivity means lower thermal
resistance; therefore, the effect of thermal resistance due to the the liquid is not

included.

Axial resistance is calculated based on the details of the geometric parameters

of the groove ([Figure 2.11)). In addition to the groove details, if the heat pipe

has structures such as side walls that would affect the conduction heat transfer,

these structures are also included to the thermal resistance calculation.

E(—PE

0.5Wf 0.5Wg

Figure 2.11: Dimensional parameters of an axial conduction thermal resistance

Finally, axial thermal conduction resistance per unit length is expressed as:

1

Rar =
O.5ks(wf(hb + hf) + wghb)

(2.53)

47



2.5 Numerical Model Validation

In this section of the present study, the numerical model for grooved heat pipes
will be compared to previous studies for validation. The numerical model that
is developed in the present study calculates the radius of curvature along the
heat pipe. The first study that is used for the validation is Lefevre et al. [83]
because of their ability to measure radius of curvature with confocal microscopy
in a rectangular groove with constant cross section. The second study was also
conducted by Lefevre et al. [102], and unlike [83], a heat pipe with a rectangular
groove with variable cross section was studied. Finally, experimental results
of the overall thermal resistance for grooved heat pipes that were reported by
Hopkins et al. [15] will be compared with the numerical model of the present

study.

2.5.1 Results for straight grooves with constant cross section

Lefevre et al. [83] conducted an experimental and numerical study for the flat
plate heat pipe with rectangular grooves with constant cross sectional area
throughout the heat pipe. The experimental component included measuring
the radius of curvature and temperature distribution along the heat pipe for
three different heat fluxes: 0.5 W/cm?, 0.7 W/cm® and 0.9 W/cm®. The nu-
merical part included coupled solution of mass and momentum equations in
both liquid and vapor domains together with Young-Laplace equation and a

multi-directional thermal resistance network.

Physical properties in Table are implemented to the numerical model and
solved with the geometric function derived for the rectangular groove (Eqn. [2.16)).
Since groove width and groove height are constant along the heat pipe, w(z) and
h(z) are, w and h as specified in Table , during the calculation of pressure
variation based on the Eqns. [2.18a] [2.18b], and 2.18¢, Simulations are conducted
for both the two-node (see and the multi-slice (see ther-

mal resistance models, and are repeated for all three heat fluxes (0.5 W /cm®,

0.7 W/em®, and 0.9 W/em®) at 70°C vapor (working) temperature and com-
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pared with both experimental and numerical results of [83].

Table 2.1: Physical dimensions of the heat pipe in the [83]

Heat pipe material Copper
Working fluid Methanol
Evaporator length (mm) 190
Adiabatic length (mm) 10
Condenser length (mm) 30
Total length (mm) 230
Groove height (mm) 0.38
Groove width (mm) 0.4
Fin width (mm) 0.4
Base thickness (mm) 2
Vapor (Working) temperature (°C) 70

Then, the numerical model calculates the pressure variation and the temper-
ature distribution along the heat pipe by using the solution procedure that is
introduced in [Figure 2.3, According to this solution procedure, either the con-
denser or the ambient temperatures are specified at the beginning of the simula-
tions to calculate temperature dependent thermo-physical properties. However,
Lefevre et al. [83] kept the vapor (working) temperature constant throughout
their experimental and in the numerical studies for all heat fluxes. Therefore, the
cooling conditions of the current numerical model are used to give the specified

vapor (working) temperature of |[83] which is 70°C.
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Figure 2.12: Radius of curvature and wall temperature as a function of non-

dimensional axial distance: (a) ¢” = 0.5 W/cm®, (b) ¢/ = 0.7 W/em?, (c)

¢" = 0.9 W/em®.

After calculating the pressure variation along the heat pipe, radius of curva-

tures are calculated via the Young-Laplace equation and pressure distributions
for three different heat fluxes. shows the variation of the radius

of curvature and the temperature distributions along the heat pipe. Blue dots

show experimental results measured with thermocouples and a confocal mi-

croscope, for the temperature distribution and the radius of curvature, respec-

tively. Red dotted lines indicate numerical results of . In addition, yellow

lines and purple dots show the calculated results of the current study; in which

yellow lines refer the results of multi-slices thermal model and purple dots re-



fer the results of two-node thermal model. Since the two-node thermal network
model consists of only evaporator, condenser and vapor (working) temperatures,
evaporator and condenser temperatures are assumed to be constant along their
corresponding regions. At the adiabatic region, a linear temperature variation
is assumed between evaporator and condenser temperatures. Left column indi-
cates the variation of the radius of curvature, whereas right column indicates

the variation of the wall temperature.

The variation of radius of curvature estimation of the current model along the
heat pipe for all heat flux combinations are in good agreement with experiments.
Moreover, shows that the numerical model simulates the experimen-
tal results of [83] more precisely for radii of curvature especially in the condenser
and the adiabatic regions compared with the results of the numerical model of

83).

On the other hand, the numerical model estimates the results of the tempera-
ture distribution along the heat pipe approximately 1°C higher at the evapora-
tor and 1°C lower at the condenser compared to both the experimental and the
numerical results of [83] for all three heat fluxes at the 70°C vapor (working)
temperature. The reason of the differences between the current study and the
study of Lefévre et al. [83] is attributed to the 4 order polynomial approxima-
tion to calculate film thickness that occurs at the top of the fin (see Eqn. [2.37)),
which will be discussed in Chapter [3]

2.5.2 Results for straight grooves with variable cross section

Lefevre et al. [102] conducted an experimental study for the flat plate heat
pipe with rectangular grooves with variable cross sectional area. The heat pipe
was made of silicon wafer and the working fluid was methanol. The heat pipe
was tested for five different heat fluxes; however, measurements for the radius
of curvature along the heat pipe were obtained for 4.4 W/ cm?, 6.4 W / cm” and
8.4 W/ cm? using confocal microscopy. Authors stated that there were no studies
(either experimental or numerical) in the existing heat pipe literature to compare

their results.

o1



Table 2.2: Physical properties of heat pipe in [102]

Heat pipe material Silicon
Working fluid Methanol
Evaporator length (mm) 5.6
Adiabatic length (mm) 10
Condenser length (mm) 16.4
Total length (mm) 25
Groove height (mm) 0.2
Groove width variation (mm) 0.11 — 0.67
Base thickness (mm) 0.325
Vapor (Working) temperature (°C) 30

The numerical model developed in this thesis has the ability to simulate straight
rectangular grooves with variable cross sectional area by inserting correct rela-
tions for the variation of the width, w(z), and height, h(z), of the groove along
the heat pipe axis. Since the height of the groove is constant along the heat
pipe, h(z) is replaced with h as specified in Table . However, the width varies
linearly along the heat pipe. Therefore, the linear variation of the width is for-
mulated as w(z) = w; + wyz where w; and wy are constants. For the specific

case of [102], w; = 1.1 x 107* m and wy = 2.43 x 1072 m.

Lefevre et al. |[102] measured the vapor (working) temperature during experi-
ments which was a constant at 30°C for all heat fluxes. Therefore, the cooling
conditions of the current numerical model are used to give the specified vapor
(working) temperature, 30°C, similar to the previous section, to simulate the

heat pipe in [83].

Simulations are repeated using constant groove height, h, and the linear vari-
ation of width, w(z), for three different heat fluxes (4.4 W/em? 6.4 W/cm®
and 8.4 W/ cm2). The thermophysical properties used in these simulations are
presented in Table [2.2] The radius of curvature predictions of the current study

along the heat pipe are compared with the experimental results of [102].
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shows the variations of the radius of curvature along the heat pipe
at vapor temperature 30°C for three different heat fluxes. Blue line shows the
ratio of the cross sectional area along the groove of the heat pipe to the area
at the beginning of the evaporator. Blue dots are the experimental results of
1102] measured using confocal microscopy. Yellow lines indicate the calculated
radius of curvatures along the heat pipe of the current approach. Results shows
that the numerical model simulates the experimental results of sufficiently

accurate for the rectangular grooves with variable cross sectional area.
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Figure 2.13: (a) cross sectional area variation in the grooves and radius of curva-
ture variation along the non-dimensional axial distance: (b) ¢ = 4.4 W /em?,

(c) ¢" = 6.4 W/em?®, (d) ¢" = 8.4 W/cm”.

2.5.3 Results for straight grooves for different heat loads

Hopkins et al. conducted an experimental study for three different heat
pipes. Two of them had trapezoidal grooves and the last one had rectangular
grooves. These heat pipes were tested for 15 different heat loads between 3 W
and 127 W, and overall thermal resistances were reported. The overall thermal
resistance was calculated by dividing the temperature difference between the two

ends of the heat pipe by the total heat input. Since the numerical model that is
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developed in the present study simulates the thermal performance of heat pipes
with rectangular grooves accurately, a comparison is presented with the thermal
resistance results of the rect